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sideration. If an author desires, he may request that a paper also be considered for 
presentation at one of the Society’s meetings. Presentation before a meeting, however, 
is not a prerequisite for publication. An Author’s Guide covering the preparation of 
papers for publication is available from Society Headquarters on request. 
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ASLE TRANSACTIONS 5, 287-296 (1962) 


Compatibility of Lubricants with Missile Fuels 
and Oxidizers 


' By KURT R. FISCH,! LOUISE PEALE,? JOSEPH MESSINA,? 
and HENRY GISSER®* 


A variety of compounds was studied to determine their suitability as lubricants in the presence of 
fuels and oxidizers used in missile systems. The classes of compounds studied were the halogenated 
aliphatic and aromatic hydrocarbons, the silicon and perfluoro compounds, esters, ethers, and com- 
pounds containing nitrogen. The fuels and oxidizers included ethyl alcohol, hydrocarbon fuel, 
unsymmetrical dimethylhydrazine, diethylenetriamine, a mixture of the latter two, hydrogen 
peroxide, inhibited red fuming nitric acid, and liquid oxygen. The most promising compounds were 
studied for their extreme pressure, antiwear, volatility, and viscometric properties. 

Three compounds were found to be completely inert (unreactive and insoluble) with all the 
fuels and oxidizers. One was a liquid (perfluorotributylamine) and the other two were solids 
(polytetrafluoroethylene and tetrafluoroethylene-hexafluoropropylene copolymer). The perfluoro- 
tributylamine exhibited adequate lubrication properties except for excessive volatility. The prepara- 
tion of higher homologs of this compound is expected to remedy this shortcoming. The poly- 
tetrafluoroethylene and the copolymer may find application as components of a grease type 
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lubricant. 


Introduction 


Tue use of liquid fuels and oxidizers as the propellant 
system of missiles imposes a special requirement on the 
lubricants for such missile systems. This requirement is 
that the lubricant must be inert (insoluble and unre- 
active) to the fuels and oxidizers. This requirement is an 
important one because the fuels and oxidizers are powerful 
solvents and highly reactive materials, and because their 
contact with incompatible substances may lead to serious 
malfunction or even to an explosive reaction, resulting in 
destruction of the missile. 

The missile lubricant problem is further complicated by 
the need for a single lubricant which meets all the require- 
ments. The probability of an error, i.e., the use of the 
wrong lubricant in a specific application, increases enor- 
mously with the number of lubricants required for the 
entire system. Since the consequences of an error may be 
very serious, it is essential that the number of lubricants 
be reduced to a minimum and, ideally, to a single lubri- 
cant. 
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The development of missile technology has been ac- 
companied by tests on a variety of materials for use as 
lubricants. The studies led to the adoption of a multiple 
lubricant system (1) in which a different lubricant is used 
for each fuel and each oxidizer (Table 1). 


TABLE 1 
Missile Lubricants 





System Lubricants 


PTFE, Molybdenum disulphide, 
particle size 644, maximum 
Gasoline resistant grease meeting 

specification MIL-G-6032 
Oil, silicone, DC-200, 350 Cs. Low 
vapor pressure (1 X 10-3 mm 





Liquid oxygen 
Kerosene or JP-5 


60% Unsymmetrical dimethyl- 
hydrazine, 40% diethylene- 


triamine Hg at 300C) hydrocarbon 
grease, mol. wt. 2122 
Alcohol Low vapor pressure (1 X 10-4 


mm Hg at 300C) hydrocarbon 
grease, mol. wt. 2122 
Trifluorovinyl chloride polymer 
oil, 45 Cs. at +160F 
Trifluorovinyl chloride polymer 
grease 


76% Hydrogen peroxide 


90% Hydrogen peroxide 





These lubricants have enabled development and testing 
of liquid propellant missile systems, but suffer from very 
obvious shortcomings. Use of the multiple lubricant 
system not only creates a cumbersome supply problem 
but,.as has already been indicated, may lead to errors 
in use. These errors may have particularly serious con- 
sequences because the lubricants used are, in most in- 
stances, not compatible with fuels or oxidizers except with 
the specific one for which each is intended. There are 











288 K. R. Fiscu, L. PEALE, J. MEsSsINA, AND H. GISSER 


other problems associated with the present lubricant 
system, such as compromises in the low temperature 
properties and, in some instances, incomplete resistance 
to the pertinent fuel or oxidizer. For example, no com- 
pletely satisfactory lubricant for use in the presence of 
unsymmetrical dimethylhydrazine is available (2). 

In addition to compatibility considerations, the lubri- 
cant must possess other requirements such as physical, 
chemical, and thermal stability, appropriate friction, wear 
and lubrication characteristics, low volatility, no cor- 
rosivity, inertness to elastomers, and usefulness over the 
required temperatures. 

The reactivity of the oxidizers and the range of polarity 
of the fuels from the highly polar unsymmetrical di- 
methylhydrazine to the nonpolar hydrocarbons present a 
major problem in the development of a missile lubricant. 
The materials used for conventional lubricants, both syn- 
thetic and petroleum, are completely unsuitable as missile 
lubricants because of their solubility in and reactivity 
with fuels and oxidizers. As a result, it is necessary to 
explore other classes of materials. Considerable experi- 
mental work, mainly with elastomers and sealants, has 
been done on the reactivity of materials with fuels and 
oxidizers. Very little of this work, however, has been in 
connection with lubricants. 

The work reported here was undertaken to develop a 
lubricant system for missiles which employ liquid fuels 
and oxidizers as a propellant system. While most of the 
compounds tested were fluid, some solids were tested to 
obtain information on dispersed (solid) phases for 
greases and to augment the data on the relationship of 
structure to compatibility. 


Materials 


Materials included in this investigation were, for the 
most part, compounds which had been synthesized in 
recent researches on high temperature materials. There 
were also included recently developed materials now avail- 
able on a commercial basis. Some of the latter are not 
completely chemically characterized because the method 
of preparation may lead to mixtures of materials of un- 
certain structure. The selection of materials was guided, 
as already indicated, by earlier work on compatibility of 
materials with powerful solvents and reactive compounds 
used as fuels and oxidizers in missile systems. The com- 
pounds for tests were obtained through the cooperation 
of university laboratories, government agencies, and 
commercial suppliers. Most of the compounds contain 
fluorine. In many instances the compounds tested were 
impure; this became evident during the tests when there 
were indications of partial solubility or chemical re- 
activity, such as color changes which were not ac- 
companied by solubility or other evidence of reactivity. 
Compounds that have only recently been synthesized and 
which have not been made in more than one laboratory 
are often not well characterized and may be impure. One 
would also not expect high purity in commercial materials. 
The nature of the compatibility tests is such that im- 


purities may cause misleading data and, as a result, 
particular attention was paid to observations which might 
be indicative of impurities and steps were taken to 
eliminate errors in the data due to impurities. It is 
inevitable, however, that in some instances there were 
impurities which were not observed and to some small 
extent the data may be clouded by the presence of im- 
purities that were undetected. In some cases, further 
samples of the same compound from later experimental 
batches were obtained. In still other cases, samples from 
later experimental batches, which had been further 
purified, were obtained. The experimental data on some 
of these different batches of presumably the same mate- 
rial showed differences in properties. In general, these 
differences may be due to impurities. 


Compatibility tests 
Test PROCEDURE 
Contact Tests 


All contact compatibility tests were run at 77 + 2 F 
using a method similar to that outlined by Riehl (7). The 
following procedure was used: Preliminary experiments 
were first run on small quantities of material to insure 
that there was no dangerous explosive reactivity. Where 
there was no immediate violent reactivity, tests were 
continued using suitable precautions against later re- 
activity in the following manner. To 1.0 ml of test 
reagent (fuel or oxidizer) in a 5-ml graduated cylinder 
there was added 1.0 ml of the material being tested, drop- 
wise with shaking. Visual observations, preceded by 
shaking and settling were made after 5 minutes and 1, 24, 
48, and 72 hours. Solid materials were tested in the fol- 
lowing way: 1 gm of the material (if not in powdered 
form) was separated into pieces of approximately 0.03 gm 
and one piece was added to 1.0 ml of the test reagent with 
thorough shaking and observation for solubility or reac- 
tion. If there was evidence of solubility, further incre- 
ments were added with shaking until the last increment 
added did not show signs of solubility. Greases were tested 
in a similar way. 

Visual observations included violent reaction (X), 
precipitation (P), gelation (G), evolution of gas (E), 
evolution of heat (Q), miscibility or solubility (M), color 
change (C), inertness (1), the last indicating no visual 
evidence of solubility or reactivity. The letters are used 
in the tables to indicate the observed changes. In many 
instances more than one change is observed. To avoid 
complicating the tables, a priority system was used to 
present the data in the tables. The priority sequence is 
X, P or G, E, Q, M, C, I. An observation cited in the 
tables by a letter indicates that no reaction corresponding 
to a letter preceeding the cited one occurred. Numbers 
given in the tables represent the per cent change in 
volume of the layer of the material being tested. These 
have the same priority position as M. 


Observations were made over a 72-hour period only 
when there was no evidence of solubility or reactivity be- 
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fore that time. When the data in the tables indicate that a 
particular material was inert, this means that there was 
no change after 72 hours. 

Prior to tests with hydrogen peroxide, the glassware 
was pretreated as described by Bloom et al. (3). In many 
instances the amount of material available for test was 
too small to permit tests on 1 ml. These tests were run on 
a 0.05-ml sample using a hematocrit tube. The precision 
is approximately the same as using a 5 ml graduated 
cylinder. The fuels and oxidizers used in these tests were: 
ethyl alcohol (EtOH), hydrocarbon fuel (JP-4), un- 
symmetrical dimethylhydrazine (UDMH), diethylene- 
triamine (DETA), a 60-40 blend of the last two, re- 
spectively (U-DETA), 90% hydrogen peroxide (HO) 
and inhibited red fuming nitric acid (IRFNA). 

Whenever there were indications of impurity, the un- 
reacted or insoluble test material was withdrawn and 
retested with fresh reagent. In a few cases the materials 
were partially purified, then retested. In the one instance 
of perfluorotributylamine, extensive purification was un- 
dertaken to study the compound further. 


Impact Tests 


Impact tests were run with liquid oxygen only. These 
tests were limited to those materials which were promising 
in the contact compatibility tests. Materials are con- 
sidered compatible with liquid oxygen if they withstand 
twenty separate impact tests in the apparatus described 
in Ref. (4). There must be no flashes, detonations, or 
other indications of sensitivity during these tests, which 
are carried out at an impact energy level of 10 Kg-M. In 


some cases, tests were made at lower impact energy levels 
to indicate the relative sensitivity of some of the mate- 
rials studied. 

Test RESULTS 
Halogenated Aliphatic Hydrocarbons 


Test results given in Table 2 show that these com- 
pounds were all inert with the oxidizers. Highly fluo- 
rinated compounds, such as polytetrafluoroethylene (No. 
1), tetrafluoroethylene-hexafluoropropylene copolymer 
(No. 2), perfluoro kerosene (No. 5) and fluorinated hy- 
drocarbon (No. 12), were, as expected, also insoluble 
in EtOH and JP-4. All other compounds containing 
chlorine—and this also applies to other classes of com- 
pounds tested—reacted with or were soluble in DETA, 
U-DETA, and UDMH. UDMH is a strongly basic com- 
pound which may react readily with halides to form sub- 
stituted hydrazines, hydrazonium, or azinium salts (5). 
Reactivity of DETA with halides is also to be expected 
because the former is strongly basic. The only exception 
to this reactivity was polychlorotrifluoroethylene (No. 4), 
which was insoluble in DETA. The polytetrafluoro- 
ethylene (No. 1) and the tetrafluoroethylene-hexafluoro- 
propylene copolymer (No. 2) were inert in all fuels and 
oxidizers. 


Silicon Compounds 


The data on silicon compounds are given in Table 3. 
As a class they are preponderantly incompatible with 
JP-4. Fluorine content does not appear to play a 
significant role in the solubility data. The miscibility of 
all the compounds tested with UDMH would indicate that 


TABLE 2 
Solubility and Reactivity of Halogenated Aliphatic Hydrocarbons* 











No. Compound? EtOH JP-4 DETA UDMH  U-DETA H.,0,, IRFNA 
1 Polytetrafluoroethylene¢ I I I I I I I 
2 Tetrafluoroethylene-hexafluoropropylene 

copolymer® I I I I I I I 
3 Polychlorotrifluoroethylene (mol. wt. < 800) M M G M P I I 
4 Polychlorotrifluoroethylene (mol. wt. > No. 3) I M I M 60 I I 
5 Perfluorokerosene I I G G G I I 
6 Dispersion of polytetrafluoroethylene in 

trichlorotrifluoroethane¢ I M : M Cc I I 
7 Perchloropentacyclodecane 

(5.2.1.07,6 .03,9 .05,8) ¢ I 10 M 80 Ss I I 
8 Perfluorodiethylcyclohexane (mixed isomers) I I G G G I I 
9 Dichlorodecafluoroheptane I M xX xX Xx I I 
10 Chlorofluoro hydrocarbon 

(approx. mol. wt. 725) I M G 4 G I I 
11 Chlorofluoro hydrocarbon 

(approx. mol. wt. 1000) I I P r G I I 
12 Fluorinated hydrocarbon 

(774% F approx. mol. wt. 640) I I G G G I I 
13 Polychlorotrifluoroethylene 

(approx. mol. wt. 775 80% halogens) I M 2 M P I I 
@ X = violent reaction, P = precipitate, G = gel, E = evolution of gas, = exothermic reaction, M = miscible or soluble, C = color 


change, I = inert. A number is the per cent change in volume of the layer of material being tested (per cent dissolved in the case of solids). 


> Liquid unless otherwise indicated. 
¢ Solid. 
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a single lubricant system resistant to UDMH will not form solubility in unsymmetrical dimethylhydrazine is 
likely be made from silicon compounds. again evident here. 
Esters Aromatic Hydrocarbons 
Data on the esters are in Table 4. The esters as a Compatibility data on these compounds are presented 
class do not appear to be very promising, with the pos- in Table 5. With one exception, the presence of fluorine 
sible exception of the fluoroalkyl camphorates. The uni- did not decrease the reactivity of the aromatic ring with 
TABLE 4 
Solubility and Reactivity of Esters 
No. Compound? EtOH jP-4 DETA UDMH  U-DETA H,0, IRFNA 
35 Mixed fluoroalkyl camphorates 
fluoroalkyl—HCF,(CF,),,CH, —, n = 3,5,7 M I I M M I I 
36 Bis-1H,1H,5H-perfluoropentyl camphorate M I M M M I r 
37. Mixed fluoroalkyl camphorates (No. 35 purified) M I P M M I I 
38 Bis-1H, 1H, 11H-perfluoroundecyl camphorate® I 10 10 M 10 I 10 
39 Tetrabutyl pyromellitate M M M M M I M 
40 Mixed fluoroalkyl pyromellitates M I G G G I 70 
41 Bis(2,2,3,3,4,4,5,5-octafluoropenty]) 
3-methylglutarate M I I M P I P 
42 Bis(2,2,3,3,4,4,5,5,6,6,7,7-dodecafluorohepty]) 
3-methylglutarate M I I M , I P 
43 2,2,3,3,4,4-Hexafluoropenty] 1,5-bis 
(trimethylacetate) M M I M M I M 
44 2,2,3,3,4,4,5,5-Octafluorohexyl 1,6-bis 
(trimethylacetate) M M I M M M M 
45 2,2,3,3,4,4,5,5-Octafluorohexyl 1,6-bis 
(3,3-dimethylbutyrate) M M I M M M M 
46 Bis(1-methylcyclohexylmethy]) sebacate M M 60 M M I I 
47 Diethylene glycol succinate polyester M I M M M M M 
48 Poly(1,1,5,5-tetrahydrohexafluoropentamethylene 
adipate) ¢ I G M G I I 
49 Bis(2-ethylhexyl) chlorendate M 40 M 50 I 60 
50 Dibutyl chlorendate 10 M M M M I M 
@ Code same as that in Table 2. 
> Liquid unless otherwise indicated. 
¢ Solid. 
TABLE 5 
Solubility and Reactivity of Halogenated and Nonhalogenated Aromatic Hydrocarbons 
No. Compound? EtOH JP-4 DETA UDMH  U-DETA H,0, IRFNA 
51 3-Heptyl-m-terphenyl I M M M 20 I xX 
52 Isopropyl-m-terphenyl I M M M 20 I X 
53 Dinonylnaphthalene (mixed isomers) I M I M 60 I G 
54 p-Chlorobenzotrifluoride M M M M M 10 M 
55 2,5-Dichlorobenzotrifluoride M M M M M I M 
56 2-Fluorobiphenyl¢ 20 M M M M I xX 
57 3,3’-Difluorobiphenyl¢ M M M M M I x 
58 4,4’-Difluorobiphenyl¢ 50 10 M M M I Xx 
59 3,6,4’-Trifluorobiphenyl¢ M M M M M I x 
60 2,4,6,3’,5’-Pentafluorobipheny] Z I M M M 10 x 
61 2,3,5,6-Tetrachlorofluorobenzene® 10 M G M G I C 
62 1,3,5-Trimethyl-2,4,6-trifluorobenzene® 10 M 10 10 10 I xX 
63 1,3,5-Trimethyl-2,4-difluorobenzene M M 20 M M I xX 
64 Hexafluorobenzene M M 20 M G I M 
65 Bromopentafluorobenzene M M Q x G c Cc 
66 Chlorotetrafluorobenzotrifiuoride M M G x x M M 
67 1,3-Bis(trifluoromethy]) benzene M M I M M I I 








@ Code same as that in Table 2. 
> Liquid unless otherwise indicated. 
¢ Solid. 
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IRFNA. The exception is 1,3-bis (trifluoromethyl ) benzene 
(No. 67), which was inert with the acid. The compound 
1,3,5-trimethyl-2,4,6-trifluorobenzene (No. 62) was only 
slightly soluble in UDMH in contrast to the other fluo- 
rinated aromatics. Low solubility in UDMH is suf- 
ficiently unusual to make the compound of particular 
interest. 


Ethers 


Data are given in Table 6. The observation on the 
aromatic ethers are similar to those observed with hydro- 
carbons, i.e., all the aromatic compounds react with 
IRFNA, irrespective of their fluorine content. With few 
exceptions the amines dissolve the compounds readily. 
There are, however, some interesting observations to be 
made of solubility as a function of structure. For example, 
the solubility of the difluorodimethoxy biphenyls (Nos. 74 
and 75) is very much lower than the solubility of difluo- 


robiphenyl (No. 57) (Table 5). An explanation for this 
difference is not readily available. The phenoxyphenyl 
ethers (Nos. 68 and 73) indicate that a change in the 
substituent from the meta to the para position produces 
a significant decrease in solubility. The mixed perfluo- 
rocyclic ether (No. 81) shows a relatively low solubility 
in UDMH. 


Nitrogen Compounds 


Data on nitrogen compounds are given in Table 7. The 
item of interest here is the compound perfluorotributyl- 
amine (No. 89). This was the only liquid compound 
found to be compatible with all of the fuels and oxidizers. 
It should be noted that the results given on perfluorotri- 
butylamine are on a purified sample. When the com- 
mercial sample was first tested, there was some indication 
of a reaction (color change) with UDMH. Because there 
was no solubility, an impurity was suspected. The ap- 

















TABLE 6 
Solubility and Reactivity of Ethers 

No. Compound? EtOH JP-4 DETA UDMH  U-DETA H,0, IRFNA 
68 Bis(m-phenoxypheny]) ether I M M M M I xX 
69 -Bis(m-trifluoromethylphenoxy ) benzene M M M M M M Cc 
70 Tetrachlorodiphenyl ether¢ I M M M M G M 
71 1,4-Bis(cresoxy) benzene (mixed isomers) I M M M M I xX 
72 CF,CF,O(CF,).SF;, M I I P M I M 
73 Bis(p-phenoxypheny]) ether I I 50 50 80 i xX 
74 3,3’-Difluoro-4,4’-dimethoxy biphenyl I I I M 20 I xX 
75 3,3’-Difluoro-6,6’-dimethoxybiphenyl¢ I I I M 10 20 x 
76 2,2’-Dinitrodiphenyl ether¢ I I M M M I X 
77 4,4’-Dinitrodiphenyl ether I I M M M I xX 
78 4-Fluoro-6-methoxyacetanilide¢ I I I M M I xX 
79 3,3’-Difluoro-4,4’-dimethoxydipheny] 

sulfoxide’ I I I M M I Xx 
80 3,5-Difluoro-6-methoxyacetanilide® M I M M M I xX 
81 Mixed perfluorocyclic ether, CyF,,0 

(five or six membered ring with side chain, 

oxygen in the ring) 15 15 20 20 cd I 45 
@ Code same as that in Table 2. 
» Liquid unless otherwise indicated. 
© Solid. 
@ Slight solubility, incompletely separated after 72 hours; color change obtained with U-DETA and UDMH. 

TABLE 7 
Solubility and Reactivity of Nitrogen Compounds¢ 

No. Compound? EtOH JP-4 DETA UDMH  U-DETA H,0., IRFNA 
82 Hexadecytriphenylurea I M I M M I xX 
83 2,2’-Dinitrodiphenyl ether I I M M M I xX 
84 4,4’-Dinitrodiphenyl ether¢ I I M M M I M 
85 3,5-Difluoronitrobenzene M M M M M Cc M 
86 4-Chloro-3,5-difluoronitrobenzene® M M M Q Q I xX 
87 2,6-Difluoro-3,5-dinitrochlorobenzene° I I Q xX xX I M 
88 2,4-Dinitro-5-fluorobromobenzene° I M G x x I M 
89 Perfluorotributylamine I I I I I I I 





@ Code same as that in Table 2. 


b Liquid unless otherwise indicated. 
© Solid. 
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parent inertness with UDMH made this compound of suf- 
ficient interest for further study and, as a result, steps 
were taken to purify this compound. The perfluorotributyl- 
amine was purified as follows: commercial perfluorotri- 
butylamine was filtered through a one-inch layer of 
activated charcoal (Nuchar) then fractionated using a 
60-cm column packed with 5-mm diameter glass helices. 
The material boiling at 176-177.5 C (762 mm Hg) was 
collected at a reflux ratio of 3:1. This fraction was passed 
through a 10 mm diameter column filled, in ascending 
order, with 10 cm of activated silica gel, 4 cm of activated 
charcoal, and 10 cm of activated alumina. The yield was 
22.4%. 


Perfluoro Compounds 


Data on all of the perfluoro compounds have been col- 
lected and presented in Table 8 for convenience in 
reference. It appears likely that if a single inert compound 


can be found useful as a lubricant, it will probably be a 
perfluoro compound since, among the compounds tested, 
the perfluoro compounds exhibited the least solubility and 
reactivity. It should be noted that two solids and one 
liquid are completely inert to all of the reagents. The 
solids are polytetrafluoroethylene (No. 1) and a copoly- 
mer of tetrafluoroethylene and hexafluoropropylene (No. 
2). These materials are of particular interest because they 
may constitute the dispersed phase of a grease-like mate- 
rial, if suitable fluids and a dispersing technique are 
developed. 


LOX Impact Sensitivity Tests 


The liquid oxygen impact sensitivity test data are 
contained in Table 9. These tests were run only on those 
compounds that were most promising based on the other 
compatibility tests, but in some cases the impact sensi- 
tivity test was not performed because sufficient material 








TABLE 8 
Solubility and Reactivity of Perfluoro Compounds 
No. Compound? EtOH JP-4 DETA UDMH  U-DETA H,0, IRFNA 
1 Polytetrafluoroethylene® I I I I I I I 
2 Tetrafluoroethylene-hexafluoropropylene copolymer¢ I I I I I I I 
5 Perfluorokerosene I I G G G I I 
8 Perfluorodiethylcyclohexane (mixed isomers) I I G G G I I 
81 Mixed perfluorocyclic ether, C.F,,O 
(five or six membered ring with side chain, 
oxygen in the ring) 15 15 20 20 cd I 45 
89 Perfluorotributylamine I I I I I I I 
90 Perfluorodihexyl sulfide I I P G G I 20 





@ Code same as that in Table 2. 
» Liquid unless otherwise indicated. 
€ Solid. 


@ Slight solubility, incompletely separated after 72 hours; color change obtained with U-DETA and UDMH. 


TABLE 9 
LOX Impact Sensitivity Tests 





Impact energy 





No. Compound4 level (kg m) Trials Failure 
2 Tetrafluoroethylene-hexafluoropropylene copolymer? 10 20 0 
3 Polychlorotrifluoroethylene (mol. wt. < 800) 10 20 1 
4 Polychlorotrifluoroethylene (mol. wt. > No. 3) 10 20 0 

24 Fluoropolysiloxane 10 3 2¢ 
30 Mixed cyclic fluorosiloxanes 5 8 0 
32 Fluorosiloxane grease 10 6 2 
33 Mixed dimethylpolysiloxane and cyclic 

fluoropolysiloxane 10 20 3 
37. Mixed fluoroalkyl camphorates (purified No. 35) 10 20 0 
38 Bis-1H,1H,11H-perfluoroundecyl camphorate? 10 7 2 
48 Poly(1,1,5,5-tetrahydrohexafluoropentamethylene 

adipate) ? 10 11 2 
62 1,3,5-Trimethyl-2,4,6-trifluorobenzene? 10 20¢ 1¢ 
89 Perfluorotributylamine 10 20 0 





@ Liquid unless otherwise indicated. 

> Solid. 

¢ Violent explosion. 

@ Insufficient material for further tests. 
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was not available. In addition to the results on perfluoro- 
tributylamine, which did not react, the results on trifluo- 
rotrimethylbenzene (No. 62) and the fluoroalkyl camph- 
orate (No. 37) are of interest because of their low sensi- 
tivity. In spite of the fact that the latter compounds are 
not completely compatible with all the solvents, they may 
provide the basis for a dual lubricant system. 


Physical and lubrication properties 
TEST PROCEDURES 


The properties of the fluids which were studied include 
viscosity, volatility, wear, and extreme pressure (EP). 
Viscosities were determined in a microviscometer, using 
ASTM Method D445-60. ASTM Method D972-56 was 
used for the evaporation test. The determination of wear 
and extreme pressure properties were carried out in the 
Shell-4-Ball Wear and EP Tester. Wear scar diameters 
were measured on the three stationary balls after one 
hour each at 900 rev/min at 75 C with 10 kg and 40 kg 
loads. A traveling microscope (>< 40) was used to measure 
wear scars. The values in millimeters are the average of 
the readings taken parallel and normal to the scuff marks. 
The EP properties were determined by measuring the 
incipient seizure and weld points with the Shell-4-Ball 
EP Tester. The incipient seizure point is the load at 
which a sudden sizeable increase in the scar diameter 
occurs, while the weld point is the load at which motion 
of the upper ball in relation to the other three is no 
longer possible. Scar diameters were measured after one 
minute at each load and increased in 10 kg increments to 
the weld point. A fresh sample and new steel balls were 
used with each load. With several samples the upper ball 
showed such excessive wear that it was worn to a point, 
and it was therefore impossible to obtain weld points. A 
similar experience has been reported (6). Physical prop- 
erties and lubrication tests were run only on those com- 


pounds which appeared promising as potential lubricants 
or where the compatibility data were of sufficient interest 
so that further study on the pertinent class of compounds 
were merited. 

Test RESULTS 


Some of the compounds have reasonably good viscosity 
at —65 F (Table 10). While the precise viscosity limits 
for low temperature operation will vary from applica- 
tion to application, viscosities in the neighborhood of 
several thousand centistokes are frequently consistent 
with low temperature operation. In addition, grease-like 
suspensions made from fluids of this viscosity range may 
be useful at low temperature. 

The data in Table 11 indicate that the antiwear prop- 
erties of polychlorotrifluoroethylene (No. 4), fluorosilox- 
ane (No. 30), fluoroalkyl camphorate (No. 37), and 
perfluorotributylamine (No. 89), are similar to that for 
bis(2-ethylhexyl)sebacate (included in the tables for 
comparison), which is considered good for nonadditive 
oils. Lubricants containing effective antiwear additives 
have wear scar diameters approximately 0.23 mm at 10 kg 
and 0.35mm with a 40 kg load. The EP properties of 
perfluorotributylamine (No. 89) and the fluoroalkyl cam- 
phorate (No. 37) may be considered good for additive 
free oils, whereas the EP properties of the polychloro- 
trifluoroethylene (No. 4) are poor. Commercial hypoid 
gear lubricants show incipient seizure points at approxi- 
mately 100 kg and welding at 200 kg (7). 

The high-evaporation rates of the aliphatic fluorinated 
hydrocarbons, and the perfluoro compounds (Table 12) 
appear at first glance to be a serious drawback. ASTM 
evaporation test method D972-56 is conducted at 100 C 
for 22 hours with an air flow of 2 liters per minute. 
However, these test conditions are designed for lubri- 
cants which may be exposed to relatively elevated tem- 
peratures (100 C) for long periods of time and may be 


TABLE 10 
Viscosity of Test Fluids 





Viscosity (cs.) 











No. Compound 77F OF —O0F —65 F 
3 Polychlorotrifluoroethylene (mol. wt. < 800) 72 62 604 5,140 
4 Polychlorotrifluoroethylene (mol. wt. > No. 3) 7.2 85 1,043 10,000 

Perfluorodiethylcyclohexane (mixed isomers) 1.5 12.1 28.3 
12 Fluorinated hydrocarbon 
(approx. mol. wt. 640, 77.4% F) 6.1 70 317 1,016 

16 Tris(3,5,5-trimethylhexy]) silicon fluoride — 596 10,000 frozen 
19 Dimethylpolysiloxane 316 987 2,166 4,178 
24 Fluoropolysiloxane 36 128 351 8,620 
29 Cyclic fluorosiloxane 15.7 270 4,625 frozen 

30 Mixed cyclic fluorosiloxanes 48 1,107 frozen _— 

33 Mixed dimethylpolysiloxane and cyclic 

fluoropolysiloxane 938 21,400 very viscous — 
34 Mixed dimethylpolysiloxane and cyclic 
fluoropolysiloxane 554 12,540 very viscous —_— 

36 Bis-1H,1H,5H-perfluoropentyl camphorate —_— 11,440 frozen — 

37 Mixed fluoroalkyl camphorates 264 23,000 very viscous — 

89 Perfluorotributylamine (purified) 2.8 29.8 454 7,902 
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TABLE 11 
Wear and EP Properties of Test Fluids 





Extreme pressure 























Wear Incipient 
scar dia. (mm)@# osluune Weld 
No. Compound 10 kg 40 kg (kg) (kg) 
4 Polychlorotrifluoroethylene 0.586 0.681 30 b 
8 Perfluorodiethylcyclohexane (mixed isomers) 0.537 1.164 50 160 
12 Fluorinated hydrocarbon 
(77.4% F, approx. mol. wt. 640) 0.615 0.990 40 180 
19 Dimethylpolysiloxane 0.520 1.018 40 160 
24 Fluoropolysiloxane 0.555 1.273 40 160 
30 Mixed cyclic fluorosiloxanes 0.480 0.996 60 b 
37. Mixed fluoroalkyl camphorates 0.513 0.712 50 240 
89 Perfluorotributylamine 0.348 0.906 60 190 
— Bis(2-ethylhexyl)sebacate 0.543 0.737 50 100 
@ Test temperature = 75C. 
> No weld point, ball wore excessively. 
TABLE 12 
Volatility of Test Fluids 
No. Compound Loss (%) 
4 Polychlorotrifluoroethylene 100.0 
8 Perfluorodiethylcyclohexane (mixed isomers) 100.0 
9 Dichlorodecafluoroheptane 100.0 
12 Fluorinated hydrocarbon (approx. mol. wt. 640, 77.4% F) 100.0 
16 Tris(3,5,5-trimethylhexyl) silicon fluoride 4.0 
24 Fluoropolysiloxane 0.6 
29 Cyclic fluorosiloxane 28.7 
30 Mixed cyclic fluorosiloxanes 18.4 
34 Mixed dimethylpolysiloxane and cyclic fluoropolysiloxane 0.25 
37. Mixed fluoroalkyl camphorates 44 
67 1,3-Bis(trifluoromethy]) benzene 100.0 
89 Perfluorotributylamine 100.0 





unusually severe for missile lubricants. The data do in- 
dicate, however, that the promising compounds are con- 
siderably more volatile than conventional petroleum and 
synthetic lubricants. Under suitable circumstances, such 
as short operating time at relatively low temperatures, 
higher volatility than that of conventional lubricants 
may be permissible. As an example, compounds similar to 
polychlorotrifluoroethylene (No. 4) are being used as a 
lubricant for the X-15 rocket engine (8). 


Discussion 


When this work was undertaken it was recognized that 
the probability of preparing a single lubricant system 
compatible with all fuels and oxidizers was relatively 
low. Therefore, consideration was also given to develop- 
ment of a dual lubricant system, one for fuels, and one 
for oxidizers. In the light of the data obtained, the dual 
system does not appear to be feasible. Although there 
does not appear to be too great a problem concerning 
the reactivity of materials with the oxidizers, the limiting 
compounds, insofar as compatibility is concerned, are the 
amines (UDMH, DETA, and U-DETA). It would be 


more appropriate therefore to have a dual lubricant 
system with one lubricant for all oxidizers and fuels ex- 
cept the amines, and a second lubricant which is suitable 
in the presence of the amines but not necessarily suitable 
in the presence of the other fuels and oxidizers. 


Compounds resistant to all oxidizers and fuels except 
the amines, are perfluorokerosene (No. 5), perfluorodi- 
ethylcyclohexane (No. 8), chlorofluoro hydrocarbon (No. 
11), fluorinated hydrocarbon (No. 12), fluorosiloxane 
elastomer (No. 28), cyclic fluorosiloxane (No. 30), mixed 
dimethylpolysiloxane and cyclic fluoropolysiloxane (No. 
33), and the greases made from the mixed fluorosiloxanes 
(Nos. 31 and 32). This list does not include reactivity to 
liquid oxygen. 

Of the large variety of materials tested only one fluid 
and two solids were found to be inert to all fuels and 
oxidizers including UDMH and U-DETA. These were 
perfluorotributylamine (No. 89), polytetrafluoroethylene 
(No. 1) and tetrafluoroethylene-hexafluoropropylene co- 
polymer (No. 2). The lubrication properties, such as 
viscosity, wear, and load carrying capacity of perfluoro- 
tributylamine were found to be adequate (i.e., of the 
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same order as petroleum and synthetic lubricants con- 
taining no special additives). Its volatility is, however, too 
high for use as a lubricant except under special circum- 
stances. The synthesis of higher homologs thus provides 
the basis for further work on the development of a single 
missile lubricant. 

Search of the literature indicates that the homologs of 
perfluorotributylamine up to perfluorotrioctylamine have 
been prepared (9). All of the compounds are fluid and 
the following boiling point data (at 760 mm) are given: 
perfluorotripentylamine, 218 C; perfluorotrihexylamine, 
258 C; and perfluorotriheptylamine, 294 C, and perfluoro- 
trioctylamine, 321 C. Attempts to obtain samples of the 
higher homologs were unsuccessful. These materials are 
now being prepared on an experimental basis in our 
laboratory. There is no reason to expect that the lubricat- 
ing properties of the higher homologs will be different 
from those of perfluorotributylamine. 

The preparation of a grease that is completely com- 
patible with all fuels and oxidizers under consideration 
requires that both components be compatible. The solids 
found to be compatible were polytetrafluoroethylene and 
tetrafluoroethylene-hexafluoropropylene copolymer, and 
the compatible grease would require methods for disper- 
sion of these solids in a compatible fluid. This remains a 
subject for future work. It may be noted, however, that 
the dispersion of polytetrafluoroethylene in a fluid to give 
a grease-like material has been reported (10, 11). 

In summary, it appears likely that a single lubricant 
system may be found for all fuels and oxidizers within 
the scope of the work, and a dual or multiple lubricant 
system does not appear to be any more probable than 
the single lubricant system because of the unusual 
solvent power of the amines. 
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Wear, Friction, and Electrical Noise Phenomena in Severe 
Sliding Systems 


By MORTON ANTLER! 


The sliding mechanisms of unlubricated gold and palladium are described. Transfer, roughening, 
wear, friction, and contact resistance phenomena involve the same discrete events. 

With rider-flat geometry, severely worked transfer particles form a prow-shaped wedge which 
adheres to the smaller member. Even when rider and flat are different, prow material comes from 
the larger part. Loss of prow occurs by adhesive weld-back transfer and, to form loose debris, by 
shearing or fatigue fracture. 

Friction rises in the early stages of sliding as prows grow. Soon, back transfer increases hardness 
of the larger member and friction falls to an equilibrium level. Friction also falls when prows are 








kneaded into rollers and become loose debris. During these stages, wear rate diminishes. 
Contact resistance noise originates in stick-slip, roller formation, surface hardening, and 
changing composition at the sliding interface when dissimilar contact metals are involved. 


Introduction 


THE understanding of the processes of metal transfer, 
surface roughening, and generation of loose debris in 
sliding is imperfect. Furthermore, many aspects of the 
interrelationship of wear, friction, and contact resistance 
are obscure. Most knowledge of sliding mechanisms has 
been obtained by gross measurements of wear or friction 
as a function of operational and environmental factors, 
and by the application of inductive reasoning to the re- 
sults. An alternate approach is used in the present work. 
Contacts are observed visually during sliding, and correla- 
tions are made with wear, friction, and other measure- 
ments to obtain a generalized explanation of the results. 

This paper is concerned with sliding of unlubricated 
gold and palladium. Noble metals are especially useful 
in the study of general processes because sliding details 
can be observed in ordinary environments, uncomplicated 
by oxide and tarnish films. In addition, soft noble metals 
yield coarse transfer and wear particles which have exag- 
gerated effects on the mechanical aspects of sliding. Also, 
noble metals are widely used in the electrical industry for 
sliding contact applications. 

Sliding is discussed as a phenomenological process. This 
study supports the view that wear, friction, and contact 
resistance are intimately related and involve the same 
discrete events. Thermal effects have been minimized by 
experiments at low speeds and loads. Low energy circuitry 
is used to eliminate the influence on wear of electrical 
erosion processes. 
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Experimental 
APPARATUS 


The sliding contact apparatus used in this investiga- 
tion, shown schematically in Fig. 1, is based on a design 






STRAIN RING 


LOAD 


SLIP RING 


Fic. 1. Upper part of rubbing apparatus 


by Rabinowicz (1). It is instrumented to continuously 
measure friction and contact resistance with a recording 
system which employs D’Arsonval-type galvanometer 
movements. 

A flexure plate and ring provide elastic mounting for 
the rider. Strain gauges on the ring sense friction force. 
Vertical displacements of the friction head, due to surface 
roughness for example, do not distort the ring. Particular 
care is taken to isolate vibrations at the friction head 
from the variable speed turntable drive. A heavy fly- 
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wheel on the rotating shaft (not shown) assures uniform 
motion, irrespective of variations in friction force. 

The area of the flat at which particular events, charted 
on the friction or contact resistance channels, occur can 
be easily located for detailed examination. The specimen 
is indexed by turntable position, marked on a third chan- 
nel of the recorder. Light from a small lamp, shining 
through a series of holes around the edge of the turntable, 
triggers a photocell circuit which is wired to the recorder. 

A tight transparent cover on the friction head mini- 
mizes drafts and contamination of the specimens by dust. 
Excellent reproducibility of results was obtained without 
need for supplementary temperature and humidity con- 
trol. In some runs, sliding was observed with a stereo- 
microscope or motion picture camera. 

The circuit for measuring contact resistance is shown 
in Fig. 2. Rider, flat, slip ring, brushes, and associated 
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Fic. 2. Circuit used to measure electrical resistance 











wiring are electrically isolated from the rest of the ap- 
paratus. Open circuit voltage across the contacts is 
limited by a voltage divider. The recorder is calibrated 
by inserting known resistors in the circuit with the rider 
and flat separated. Differences of 0.0001 ohm at low levels 
can be measured. The slip ring on the shaft is 24 kt gold, 
and two sets of three 24 kt gold wires each are pressed 
against the ring. Lubrication is provided by mineral oil— 
saturated felt pads between the wires and their holders. 
This system has given electrically noiseless service with 
little wear for many hundreds of hours of operation. 


SPECIMENS 


The riders were 1 inch rods turned to a hemispherical 
end with a diamond tool or flat-ended. In the latter case, 


conformity was obtained by finishing with 600 grit silicon 
carbide paper laid on the flat. The 114 inch square flat 
palladium specimens were 1% inch thick. Gold as a 0.008-— 
0.010-inch layer rolled onto 0.080-inch copper was suf- 
ficiently thick so that the substrate did not affect its 
mechanical properties at the test conditions. Minimum 
sample purity was 99.9%. 

The flats were prepared by random abrasion under 
running water with 400 grit paper, and were considered 
clean by the water break test. The rider and flat speci- 
mens that were annealed were finished first with 400 grit 
paper or turned before heat treatment. Pins were de- 
greased in several changes of boiling reagent grade ben- 
zene, 


Specimen hardnesses are given in Table 1, together 
with those of worn samples, discussed later. Measure- 


TABLE 1 
Hardness Measurements (kg/mm?) 








Gold Palladium 
Sample description (gm) (gm) 
Unworn 
25 250 25 250 
Rider, drawn 86 79 182 174 
Flat, rolled 86 79 167 142 
Rider and flat, annealed 524 324 — — 


Worn, 500 revs. at 100 gm 
Wear debris and rider-prows 113-165 — 
(From runs with riders and 
flats of any unworn 
hardness) 


227-245 — 





@ Polished for hardness measurements to a mirror finish after 
annealing. 


ments were made with microhardness apparatus and a 
Knoop indenter. At 25 gm, only polished samples could 
ordinarily be used because of the small size of the in- 
dentation. The polishing procedure involved abrasion with 
400 and 600 grit metallographic papers under running 
water, followed by wet buffing with alumina flour. 

Mechanical polishing increases the superficial hardness 
of most metals, especially when in the annealed state. 
This effect is prominent with gold. At about 250 gm or 
greater load, hardening is not observed because the Knoop 
indenter penetrates the layer of polished material. When 
annealed after polishing, microindentation hardness is 
almost independent of load. These observations confirm 
those made by Wilson on platinum (2). 


Test CONDITIONS 


The standard conditions for this study were: load, 
100 gm; speed, 1 cm/sec; number of revolutions, 500; 
track diameter, 1 inch; open circuit voltage across speci- 
mens, 0.075 volt. Experiments at other conditions are 
identified in the text and figure captions. Comparable 
runs without current showed that friction, wear, and the 
other sliding phenomena observed were not affected by it. 
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The mechanism of metal transfer, surface rough- 
ening, and generation of loose debris 

The sliding of gold and palladium is dominated by 
processes which generate transfer or loose particles and 
by the interaction of debris with surfaces in subsequent 
traverses. The following description of rubbing is in part 
similar to the one by Cocks (3) who worked with copper 
specimens. 

At the onset of sliding, minute particles are transferred 
from rider to flat, and vice versa, perhaps by adhesion- 
welding and shearing of asperities below the interface. 
Since the surfaces are clean and tarnish-free, sheared par- 
ticles adhere strongly to them. The number of transfer 
particles per unit contact area is greater on the rider 
than on the flat because of very different areas involved 
in sliding even a short distance. Particles on the rider 
grow by accretion, and soon a prow-shaped wedge forms 


underneath it, and points against the direction of sliding 
of the flat. Subsequent sliding is at the prow-flat inter- 
face. Prow material, already work hardened in the initial 
adhesion-shearing process, becomes even further worked 
as sliding progresses. Shearing of the flat by a prow- 
ploughing mechanism then occurs. Slivers of metal 
ploughed from the flat also adhere to the rider. From 
time to time the prow breaks away. However, contact 
of the flat at the original rider surface is only momentary, 
because a new prow immediately forms (Fig. 3). 

Several processes cause the prow to break. First, when 
the adhesive weld of the prow to the moving flat is 
stronger than the weld at the prow-rider junction, the 
intact prow transfers to it (Fig. 4). This occurrence is 
a random process. Second, surface roughness, due to 
transferred particles stuck to the flat, or loose debris, can 
initiate shearing at the prow-rider junction (Fig. 5). 
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Fic. 3. Gold rider sliding on gold flat; 1 cm/sec. Adapted from individual motion picture frames. a-v: Photographed soon after 
sliding was initiated at 250 gm. Formation, growth, and loss of prow are shown. aa = After 300 revolutions at 250 gm. Prow size at 
breakage is variable (cf. a-v). bb = After 300 revolutions at 450 gm. 
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Fic. 4. Generation of adherent debris by loss of rider-prow 
which welds to flat. Transfer particle contributes to roughness of 
flat. Note distance of vertical rider motion. Letter a indicates 
member to which particle adheres. Figures 4-7 and 13 based on 
microscopic and motion picture observations of sliding. 
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Fic. 5. Generation of transfer particle by loss of rider-prow. 
Due to collision with high spot on flat. 








Third, the prow may wag as it follows the rough track 
on the flat. Fatigue fracture then occurs. 

When the prow breaks without adhering to the flat, a 
loose particle is created. This can occur so that the 
particle is kneaded into a roughly cylindrical form (Fig. 
6). The prow is not always removed in one piece. A por- 
tion can loosen as in Fig. 7, where a roller is generated. 

The flat is roughened by these processes: adhesive 
shearing, ploughing, and prow-transfer. All, but especially 
prow-transfer, give the flat a harder surface. Working of 
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Fic. 6. Generation of loose particle by loss of entire rider- 
prow. Particle is kneaded into roller shape. Letter | indicates loose 
particle. 
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Fic. 7. Generation of loose particle by loss of portion of rider- 
prow. 





the flat, without roughening, will also harden it. As sliding 
progresses, both rider and flat attain the same hardness, 
which is considerably greater than their original level. 
In doing so, they pass through an intermediate stage, 
since the rider hardens first. Wear rate and average 
friction drop because of this hardness increase. The sur- 
faces, however, become progressively rougher, and sliding 
soon becomes very jerky. 

In this mechanism, rider wear is negligible, and it may 
even increase in weight. Almost all loose debris originates 
in the flat, but passes through the intermediate stage 
where it is attached to the rider. The stages in the 
production of wear debris in this severe sliding system 
are similar to those which Kerridge (4) and Kerridge 
and Lancaster (5) found for base metals. It is apparent, 
however, that transferred matter need not oxidize before 
loose particles can be created. 


Results and discussion 
TRANSFER, WEAR, AND ROUGHENING 


A variety of observations and measurements are dis- 
cussed below in support of this mechanism of wear, trans- 
fer, and roughening. Additional evidence is given in fol- 
lowing sections on friction and contact resistance. 

1. Gold Hemisphere on Gold Flat, Both of Identical 
Hardness (79 kg/mm? at 250 gm) Figure 8 shows views 





Fic. 8. Rider with large work hardened prow; gold, 500 revs, 
1 cm/sec, 100 gm. Rider surface around the prow is rough where it 
momentarily touched the flat, following break-off of prows gen- 
erated prior to one shown. (Direction of motion of rotating flat 
is from left to right.) 
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of a typical prow adhering to the rider. Figure 9 is of 
portions of the wear track after 3, 6, and 500 revolutions. 
The flat is severely torn, and large particles transferred 
from the rider are attached to it. Wear debris is pictured 
in Fig. 10. Some of these particles were entire prows, 
little changed, while others have been rolled into cy- 
lindrical form. Figures 4 through 7 and 13 are adapted 
from motion pictures taken during sliding. 











6 REVS _ 
.0025 MM 


Observations weré made at loads from 10 to 500 gm. 
The rates of transfer and debris generation depend on 
load, but the processes described remain the same. 

2. Gold Hemisphere on Gold Flat of Different Hard- 
ness—In the mechanism described, it is evident that the 
sliding process does not depend primarily on specimen 
initial hardness. The transfer particles and loose wear 
debris are cold worked; it is this greater hardness which 


TRACK 


-25 MM 


TRACK 
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Fic. 9. Wear tracks; hemispherical gold rider on gold flat, 1-in. diameter track. Same conditions as Fig. 


8. Stylus profiles made across track. In top photomicrograph, note large particle transferred from rider 
and welded to flat, as well as discontinuous striations on track. 
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affects sliding. The original surfaces are quickly altered 
by the acquisition of a superficial layer of worked ma- 
terial. The properties of this layer are the same for any 
combination of specimens having various original hard- 
nesses. This was verified by runs at 100 gm with an- 
nealed riders (hardness: 32 kg/mm? at 250 gm) on nor- 
mal flats (79 kg/mm? at 250 gm), and with normal riders 
on annealed flats. 

The prows and debris were potted in plastic for hard- 
ness measurements. Polishing was necessary because of 
their considerable roughness, and indentation loads were 


“- 





limited to 25 gm. For comparison, hardness measure- 
ments at 25 gm were made on unworn samples treated the 
same way. Work hardening of prow and debris due to 
sliding always occurs (Table 1). Prow and debris hard- 
ness are independent of original specimen hardness. The 
hardness ranges in Table 1 are the measurements from 
numerous samples. The extent of particle working varies, 
for some persist as rider-prows longer than others. 
Microhardness measurements of wear tracks on the 
flats were attempted without polishing. The values ob- 
tained are not exact because of excessive surface rough- 


Fic. 10. Wear debris; gold, 500 revs, same conditions as Fig. 8. Note large size of particles and cylindri- 


cal shape of many. 
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ness, but are in the same range found for wear debris 
and prows. Ridges are harder than depressions; this is 
reasonable, since, on an average, elevations suffer greater 
working. 

3. Gold Flat on Gold Flat. Tracks of Different Diam- 
eter—Point contact geometry, used in most of this work, 
is common in basic studies of rubbing at boundary con- 
ditions, as well as in sliding electric contact systems. The 
wear processes described, however, do not depend criti- 
cally on geometry. This is proven by experiments with 
flat-ended riders on one inch diameter tracks, as well as 
riders centered on the axis of rotation of the flats. Speci- 
mens were of identical hardness, 79 kg/mm? at 250 gm. 

The main difference between sliding with hemispherical- 
and with flat-ended riders is the influence of loose wear 
debris. The closer contact surfaces are to each other in 
total apparent area of contact, the less liable is debris 
to work out of the contact area. Axial rotation is the 
limiting case. Wedges grow between the specimens in 
the same manner with flat-ended as with hemispherical 
riders. 

With both types of riders, load is usually borne on a 
single prow. For multiple prows to be simultaneously in- 
volved, growth and breakage for all would have to be 
identical; this cannot be expected to be a common oc- 
currence. Only when a specimen is unsupported will three 
wedges, as suggested by Cocks (3), carry load. Figure 11 
shows worn gold specimens after axial rotation. 

Often a force is required to separate rider and flat, 
regardless of their initial geometry and track diameter. 
This force is greatest with flats in axial rotation. The 
specimens of Fig. 11 had a coefficient of adhesion of 4. 

4. Palladium Hemisphere on Palladium Flat—Pal- 
ladium sliding mechanisms are the same as gold. Loose 
debris is harder than the original contacting samples 
(Table 1). Palladium debris is also smaller than gold in 
average particle size, as expected for a harder material. 
There is this difference, however: palladium prows do not 
adhere to palladium riders as well as gold prows adhere 
to gold riders. 

The sliding of palladium is actually more like that of 
copper than it is like gold. Both palladium and copper 
generate debris close in size. Although copper has about 
the same hardness as gold, these phenomena of its sliding 
occur on a smaller scale. A suggested explanation is this: 
oxides of copper, which form rapidly in air, lower the 
accretion tendency of particles which form a prow and 
reduce the adhesion of prow to rider. 

5. Gold Hemisphere on Palladium Flat, and Palladium 
Hemisphere on Gold Flat—Sliding details of gold—gold 
and palladium—palladium systems depend largely on ease 
of metal transfer. With dissimilar metal combinations, as 
expected, transfer material from flat soon coats the rider, 
and subsequent sliding is then characteristic of the metal 
which constitutes the flat. 

In gold rider—palladium flat sliding (hardnesses at 
250 gm: gold, 79 kg/mm*; palladium, 142 kg/mm?) loose 


debris is produced with additional intermediate steps, 
(a) and (b): (a) First pass—gold rider deposits ad- 
herent particles on palladium flat with little palladium 
transfer to gold; (b) Second and third passes—rider re- 
moves gold from flat; (c) Subsequent passes—severely 
work hardened gold prow gouges flat, producing pal- 
ladium particles that adhere to the rider. From this point, 
sliding is identical to the all-palladium system, regardless 
of length of run. Practically all debris is palladium. 

6. Wear Measurements—Wear rates decrease as slid- 
ing progresses. This was evident from visual observations 





Fic. 11. Flat-ended rider centered on axis of rotation of flat; 
gold, 500 revs. at 7.5 rpm, 100 gm. Load borne at time of separa- 
tion on single large particle shown. 
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of the specimens during rubbing for several tens of 
revolutions from the start of the run. The decrease is 
probably attributable to work hardening of rider and 
flat, although superficial contamination of the surfaces by 
oily air pollutants, present in most atmospheres, may also 
contribute. 

In several runs at standard conditions, gold riders from 
gold-gold systems increase in weight by about 1 mg, with 
a weight loss of approximately 5.5 mg for the flats. Net 
weight loss by the system is 1.3  10~®gm/cm. In 
palladium-palladium systems at identical conditions, 
riders lose 0.1 to 0.2 mg and flats about 3.7 mg. This cor- 
responds to a palladium average wear rate of 1.0 « 10~° 
gm/cm of sliding. On a volume basis the wear rate of 
palladium is slightly greater than that of gold. 


TABLE 2 
Wear and Transfer Rates 





Weight change (gm/cm/100 gm)# 








Material Wear Transfer 
Copper 1.0 X 10-8 (7) 
Mild steel 0.3 X 10-6 (6) 0.75 x 10-8 (7) 
Hardened tool steel 0.11 X 10-8 (6) 
Titanium 0.25 X 10-8 (7) 
Gold 1.3 x 10-8» 2.9 X 10—§ (8) 
Palladium 1.0 X 10-8 > 





@ Calculated for 100 gm on the assumption that wear and trans- 
fer depend linearly on load. Both contacts of some material. Refer- 
ences in parentheses. 

» This paper. 


These weight changes are compared to some reported 
by others in Table 2. The transfer and wear rates of gold 
and palladium are the same order of magnitude as those 
of other metals having comparable hardness. 


FRICTION 


Friction phenomena are closely related to metal de- 
formation and removal processes. Transfer and wear 
occur as discrete events, involving particles, and have 
their counterpart in friction. The test device influences 
these processes also. 

The shearing of asperities and ploughing of flat by 
rider are the major contributors to average friction (9). 
Surface roughness appears as variation in friction, since 
energy expended in moving the rider up a high spot on 
the flat is regained when the rider slides down the other 
side. All of these friction factors are pronounced with 
soft noble metals, like gold and palladium, because of 
their adhesion tendency stemming from chemical inert- 
ness, ability to work harden, and their susceptibility to 
distortion when traversed by a harder surface. 

A minor contributor to friction variation is elastic 
deformation of asperities. An additional small contributor 
to both average friction and friction noise, revealed in the 
present work, is the plastic and elastic deformation of 
wagging macroscopic transfer matter, like the rider-prow 
as it follows surface roughness of the opposite member. 





Au RIDER ON Au FLAT 
AND 
Pd RIDER ON Au FLAT 


Pd RIDER ON Pd FLAT 
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Au RIDER ON Pd FLAT 
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100 200 300 400 500 
REVOLUTIONS 
Fic. 12. Variation of average friction coefficient for gold and 
palladium sliding specimens; hemispherical riders, 1 cm/sec, 100 
gm. 


Figure 12 is a plot of friction coefficient for various gold 
and palladium rubbing systems. The two curves were 
drawn from points which are average friction values for 
sliding intervals of 5 or 25 revolutions in a given run. 
Duplicate runs for each system were plotted. The vast 
majority of points fell in a band having a width of 0.2 
units above and below each friction curve. 

The level of average friction is less in palladium sys- 
tems than in gold systems. This is expected where plough- 
ing is important, since palladium is harder than gold. 

Each curve has two distinct regions, a period of rising 
and one of falling friction. The rising region corresponds 
to the part of the run when the track is rapidly widening. 
With spade-shaped sliders of steel in indium, Bowden and 
Tabor show that ploughing force is proportional to the 
cube of track width (9). Also, displaced metal piles up 
ahead of the rider to an increasing extent as sliding pro- 
gresses. In the falling part of the friction curve, during 
which wear rate also is decreasing, the influence of pro- 
gressive prow-transfer to the flat is seen. This process 
hardens the flat, and the ploughing contribution to fric- 
tion simultaneously decreases. Even without prow-trans- 
fer, continued sliding increases the depth of work hard- 
ened metal to an equilibrium value (10). 

The upper composite curve of Fig. 12 is drawn from 
individual curves of runs in which unworn gold rider and 
gold flat were of equal hardness (79 kg/mm? at 250 gm) 
or unequal hardness (32 kg/mm? rider on 79 kg/mm? 
flat, both measured at 250gm) and from runs with 
palladium pins on the hard gold flats. The individual fric- 
tion curves fall within experimental error of each other. 
This is expected since, as already shown, wear, transfer, 
and the other sliding processes do not depend primarily 
on original specimen hardness or rider composition. 

Although average friction drops during sliding in both 
gold and palladium systems, the amplitude of stick-slip 
increases. This stems from a rising contribution to in- 
stantaneous friction by growing surface roughness. The 
amplitude of stick-slip increases with increasing difference 
between the coefficients of static and kinetic friction. In 
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this analysis, the roughness factor is interpreted as the 
major cause for rise in the static friction coefficient. 
When the severity of stick-slip becomes very great, the 
contacts may actually spring apart. Contact separation 
is pictured in Fig. 13 in which the rough spot is a trans- 
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Fic. 13. Contact separation caused by surface high spot. (Cf. 
Fig. 9, top photomicrograph.) 








fer particle on the flat. The top photomicrograph in 
Fig. 9, a portion of the flat from a run with gold speci- 
mens, shows the same thing. Discontinuous striations 
reveal where the rider left the track. Severe stick-slip is 
shown in Fig. 14, taken from actual recorder records. 
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Fic. 14. Stick-slip and electrical opens. Gold rider on gold flat; 
0.1 cm/sec, 10 gm. Recorder time constants: 0.003 sec. Severe sticks 
produce contact separation. 





The variation of instantaneous friction is related also 
to details of the production of loose particles. This is 
most evident when loss of prow by rider occurs with the 
formation of a roller-shaped particle (Figs. 6 and 7). 
As expected, friction falls sharply when this occurs. 
Figure 15 is a recorder record associated with roller 
debris formation. 

Tamai (11) reported that gold can slide on itself with 
an unusually low friction coefficient, below 0.10. This 
behavior, shared by silver, copper, and platinum as well, 
is probably caused by roller debris. Tamai’s experiments 
were made at 100 gm with a friction pendulum apparatus. 
In the present work, it is seen that rollers are created 
randomly, and will give instantaneous low friction during 
their formation, as well as in subsequent traverses pro- 
vided they remain on the track and come between rider 
and flat. 

Short amplitude reciprocating sliding, characteristic of 
the friction pendulum, is the optimum condition for ob- 
taining low friction. It is obvious also that roller forma- 
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Fic. 15. Roller-shaped wear particles between rider and flat 
cause low friction and increased contact resistance. Gold rider on 
gold flat, 0.2 cm/sec, 30 gm. Recorder time constants: contact re- 
sistance, 0.003 sec; friction, 0.01 sec. 


tion must be pronounced with metals that give coarse 
debris. At severe conditions this occurs best with soft 
metals, especially those with a low tendency to tarnishing 
or oxidation during the experiment. This explanation is 
consistent with Tamai’s observation that nickel, alumi- 
num, brass, steel, oxidized copper, and steel on silver, did 
not give low friction at the conditions of his experiment. 


Finally, the details of average, and especially instan- 
taneous, friction, wear, and contact resistance depend to 
some extent on characteristics of the test apparatus. Stick- 
slip amplitude, for example, depends on the elasticity of 
the friction head parallel to the direction of motion. The 
contacts may be of such shape, or mounted in such a 
way, that stick is accompanied by geometric deviation 
which increases real load (12). Of more importance in 
the present work, the rider holder of the sliding apparatus 
is free to move in the vertical direction. At high sliding 
speeds with rough surfaces, contact separation occurs 
(Fig. 13); the rider and head cannot follow undulations 
in the flat because of their inertia. The condition of con- 
tact separation is an extreme; at lower speeds, higher 
loads, or smaller roughnesses there is no contact separa- 
tion, although instantaneous normal load varies which, 
in turn, affects friction. 

When the rider holder is not entirely free to move in 
the vertical direction, surface roughening can increase 
load drastically. This is common in many types of electric 
contact assemblies in which a contact is spring mounted. 
Sleeve bearing geometry is another example in which 
roughening may increase load to the point where cato- 
strophic galling or seizure occurs. 


ConTACT RESISTANCE 


Two massive metal specimens in contact touch only 
at asperities. Current flow between them is through these 
asperities, with a small contribution by tunnelling where 
the surfaces are within a few angstroms of each other 
(13). The resistance by this constriction is called con- 
tact resistance. 

Contact resistance depends mainly on the area of real 
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contact, on bulk resistivity, and on the properties of 
alien films which may be on the surfaces. Since friction 
is closely related to particle formation, transfer, and loss 
by the system, it is obvious that contact resistance must 
also be related to the same things. 

There are changes in both average and instantaneous 
contact resistance during sliding. In the present study, 
changes in average resistance are due to progressive work 
hardening of, and to changes in, the composition of ma- 
terial at the sliding interface. Instantaneous effects are re- 
lated to stick-slip phenomena, and to the action of roller 
debris. The surfaces are assumed to be uncontaminated, 
except by adsorbed gas molecules. 

Progressive work hardening during sliding increases 
contact resistance because the area of contact diminishes 
at constant load; also, the bulk resistivity of the metal 
rises to a small extent (14). There was some scatter in 
the results of these experiments, but the rise during runs 
with hemispherical riders at standard conditions was as 
great as 40%, from an initial value of 0.0004 ohm for 
hard gold on itself, and from 0.0021 ohm for palladium on 
palladium. Contact resistance in the unworn palladium- 
palladium systems is greater than for gold, because it is 
both harder and less conductive. The bulk resistivities of 
gold and palladium at 20 C are 2.44 & 10~-® ohm-cm and 
11 < 10~—* ohm-cm respectively. 

In runs with gold pins on palladium flats, contact re- 
sistance rises from 0.0015 ohm at the beginning to about 
0.0030 ohm at the end. With palladium riders on gold 
flats, changes are in the opposite direction. In addition, 
prow breakage is accompanied by an instantaneous ex- 
cursion of both contact resistance and friction to values 
characteristic of unworn dissimilar metal contact pairs. 
The levels quickly return as new prows form. This be- 
havior is in agreement with observations that the contact 
system converts to one characteristic of the member 
which has larger apparent contact area because of the 
mechanism of prow growth. 

In stick-slip motion, friction is highest at the stick, 
while contact resistance is lowest. With severe sticks, 
electrical opens occur on breakaway due to surface rough- 
ness and rider inertia (Figs. 13 and 14). Instantaneous 
load variation, caused by the same factors without the 
extreme of contact separation, also affects contact re- 
sistance and friction force. 


In these experiments, electrical opens occur to an in- 
creasing degree as sliding progresses, because of increas- 
ing surface roughness. Palladium-palladium systems show 
fewer opens than gold-gold systems, as expected. 


The action of roller debris causes electrical noise, since 
a three-body system involves two constriction resistances 
in series, plus added bulk resistance from a work hardened 
particle (see Figs. 6, 7, 15). Palladium is a more serious 
offender than gold by this electrical noise mechanism be- 
cause it generates more rollers. Palladium wear debris is 
smaller, and volume wear rate is slightly greater than 
that of gold. 


Conclusions 


Metal transfer, wear, friction, and contact resistance 
are interrelated. In this paper, the essential details of 
each have been described for unlubricated gold and 
palladium. All are statistical processes, involving the 
same discrete particles and events. 

When contact geometry is dissimilar, the smaller sur- 
face rapidly becomes covered with transfer particles 
from the larger. Rubbing then changes to a system in- 
volving mainly the material of the larger surface, with 
little or no wear of the smaller member. The most marked 
characteristic of gold and palladium is the gross size of 
transfer particles and their tendency to adhere to each 
other and to the rubbing surfaces. 

If transferred matter becomes severely work hardened, 
ploughing of the larger member can contribute greatly 
to wear and friction. Wear debris is formed mainly by 
loss of transfer material from the smaller surface. This 
occurs with noble metals just as it does with certain base 
metals—the latter, however, by a different process (4, 
5%. 

The shape of debris and manner of generation affects 
friction and contact resistance; in the extreme, sliding 
gives way to rolling when the particles are suitably 
shaped. The effect of rolling debris has been observed in 
the pin-disc machine with coarse particles. Rolling may 
become especially marked when debris accumulates in 
the region of sliding, as with the friction pendulum (11) 
and in fretting corrosion (15). 

The study of contact resistance is valuable for reveal- 
ing details of the sliding process. Surface roughening in- 
creases stick-slip motion and with it contact resistance 
noise, even to the extent of electrical opens. 

The various phenomena observed are probably quite 
general for metals, but are accentuated when soft, rela- 
tively uncontaminated surfaces are involved. Soft base 
metals are expected to show sliding behavior which is 
similar to gold and palladium, provided high loads and 
clean environments are used, i.e., sliding in vacuo or inert 
atmosphere. Gold and palladium are not unique in their 
sliding behavior; similar systems have been reported 
before, for example, with copper by Cocks (3) and with 
titanium by Rabinowicz (7, 16). 

A requirement for low or no wear of the smaller member 
is that prows be formed which approximate or exceed the 
hardness of the larger part. If dissimilar metals having 
a several-fold difference in hardness are used, obviously 
the harder will wear little regardless of dissymmetry in 
contact geometry. 

The size of transfer and wear particles decreases with 
increasing hardness of metal. When rider and flat are 
both hard, the gross influence of individual particles, 
evident in the present work, will be absent. 
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Testing High Speed Seal Carbons 


By R. R. PAXTON! and W. R. SHOBERT* 


The test method used to guide the development of carbon-graphites suitable for main shaft seals 
in jet aircraft is described. A simplified seal assembly was used. Rubbing speeds up to 16,700 fpm 
and face loadings to 18 psi were attained. Details on the test apparatus and the sample preparation 


methods are included. 


Wear rates, air leakage rates past the seal face, and seal temperature rise due to friction were 
measured. All tests described in this paper were conducted in air without added lubrication of any 
type. Typical data for four carbon-graphites are included to show the effects of carbon type, face 
pressure, rubbing speed, and mating face material. 


Introduction 


SEALs for aircraft jet engines, gas turbines, and centrif- 
ugal compressors must operate at high rubbing speeds and 
often high temperatures. The usual grades of seal carbon 
do not give satisfactory life under these conditions; hence 
it has been necessary to develop special carbon-graphites 
for these applications. 

This paper describes a special friction and wear test 
stand that was built to guide the development of seal 
carbons to operate without lubrication at rubbing speeds 
up to 16,700 fpm and face pressures up to 18 psi. Test 
results on a number of carbon-graphites are included. 


Experimental 


A number of devices have been used to measure the 
friction and wear rate of materials in sliding contact. 
Bowden (1) and Johnson (2) describe a unit having a 
single rider or button pressed against a rotating disc. 
Latos (3) has the single reciprocating rider pressed 
against a stationary flat plate. Sibley (4) and Rabinowicz 
(5) use three riders pressed against a rotating disc. In all 
of these devices, any particular point on the surface has 
only intermittent contact with the rider. 

Contact between the sliding surfaces of a seal is es- 
sentially continuous. Test devices which simulate this 
type of contact have been described by Shevchenko (6) 
and the authors (7). This test stand is an extension of 
these types to permit operation at sliding speeds up to 
16,700 fpm and contact pressures to 18 psi. 


APPARATUS 


Figures 1 and 2 are photographs of a mating face and 
of a test carbon respectively. The mean diameter of the 
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Carbon-graphite test piece 
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rub track is 4 inches. This particular seal and mating face 
has been run without lubrication for 6 hours, at 16,700 
fpm and 12 psi face pressure. Wear on the carbon 
totalled 0.0017 inch while that on the mating face was 
less than 0.0001 inch. The test piece is of carbon “C” 
while the mating face is chrome plated 4140 steel. 

The white spot at one o’clock just outside of the sealing 
face is the point at which the thermocouple enters the 
carbon. The end of the thermocouple is held 5/32 inch 
behind the sealing face, and its temperature is recorded 
continuously throughout the test. 

Figure 3 is a cross section of the test head. The drive 
spindle is on the right. Attached to the spindle is the 
driving hub. The hub is recessed to accept the mating 
face. Four driving pins engage the mating face. The 
spindle is driven by a 25 HP electric motor through 
a truck transmission. 

The carbon seal is pressed against the mating face by 
an air loaded bellows assembly. A counterbore in the 
bellows holds the carbon seal; and pins (not shown) keep 
it from rotating. Air leakage under the carbon seal is 
prevented by a silicone rubber “O” ring. 

The bellows is calibrated to determine the loading force 
as a function of internal air pressure and of bellows ex- 
tension. This force, expressed as pounds per square inch 
of carbon-to-metal contact, is called the face loading of 
the seal. An air pressure of 5.5 psig for example, gave a 
face loading of 18 psi while 2.5 psig gave 6 psi face 
loading. 

Air to the bellows and the carbon seal is supplied 
through the hollow torque shaft. Rotameters (Fig. 4) 
indicate the volume of air required. If the air requirement 
exceeds 0.12 cfm, the test is stopped. High leak rates 
indicate chattering, or a burned “O” ring. 

The bellows thrust is absorbed by two ball bearings on 
the torque shaft. The torque can be measured directly 
by loosening the lock pin and measuring pull on the 





Fic. 4. Two test stands 


torque bar in front of the test head (see Fig. 4). Carbon 
temperature readings have been found to be a more sensi- 
tive measure of friction than torque; and these are re- 
ported here. 


Preparing Metal Mating Faces 


The metal mating face was first paralleled, rubbing face 
with backside, to within .0002 inches on a surface grinder. 
Next the rubbing face was hand lapped in water using a 
600 grit stone. This hand operation removes the grind 
marks obtained during the paralleling operation. 

After hand lapping the rubbing surface was lapped on 
a machine having a cast iron revolving table using an 
1800 grit compound in an oil base vehicle. This operation 
makes the rubbing face flat to within two to four light 
bands on an optical flat. The mating face was next de- 
greased. 

Following the degreasing operation the rubbing face 
was hand polished on 4/0 polishing paper to obtain a 
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definite surface roughness. Surface roughness was checked 
on a profilometer and in the case of chrome plate 4 to 6 
rms was maintained. Flatness was again checked by op- 
tical flat to make sure it was maintained through the 
polishing operation. 


Preparing Carbon Faces 


Carbon seals were first paralleled in a lapping machine 
using 320 grit wheels and water. The rubbing face was 
made parallel to the seal’s backside to within .0002 inches. 
The carbon seal was next dried at 250 F for 1 hour to 
remove water absorbed during the paralleling operation. 

Next the carbon rubbing face was dry machine lapped 
on a 320 grit wheel to within two to four light bands on 
an optical flat. After this operation the seal face was 
hand polished on 4/0 polishing paper and again checked 
on optical flat. 

Due to the porous nature of carbon, measurement on 
surface roughness by a profilometer was omitted. 


Test Length 


Length of tests was determined by two factors. One was 
the length of time necessary to obtain sufficient wear to 
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show a difference among the materials under test. The 
second was the length of time for the mating materials to 

‘ build stable interfaces. Seal temperature usually indicates 
when this condition has been achieved. 


Results 


Figure 5 is a typical plot of seal temperature vs. hours 
on test. As is generally the case, carbon temperature 
climbed rapidly to a peak the first hour while the inter- 
facial running film was being formed. After that it settled 
back to a more or less constant value. This is presumed 
to be due to the formation of a stable interface with new 
film being formed as rapidly at it is worn away. Experi- 
ence has shown that 6 hours of nonlubricated running is 
a sufficiently long period to form a stable interface (or 
prove noncompatibility); and to show a consistent dif- 
ference between materials with this apparatus. 


REPRODUCIBILITY OF TEST RESULTS 


Table 1 summarizes 74 “dry screening” tests on 5 car- 
bon grades. Each test lasted 314 hours and was conducted 
in an identical manner. 








TABLE 1 
Reproducibility of Tests 

Carbon tested A B c E F 
Tests 11 47 3 5 4+ 
Avg. Wear, mils 0.84 0.59 0.54 1.04 2.15 
Std. Dev., mils 0.11 0.22 0.18 0.33 1.01 
Std. Dev., % 13 36 33 31 47 
Avg. Peak Temp., °F 343 548 548 483 471 
Std. Dev., °F 33 49 20 71 25 





The standard deviation was calculated according to 
Grant (8). There is no way to separate the variation due 
to operation of the test stand from the variation in the 
carbon itself, hence the standard deviations shown com- 
bine variations from both sources. 

The standard deviation of wear values ranged from 13 
to 47%, averaging 33%. Under these conditions three 
tests of a new grade usually suffice to pick up a 50% 
reduction in wear with a 90% confidence that the 
reduction is real. 


Factors WHIcH AFFECT WEAR RATES 


Face pressure, rubbing speed, carbon grade and mating 
face material are the four principal factors which affect 
carbon wear rates and frictional temperature rise. Proper- 
ties of the carbons discussed are shown in Table 2. 


Physical Properties 








A B Cc D 
Carbon-graphite (resin impreg.) (org./inorg. impreg.) (anti-oxid. impreg.) (premium graphite) 
Scler. hardness 80-95 40-60 70-90 50-70 
App. density, gm/cc 1.70-1.80 1.65-1.80 1.75-1.95 1.55-1.70 
Trans. Str.2 8.5-11.5 4-7 6-10 4-7 
Temp. limit, °F 500 1000 1150 800 





@ Thousands of psi. 
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The last line of Table 2 shows the maximum recom- 
mended operating temperature if these carbons are to be 
exposed to air. This temperature ceiling is largely fixed by 
the oxidation resistance of the carbons. Figure 6 compares 
the rate of weight loss of these carbons in a static test 
when exposed to moving air at the indicated temperatures. 
Carbon “C” has approximately 1000 times the oxidation 
resistance of Carbon “A” in the 700-1200 F temperature 
range. 


EFFECT OF FACE PRESSURE 


Face pressure is one of the most important factors in- 
fluencing wear rate and temperature rise of the seal car- 
bon. Figures 7 and 8 show the effect of increasing face 
pressure on seal wear rate and maximum seal temperature. 
Mating face was chrome plated AISI 4140 steel, and the 
tests ran dry, i.e. unlubricated, for 6 hours sealing air. 
Surface speed for these tests was 16,700 fpm. This is 
higher than normal for jet aircraft main bearing seals. 
It was used to simulate extreme running conditions, and 
to better illustrate the differences in carbon performance. 


Seal wear rate, Fig. 7, is shown in inches per million 
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feet traveled while rubbing the mating face with the in- 
dicated face pressure. Maximum carbon temperature is 
shown in Fig. 8. Carbon temperature is an indirect meas- 
ure of friction. It is also intrinsically important since high 
carbon temperatures can cause oil deterioration and 
failure of other system components. 

Carbon “D” would not operate at 6, 12, or 18 psi. 
Temperature rise due to friction was excessive, and the 
“OQ” ring behind the carbon usually burned up within 5 
minutes after the test started. 

Carbons “A” and “B” operated satisfactorily at 12 psi 
and lower, but wear rate at 12 psi was high. At higher 
pressures, temperature of both these carbons was very 
high, and chattering and leakage of air past the seal 
became so serious that the test was terminated short of 
the normal 6 hours. 

Carbon “C” was the only material which would run a 
full 6 hours at 16,700 fpm and a face pressure of 18 psi. 
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The maximum carbon temperature of 690 F was reached 
early in the test. Wear rate under these unusually severe 
conditions averaged only 0.00047 inches per million feet 
rubbed. 

EFFECT OF RUBBING SPEED 


Earlier work by the authors (7) has shown that rub- 
bing speed up to 1000 fpm affects temperature rise of the 
carbon, but may or may not affect wear rates. (It is im- 
portant to note wear rates are expressed as inches per 
million feet rubbed.) These tests extend those findings 
to rubbing speeds 20 times higher. Figures 9 and 10 
show the effect of rubbing speed upon wear rate and 
maximum seal temperature of the carbon. 

Mating face for these tests was also chrome plated 
AISI 4140 steel, and tests ran for 6 hours sealing air. 
Again the seal assembly was not lubricated in any way. 
Face pressure was constant at 12 psi. 

Again, carbon “D” gave the poorest performance. It 
would run at only the lowest speed, 5250 fpm. Even at 
these mild conditions, the carbon temperature rose to 
890 F. At higher speeds, it overheated and quickly burned 
up the sealing “O” ring, causing the test to be stopped. 
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Carbons “A” and “B” operated satisfactorily up to 
10,000 fpm with carbon “B” giving lower wear than 
carbon “A.” At a surface speed of 16,700 fpm, tempera- 
ture of both carbons exceeded 700 F, and wear rate 
climbed to 0.00113 and 0.00153 inches per million feet 
rubbed respectively. 

At all speeds tested, carbon ‘“‘C” gave the lowest wear 
rates. 

It is interesting to note that all three carbons, “A”, 
“B,” and “C” gave lower wear rates at 9650 than at 5250 
fpm. Similar results have been obtained in other tests. 
The reason for this is not known. 


EFFECT OF MATING FACE MATERIALS 


The third variable which affects carbon performance in 
a seal is nature of the mating face material. Six commonly 
used mating face materials were tested using carbon “B” 
as the seal. Carbon “‘B” was chosen for these tests because 
it has been widely used in aircraft jet seals. It is one of 
the first seal carbons specifically formulated for high 
surface speeds, and a considerable amount of test data 
and field data have been accumulated. 

Mating face tests were all run at 9600 fpm sealing dry 
air with no added lubrication. Face pressure started at 
O psi and was increased in 3 psi increments after every 
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Fic. 11. Wear and temperature rise with different mating faces 
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half hour. The test was stopped after /% hour at 18 psi. 
Total test length was 3% hours, and a minimum of two 
tests was run on each mating face material. 


Figure 11 shows the average wear rate and temperature 
rise of carbon “B” when mated with six different mate- 
rials. The solid lines are carbon wear rates and the broken 
lines, carbon temperature. The mating face materials 
are arranged in order of increasing seal carbon wear. 

Lowest wear was obtained running against AISI C-1018 
cold rolled steel, and highest wear against electrolyzed 
AISI 4140. Surprisingly, the highest temperature rise 
occurred on the cold rolled steel indicating this material 
had the highest friction coefficient. 


The aluminum oxide on AISI 4140 steel had wear 
almost as low as the cold rolled steel. Its maximum 
temperature was more than 100 F lower indicating sub- 
stantially lower friction. Wear rate of carbon “B” on 
aluminum oxide was also lower than on any of the 
metals except cold rolled steel. 


There was no measurable wear on the aluminum oxide 
or any of the metal mating faces. 

Lowest temperature rise was obtained running carbon 
“B” against itself. It is probable that the actual coefficient 
of friction in this case was lower than in any others. 

In any particular application, a number of factors 
will have to be considered in choosing the mating face 
material. These data suggest that carbon “B” is com- 
patible with a wide range of materials. 


Discussion 


Perhaps the most interesting observations to come out 
of this test program have been on the role of the inter- 
facial film in a nonlubricated seal. This film was a black- 
brown smear on the wear track of the mating face. 

When low wear rates and tolerable friction was ob- 
tained the film was uniform and continuous. It had a mat 
appearance with small platelets evident over much of the 
track width. 


In cases where friction was high there were sections of 
the wear track with a greater film buildup. The buildup 
zones were dark and shiny. Behind these buildups there 
was blueing of the chrome plate suggesting high surface 
temperatures. 

In the cases of high wear the film was much thinner 
and discontinuous. No indications of high surface tem- 
peratures was evident. 


Film formation seems to be related to the chemical 
nature of the carbon-graphite. Coke-based, high surface 
area “carbons” are generally better film formers than fully 
graphitized “carbons.” For example, carbon “D,” a high 
density, high strength fully graphitized carbon, is a poor 
film former, and it runs poorly. 

Film formation can be substantially altered by im- 
pregnation of the carbon-graphite with resins, metal 
organic compounds, and even by certain inorganic com- 
pounds. Carbon “A” is an example of strong, hard, 
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coke-based material which has been impregnated with a 
thermo-setting resin. Organic resins decompose in the 
500-700 F temperature range, and their use places 
temperature limitations on the carbon-graphite. In addi- 
tion, coke-based materials themselves generally have rela- 
tively poor resistance to oxidation by air. These limita- 
tions are circumvented by the use of oxidation-resistant 
base “carbons” and impregnants which are thermally 
stable. Carbons “B” and “C” are examples of this 
approach. 


Summary and conclusions 


A test stand which simulates main shaft seals for air- 
craft jet engines is described. Data are presented on four 
carbon graphites and six mating face materials running 
nonlubricated at face loadings to 18 psi and rubbing 
speeds to 16,700 fpm. For all carbon-graphites, an in- 
crease in face loading from 6 psi to 18 psi had more 
effect on wear rate than an increase in rubbing speed from 
5,250 to 16,700 fpm. 

Carbon “C” has lower wear rates and far better oxida- 
tion resistance than either carbon “A” or carbon “B”. 
Carbon “D,” a premium graphite without film-forming 
additives, has excessive wear and friction at the higher 
speeds and loads. Mating face material had less effect on 
seal wear and temperature rise than the carbon graphite 
used. 

Wide differences in the performance of carbon-graphite 
in seals have been reported by many others. These data 
are a further indication of the need to match the carbon- 


graphite to the seal application if optimum performance 
is required. 
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Dry Lubricated Bearings for Operation in a Vacuum 


By PAUL H. BOWEN? 


Ball bearings incorporating two different types of dry self-lubricating retainer materials were suc- 
cessfully operated in a vacuum over the pressure range of 1 X 10-7 to 2 K 10-8 (mm of Hg) 
torr for prolonged periods of time. A 20mm bore ball bearing of AISI M-10 tool steel with a filled 
plastic retainer was operated over a range of temperatures from 100F to 160F and similar bearings 
with filled metal retainers were operated over a temperature range of —300 F to 450 F, at radial 
loads up to 75 pounds. Other ball bearings using both types of self-lubricating retainer materials 
were operated in electric motors in the vacuum environment. 

In selecting the dry self-lubricating materials for the ball bearing tests, plastics, powders, and 
composite materials were screened in an inert atmosphere to determine wear and friction character- 
istics. Each of the materials that exhibited desirable lubricating properties was then subjected 
to a vacuum at elevated temperatures to determine the rate of outgassing. These materials were then 
satisfactorily used as the dry self-lubricating retainers in the 20 mm bearings which operated in the 





vacuum environment. 


Introduction 


THERE is a requirement for handling equipment to be 
used in positioning space vehicles and other test apparatus 
in large simulated space environmental chambers. This 
equipment requires lubricated bearings that will function 
satisfactorily in the special environment and for this 
reason a new area of investigation has been created in the 
field of lubrication. 

Satisfactory lubrication for extended periods of time 
must be provided for the bearings of handling equipment, 
such as 5 to 7 HP electric motors that operate in an ultra- 
high vacuum over a temperature range of —300 F to 
400 F. The lubricant must have an extremely low evapo- 
ration rate and low outgassing characteristic over the 
entire operating temperature range. These requirements 
exclude the use of conventional oils and greases. 

In ultra-high vacuum environments as encountered in 
laboratory test chambers or proposed space chambers, the 
protective surface oxides or other attached films normally 
found on bearing surfaces in an air atmosphere, may be 
absent. When these metal surfaces come in repeated 
contact with each other without the protective films, 
high coefficients of friction and significant metal transfer 
or welding can occur (1). In addition, the only natural 
mechanisms of heat dissipation from a bearing are by 
radiation or conduction to contacting surfaces. This heat 
reservoir effect compounds the lubrication problem. 

For satisfactory bearing lubrication, a dry solid re- 
tainer material must provide an adherent film as well as 
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a continuous lubricating film that can replace the oxide 
film on the metal and the fluid film normally found in con- 
ventional bearings (2, 3). 

Based on this background an investigation was initiated 
with the following objectives (a) to screen dry solids (4) 
and powder materials (5,6) for lubricating and outgassing 
characteristics, and (b) to evaluate the lubricating 
materials in ball bearings operating in a vacuum at a 
pressure range of 1 & 10-7 to 1 & 107-8 torr. 


Materials 


Plastics, dry powders, composites, and alloys were 
selected as potential lubricating materials. A description 
of the materials selected for screening tests is shown in 
Table 1. 

The plastic materials consisted of both filled and 
unfilled thermoplastic compounds and one _ unfilled 
thermosetting compound. The selection of these materials 
was based on a knowledge of the required lubricating 
and strength properties as well as known suitability for 
use in a vacuum. 

The dry powders were selected on the basis of low hard- 
ness values and crystalline structures (7). The crystalline 
structure of each material was one of the following: 
hexagonal, rhombic, cubic, or monoclinic. 

The composite and alloy materials were developed or 
obtained in an effort to provide self-lubricating materials 
that would withstand higher temperatures and provide 
greater strength than the plastic materials. This selection 
consisted of powdered metal-graphite, porous sintered 
alloy impregnated with a lubricant, composites containing 
a metal-PTFE?-powder lubricant and a stainless steel 
alloy. 

The test bearings were fabricated of AISI M-10 tool 





2 Polytetrafluoroethylene. 
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TABLE 1 
Wear and Friction Characteristics of Materials on M-10 Tool Steel Disks in Dry N. Atmosphere 





TABLE 1A 





86 F 160 F 








Test Materials 
































ere Avg. coef. Wear Avg. coef. Wear 
Plastics friction (mm/hr) friction (mm/hr) 
Nylon E¢ Fail E Fail 
Nylon—40% MoS, filler .20 0.7 .20 0.7 
PTFE (Polytetrafluoroethylene) E Fail — — 
PTFE—mica filler 11 3.0 af 3.6 
PTFE—glass fiber—MoOS, filler .03 1.5 03 1.6 
PTFE—glass cloth impregnated 50 3.0 45 3.5 
PTFCE (Polychlorotrifluoroethylene) 56 Fail = —_ 
Polypropylene > .60 Fail > .60 Fail 
Chlorinated polyester > .60 Fail > .60 Fail 
TABLE 1B 
M-10 block at 160 F Mo-V 440C SS block at 160 F 
Avg. coef. Wear Avg. coef. Wear 
Powders—Structure friction (mm/10 min) friction (mm/10 min) 
Graphite Hexagonal 04 0.2 04 0.2 
CaSO, Rhombic 35 0.2P° 47 0.2P 
PbCrO, Monoclinic 21 0.2P 21 0.2P 
PbS Cubic 37 0.2P 42 0.5 
Sb.S, Rhombic 14 0.2P Av 0.2P 
MoS, Hexagonal 03 P 03 P 
WSe, Hexagonal 02 P .03 P 
MoSe, Hexagonal 02 ig 02 P 
NbSe, Hexagonal .06 P a _ 
TABLE 1C 
Temperature Avg. coef. Wear 
Composites and alloys (° F) friction (mm/hr) 
65Fe-35C 1000 21 2.8 
40Fe-60C (Heat treated) 1000 18 3.7 
30Fe-70C (Heat treated) 1000 .28 4.0 
40Ni-60C (Carburized) 1090 18 9.4 
30Ni-70C (Carburized) 1000 07 6.5 
56Co-30Cr-W12 + Sb.S, 1000 MS 2.1 
Mo-V AISI 440C SS 1000 .28 a2 
AISI 304 SS 1000 85 77 
55 Bronze-27PTFE-18MoS, 160 21 1.9 
70Ag-20PTFE-10WSe,, 160 25 22 





« Erratic values obtained. 
» Polished area. 


steel. Test bearings were also used as the facility bearings 
except for the motor bearings which were fabricated of 
AISI T1 steel. 


Screening tests 
WEAR AND FRICTION 


Initial evaluation of the candidate materials was made 
in a modified wear and friction tester. Figure 1 is a 
photograph of the test apparatus used. The tester em- 
bodied the same principles used in the MacMillan and 
Falex testers. A 1.375 inch diameter test disk was at- 


tached to one end of a horizontal shaft assembly with the 
driving source located at the other end of the shaft. This 
rotating test disk rubbed against two stationary test 
blocks at a sliding velocity of 230 fpm (640 rpm). The 
test blocks (0.5” & 0.75” 0.25’) were held in shoes 
that were mounted on a torque arm. The torque arm, 
supported by a bearing on the shaft, was a part of the 
shaft assembly. The force of friction of the test blocks 
rubbing on the disk was measured by a strain gauge 
connected to the torque arm. The load was applied to the 
block through a parallelogram arrangement of levers by 
means of an air cylinder. The test blocks were surrounded 
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Fic. 1. Wear and friction tester 


by an oven which was used during tests at an elevated 
temperature. A bell jar covered the entire test assembly 
and sat on the base plate to provide a chamber for the dry 
nitrogen atmosphere. 

The test conditions and procedure for determining the 
wear and friction of the materials varied slightly. Each 
plastic, composite, and alloy block was tested as a self- 
lubricating material. These blocks rubbed against the 
AISI M-10 tool steel disk for a period of 1 hour at dif- 
ferent temperatures. The plastic materials were tested at 
temperatures of 86 F and 160 F. The composites contain- 
ing PTFE were tested at 160 F; while the remaining com- 
posites and alloys were tested at 1000 F. Dry powders 
were tested as lubricants between blocks of Mo-V 
modified AISI 440C stainless steel or M-10 steel which 
rubbed against the M-10 disk for a period of 10 minutes 
at a temperature of 160 F. 

In all tests only one block was used in the tester and a 
one pound load was applied to the block which cor- 
responded to an average pressure between the block and 
disk of 100 psi to 300 psi. At least three tests were made 
on each material or powder. The values of the friction force 
were observed by the use of the strain gauge and indi- 
cator during the test. Wear of the blocks were measured 
after test and values were expressed in millimeters of scar 
width. This value was the cord of the arc caused by the 
wear of the rotating disk on the edge of the block. 





Fic. 2. Zirconia-quartz tube with vacuum valve 


OUTGASSING 


The outgassing tests were made in a zirconia-quartz 
vacuum furnace tube and the evolved gases were analyzed 
in a mass spectrometer. Figure 2 shows the zirconia- 
quartz tube with the vacuum valve. The gases evolved 
from the sample were collected in a 3 liter flask, cooled 
to standard conditions and then measured. After deter- 
mining the total gas volume, the gases were transferred 
to the mass spectrometer. The outgassing data output 
from the spectrometer was processed through a Datatron 
computer to provide the calculated mol % of each gas. 

To conduct each test the sample was placed in the 
quartz end of the furnace tube. The tube was evacuated 
to a pressure of 1 & 10~® torr and the zirconia end was 
placed in the furnace. The zirconia end was heated to 
1200 F-1300 F while pumping continued until a negligible 
background was observed during periodic sampling of 
gases from the tube. The zirconia end of the tube was 
then cooled and the sample was transferred to the zirconia 
end by tipping the tube. The tube was again placed in 
the furnace and the sample was baked at an elevated 
temperature for a period of 24 hours. 

The outgassing tests started immediately following the 
bake-out period. The sample was held at a selected test 
temperature in the furnace during the 20 minute test. The 
gas accumulated in the zirconia tube at the end of the 
test period was transferred to the 3 liter flask, measured 
and then analyzed using the mass spectrometer. In 
conducting the outgassing run at the next higher tempera- 
ture, the sample was returned to the quartz end of the 
vacuum tube and the test procedure repeated. The 
temperature level of each outgassing test was increased 
in increments of 200 F until the maximum desired test 
temperature was reached or the sample evolved relatively 
large amounts of gases. 


Vacuum bearing tests 
Test BEARING AND APPARATUS 


Conventional deep groove Conrad type ball bearings 
normally used with oils or greases were modified for use 
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BEARING (MRC): 204 SIZE 20 MM BORE 

BALL DIAMETER : 0.3122" (6 BALLS) 

OUTER RACE CONFORMITY: 52% OF BALL DIA. 
INNER RACE CONFORMITY: 51% OF BALL DIA. 
INNER RACE SHOULDER HT:16% OF BALL DIA. 


(a 


| 
RETAINER RETAINER 
A B 


Fic. 3. Cross section view of bearing showing (A) the one piece 
retainer and (B) the retainer and ring lubricant configuration. 


LUBRICANT RING 





























with the dry lubricants. The most significant changes 
involved the increase in radial clearance, reduction in the 
number of balls, and the redesign and use of self-lubricat- 
ing materials for the retainer. The design configuration 
of the bearing is shown in Fig. 3. One land of the outer 
race was ground to provide a counterbore shoulder and 
still retain a nonseparable bearing. The shoulder height 
(depth of the race groove measured from the shoulder 
to the bottom of the ballpath) was 16% of the ball diam- 
eter. An inner race-riding, one-piece retainer was used 





as shown in Fig. 3A. A novel dry-ring lubricating tech- 
nique was tested using a bearing with a retainer of special 
design noted in Fig. 3B. The retainer had a triangular 
cross section which permitted the lubricant ring to be 
held against and rub on a relatively large surface area 
of the rotating balls. 

The test apparatus for evaluating the lubricated bear- 
ings consisted of a vacuum chamber housing a test 
spindle and drive motor and related pumping equipment 
(8) as shown in Figs. 4 and 5. The chamber was roughly 
the shape of a cube approximately two cubic feet in 
volume. A cross section view of the test chamber showing 
the spindle assembly, test bearing, bearing loads, heater 
assembly and torque system is shown in Fig. 6. The test 
bearing was mounted on one end of the spindle with the 
drive motor on the opposite end. A radial load on the 
test bearing was obtained using a 75 pound weight, 12 
inches in diameter and 3 inches thick, which surrounded 
the bearing and formed an integral part of the housing. A 
5 pound axial load was applied to the bearing by means 
of a wire fastened to the bearing housing which extended 
forward and over a pulley on which the weight was sup- 
ported. This wire, fastened by a set screw at the top of 
the pulley, also acted as a torsion member and restoring 
force for any rotational movement of the housing. The 
angular displacement of the 75 pound weight was a direct 
measurement of torque. The maximum error in the torque 
measurement was + 10%. The test bearing was heated 
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Fic. 4. Bearing and lubricant test apparatus 
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Fic. 5. Spindle assembly, heater, load, and torque device 


to the desired temperature by a resistance heater located 
in front of the bearing. 


The test spindle assembly was supported in a pedestal 
that was cooled with water or liquid nitrogen. The spindle 
assembly contained the spindle, three bearings and a 
housing tube. The rear bearing as well as the front-aft 
and front-forward bearings were 204 size 20 mm bearings 
with the same configuration as the test bearing. 

The drive motor for the spindle was an 1800 rpm 
canned-rotor electric motor. The bearings, rotor and shaft, 
were located inside the can with the stator windings 
located outside the can. One end of the can had a flange 
that was bolted to a corresponding flange of the chamber, 
exposing the bearings and shaft assembly to the vacuum 
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Fic. 6. Cross section view of chamber with the test bearing 
installed; bearing radial load 75 lb, axial load 5 lb; speed 1800 rpm. 


environment. A water cooled shell covered the stator and 
acted as a support for the thin walled can. 


The chamber pumping system consisted of three 
pumps; a gas ballast roughing pump, a small oil diffusion 
pump, and a 1500 liters/second oil diffusion pump. Two 
traps were used: (a) a liquid trap cooled with water and 
(b) a dry trap containing artificial zeolite pellets. The 
pumping speed of the system was approximately 300 
liters/second. The liquid trap along with the dry trap, 
prevented back streaming of the diffusion pump oil in 
the test chamber. Sufficient quantity of the pellets were 
used to prevent saturation during continued operation for 
periods up to one month. The test chamber containing 
the facility equipment was capable of reaching pressures 
as low as 8 X 10~° torr. 

The entire system could be leak checked using a 
helium-type mass spectrometer detector. The detector had 
a sensitivity of 1 & 10~® standard cc air/second and was 
used to sense 100% of the helium tracer in any leak. 

The chamber pressure sensing and indicating system 
consisted of two thermocouple vacuum gauges, one ioniza- 
tion gauge control and a high vacuum ionization gauge. The 
ionization gauge was mounted on the top of the chamber 
and located near the test bearing. The connecting tubing 
was 8 inches long with an inside diameter of 0.62 inches. 
The conductance was calculated to be approximately 1 
liter/second. This value compared to the pumping speed 
of the ionization gauge of approximately 0.1 liter /second 
and may produce an error in the pressure chamber reading 
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of approximately 10%. This neglects adsorption of gas 
on the connecting tubulation during flow into or out of 
the gauge. This assumption is warranted for normal gases. 
The time constant of the pressure measuring system was 
less than 0.1 second. 


TEST PROCEDURE 


Each bearing used in the tests was inspected and 
cleaned before the weight and linear measurements were 
made on the bearing components and the one piece 
retainer. Each bearing was assembled by heating the 
outer race and forcing it over the balls and retainer as 
positioned on the inner race. The radial (diametrical) 
clearance of each bearing was measured in twelve dif- 
ferent positions using an air gauge with a 5 pound load. 
The measured values were averaged to obtain the nominal 
radial clearance. 

During the test bearing installation, the interior of the 
chamber was thoroughly cleaned with anhydrous ethyl 
alcohol. In some of the tests, a stainless plate (check for 
oil back streaming) was placed in front of the dry trap. 
A gold “O” ring seal was installed and the lid bolted in 
place. 

The chamber was covered with an asbestos blanket and 
baked at an elevated temperature during pump down. 
The time required for this bake-out procedure depended 
in part on how long the chamber and dry trap were ex- 
posed to the atmosphere prior to test. Normal bake-out 
time exceeded 24 hours. The dry trap and chamber were 
controlled at a temperature of approximately 500 F 
during this procedure. 

Seven bearing tests at an elevated temperature in- 
cluding one start at a cryogenic temperature were made 
on six lubricant combinations in the test bearings. Seven 
facility bearing tests were made on one lubricant com- 
bination. These six lubricant-bearing configurations are 
described in Table 2. 

The bearing tests were not started until the pressure 
in the chamber was in the range of 10~® torr. Im- 
mediately after the spindle started to rotate, the cham- 
ber pressure usually increased by 0.5 to 1 order of 
magnitude. The bearing temperature and the chamber 


pressure including the change during starting of the 
bearing, are plotted as a function of time and are shown 
in Fig. 7. Other information obtained during each test 
were facility bearing temperature, torque, motor current, 
and bearing heater current. A glass sight port on the 
chamber was used to observe the test assembly and the 
bearing torque. 

At the completion of each test, both the test bearing 
and facility bearings were inspected. In tests where 
operation of the test bearing was marginal or where addi- 
tional test time was desired on the facility bearings, the 
spindle shaft was slowly rotated by hand before and 
after the test bearing was removed to determine that 
malfunction of the test equipment had not occurred. 

After the test bearing was removed from the test 
weight assembly, the radial (diametrical) clearance was 
measured. The bearing was then disassembled, cleaned, 
and weighed. Linear measurements of the components 
were also made. The bearing was then reassembled and a 
check of the radial clearance was again made. 

No measurable oil backstreaming was observed during 
the tests. Inspection was made using distilled water to 
wet the surface of the stainless steel specimen both 
before and after test. A continuous film was observed 
on each of the specimens immediately after test which 
indicated no measurable backstreaming had occurred. 


Results and discussion 
SCREENING TESTS 


The wear and friction screening tests in a dry nitrogen 
atmosphere were effective in selecting the most desirable 
self-lubricating materials and powders. The results of 
these tests are shown in Table 1. The unfilled plastic 
materials frequently exhibited erratic friction values 
and/or excessive wear. The PTFE-fiber glass-MoS, 
filled material had the best lubricating properties of the 
plastic materials tested. The dry powders of MoS», 
MoSez, WSez, and NbSe» exhibited both low friction and 
negligible wear when evaluated as lubricants between two 
rubbing metal surfaces. Although graphite was known to 
be a poor lubricant in a vacuum, it was included in the 
screening tests. The powder exhibited low friction with a 


TABLE 2 
Lubricant-Bearing Configuration 








Code No. Retainer material Retainer design Ring 
I PTFE-glass fiber-MoS,, Fig. 3A _- 
II Coated* Mo-V mod. AISI Fig. 3B C-Graphite 
440C stainless steel 
Ill Coated* Mo-V mod. AISI Fig. 3B C-Graphite- 
440C stainless steel 20% MoS, 
IV Bronze-PTFE-MoS,, Fig. 3A — 
Vv Bronze-PTFE-MoS,, Fig. 3A with 0.032” _ 
steel band on OD 
VI Ag-PTFE-WSe, Fig. 3A with 0.032” — 


steel band on OD 





@ Dry film of an inorganic binder with MoS.. 
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Fic. 7. Conditions of test for 20 mm bore bearings using 
various retainer materials or retainer-lubricant combinations; solid 
line is temperature; dotted line is pressure. 


small amount of wear. When graphite was used as a 
lubricant in the sintered composites, either high wear or 
high friction occurred. A porous sintered Co-Cr-W alloy 
impregnated with Sb.S; exhibited promising lubricating 
properties. Although none of the composites had as good 
lubricating properties as the plastic filled materials, the 
bronze-PTFE-MoS, and Ag-PTFE-WSe, materials were 
the most desirable of the composite group. 


OuTGASSING TESTS 


The outgassing tests were necessary to eliminate any 
dry self-lubricating materials or powders with high out- 
gassing rates that would require increased pumping capa- 
city for the simulated space chamber. The results of 
outgassing tests over the desired temperature range for 
each material are shown in Table 3. The plastic materials 
(after being baked for 24 hours at a pressure of 1 « 107° 
torr) had low outgassing rates and were found to be more 
suitable for use in a vacuum than is generally believed. 
The major gas constituent evolved was H.O vapor. The 
dry powders released major constituents of CO and CO: 
gases. The metal-graphite composites evolved H», CO, 
and CO, gases. The metal-PTFE-lubricant composites 
evolved CO and COs gases. 


Outgassing rates were determined for the materials 
without a bakeout and compared to similar materials 
after a 24 hour bakeout. Results indicated that the rate 
of outgassing of the plastics and powders was significantly 
lower after bakeout and that the ratio of the evolved 
gases was different. The results after the 24 hour bakeout 
represent the outgassing rate of the materials that have 
been conditioned in a vacuum or have been exposed to a 
vacuum environment for extended periods of time. 


In some of the outgassing tests, distillates were ob- 
served in the bottom of the tube or deposits were formed 
on the side of the tube. These distillates or deposits were 
products of evaporation with low vapor pressures which 
remained in the bottom or condensed on the cool side wall 
of the furnace tube. 


Test BEARING LUBRICANTS 


The test bearing runs in the vacuum chamber were used 
to determine the relative lubricating ability of self- 
lubricating materials. The duration of the test period was 
100 hours unless failure occurred before completing the 
test. The results of these tests are shown in Table 4. 


The test bearings incorporating one piece retainers of 
the design shown in Fig. 3A, which contained PTFE 
either as the binder or as the filler along with a dry 
powder lubricant, operated for 100 hours with negligible 
wear. These materials were PTFE-glass fiber-MoSo, 
bronze-PTFE-MoS., and Ag-PTFE-WSe.. The Sb.S; 
impregnated porous Co-Cr-W alloy was eliminated from 
test because of the susceptibility of cracking the retainer 
during fabrication. 


Best results were obtained in a bearing with the 
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TABLE 3 
Outgassing Characteristics of Materials after 24 Hr Bakeout 
Bake- Out- 
Wt. of pa gas. Mol % of Gases Evolved Vslemeat 
Material sample temp. temp. CO and/ evolved 
plastic (gm) (° F) (° F) H,O co CO. So, or No H, NH, UN? (cc/gm) 
PTFE—Glass 0.9063 560 160 99.99 — oo — — — — —- 0.0006 
Fiber—MoS,, 360 99.99 — os — a — a — 0.0007 
Filled 560 91.99 -— -— — 8.01 — oe — 0.0039 
760 45.75 36.86 6.06 10.13 — — 1.20 — 0.2106 
Graphitic 0.01346 760 760 — 30.76 69.24 a a — —- = 0.0024 
Carbon 960 18.96 18.96 33.42 oo _ 28.66 os — 0.0241 
MoS, 0.1916 760 760 _ _ _ _ _ _ ae - < 0.0005 
960 —_ 23.27 60.11 16.62 —- — — oe 0.0073 
WSe, 0.7198 760 760 _ — a - — - _ —  <0.0004 
960 — 73.66 26.34 — — —- — ae 0.0015 
40Fe-60C (HT) 1.8572 760 760 -— 46.25 53.75 — ve — — _ 0.0006 
960 ao 11.78 31.28 — _ 56.78 a — 0.0016 
30Ni-70C(C) 1.4621 760 760 ae 36.91 —— — <= 63.09 — — 0.0005 
960 = 12.66 — — ae 87.34 — — 0.0027 
Bronze-PTFE- 2.0381 760 360 _ — — -- — _ _ _ < 0.0004 
MoS,, 560 6.33 12.87 67.22 6.21 _ 3.47 a 3.98¢ 0.0137 
760 3.68 10.87 69.58 6.20 — 3.14 — 6.53 0.0237 
Ag-PTFE-WSe, 3.6932 760 360 a — — i — — o — < 0.0004 
560 — ao — — — — a —_ < 0.0004 
760 — 23.63 21.53 — — 51.88 oo 2.964 0.0004 
@ Total volume of gases was measured at STP. 
» Unidentified gases. 
¢ Believed to be hydrocarbons. 
@ Believed to be SiF,. 
TABLE 4 
Vacuum Bearing Test Data 
Bearing number 1 28 18 11 12 5 1A 
Bearing speed, rpm 1800 1800 1800 1800 1800 1800 1800 
Bearing radial load, Ib 75 75 75 75 75 75 75 
Bearing axial load, lb 5 5 5 5 5 5 5 
Bearing material M-10 M-10 M-10 M-10 M-10 M-10 M-10 
Lubricant-bearing configuration Code I Code I Code II Code III Code IV Code V Code VI 
Test time hours 104.0 100.0 100.0 33.0 100.0 100.0 100.0 
Bearing radial clearance, in. 0.0033 0.0032 0.0006 0.0036 0.0035 0.0035 0.0032 
Change in radial clearance, in. — —0.0007 0.0220 0.0302 0.0001 —0.0003 NC 
Initial ball dia., in. 0.3122 0.3122 0.3122 0.3122 0.3122 0.3122 0.3122 
Avg. change in ball dia., in. NCa@ NC —0.0064 —0.0117 NC NC NC 
Initial wt. of retainer, gm 11.0103 11.1925 17.1281 14.8764 26.5139 27.5882 37.1141 
Change of retainer, gm —0.2373 —0.1654 —2.3993 —1.3722 —0.1935 —0.3303 —0.0938 
Initial wt. of outer race, gm — 51.5954 51.9476 51.8353 52.0082 51.7647 51.8763 
Change of outer race, gm — 0.0009 —0.2832 —0.1135 —0.0028 0.0127 0.0018 
Initial wt. of inner race, gm —_— 25.4152 24.9707 25.4232 25.4738 25.4962 25.4374 
Change of inner race, gm — 0.0011 —0.3961 —0.3949 0.0001 0.0276 0.0023 
Initial wt. of balls, gm — 12.2764 12.2624 12.2778 12.2784 12.2585 12.2725 
Change of balls (6), gm _ 0.0020 —0.7574 —1.3335 —0.0017 0.0049 0.0005 
Change of lubricant ring, gm a —1.3517 —1.3939 _- —: — 
Avg. pressure torr (X 10-7) 27 3.2 2.0 4.7 ‘7 3.3 2.0 
Avg. bearing temp., ° F 100 130 150 400 135 390 400 
Avg. coef. of friction —_ 0.002 0.002 0.008 0.004 0.004 0.001 
Wear of retainer % 245 1.46 14.0 9.25 0.73 1.20 0.25 
Wear of retainer %, 100 hr 2.04 1.46 14.0 28.0 0.73 1.20 0.25 





@ No measurable change in diameter. 
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retainer made of Ag-PTFE-WSe, material. This combina- 
tion exhibited no measurable wear on the metal bearing 
components and the least wear on the retainer. In addi- 
tion, the rolling coefficient of friction was lowest of all the 
bearing combinations tested. 

Although a film of graphitic carbon is not a good 
lubricant, the graphite was selected for test in the bear- 
ings as a once through powder lubricant similar to the 
flow of oil through a bearing. In order to use the material, 
a specially designed ring was made so that the edge of 
the ring would continuously wear and release powder on 
the balls during operation of the bearing. The lubricating 
ring and retainer component design is shown in Fig. 3B. 
The graphite lubricated bearing exhibited excessive 
abrasive wear but low friction. Wear was not decreased 
when a graphite ring containing 20% by weight of 
MoSz2 was used. No correlation of wear with bearing 
metal hardness could be determined. A comparison was 
made of the hardness of the balls and race ballpath of 
both bearings with that of unused bearings. All hardness 
values of the inner race ballpath were within the range of 
92.5 to 94 Rockwell “15N”. The balls were within 91 to 
93.5 “R15N.” The hardness of the ballpath of a new 
bearing and bearing No. 11 was in the range of 92 to 94 
“RI5N”. The ballpath of bearing No. 18 varied from 
84 to 93 “RISN”. An X-ray diffraction analysis made on 
the wear debris from bearings Nos. 11 and 18 revealed 
that a metallic carbide M;C; (where M refers to the 
metal) was present. No metallic carbides were found in 
the unused graphitic carbon and graphitic carbon-MoS, 
samples although carbides were present in the races and 
balls. Both wear and friction of bearing No. 11 were the 
highest of all the bearings tested, indicating a greater 
quantity of metallic carbides existed which produced 
the increased abrasive wear. However, excessive wear did 


occur without a corresponding increase in friction as ob- 
served in bearing No. 18. 


FaciLity BEARING LUBRICANTS 


The test results of the facility bearings incorporating 
retainers of PTFE-glass fiber-MoS, plastic materials are 
shown in Table 5. The facility bearings were not removed 
after each 100 hour test but were used for many test 
runs. Although they were operated for extended periods 
of time each bearing was in excellent condition and 
capable of considerable more operation when removed 
from the test chamber. A significant difference in retainer 
wear was observed for the bearings in different locations. 
In general, the bearings with the lighter loads showed 
significantly less wear of the retainer. 

A low temperature start and a run of 3.6 hours at a 
temperature of —300 F was made on one set of facility 
spindle bearings following a regular test on the test 
bearing. For this test, only the temperature of the front 
forward spindle bearing was observed. Liquid nitrogen 
was pumped through the cooling coils in the pedestal. The 
chamber walls were cooled with a blanket containing dry 
ice. The spindle bearings operated satisfactorily at the 
cryogenic temperature with no increase of power re- 
quired by the drive motor. Several starts were made with 
normal operation being experienced. Measurements of 
the front forward spindle bearing after test showed a 
decrease in radial clearance of approximately 0.0002 inch 
with an average increase in ball diameter of 0.0001 inch. 
This indicated that a thicker film was formed on the balls 
than was formed on the raceways. 


GENERAL 


A lubricating film existed on all the ball and race (ball- 
path and riding land) surfaces in bearing tests where 


TABLE 5 
Vacuum Facility Bearing Data 








Bearing No. 10 20 15 
Bearing material T-1 T-1 M-10 
Lubricant-brg. configuration Code I Code I Code I 
Bearing load, Ib 2 2 51 
Bearing location Motor Motor Spindle 
Rear Front Front 
Forward 
Test time, hr 238 338 405 
Bearing radial clearance, in. 0.0010 0.0010 0.0035 
Change radial clearance, in. —0.0004 —0.0007 0.0001 
Ball diameter, in. 0.3124 0.3124 0.3122 
Avg. change in ball dia., in. NC@ NC —0.0001 
Initial wt. of retainer, gm 10.6257 11.0835 10.5112 
Change of retainer weight, gm —0.0173 —0.0582 —0.1532 
Initial wt. of outer race, gm 56.2295 55.7978 51.6846 
Change of outer race, gm —0.0020 —0.0006 0.0002 
Initial wt. of inner race, gm 28.8147 28.4335 25.4677 
Change of inner race, gm —0.0011 —0.0005 —0.0109 
Retainer loss, % 0.16 0.53 1.45 
Retainer loss %/100 hr 0.07 0.16 0.36 


25 25 23 27 27 
M-10 M-10 M-10 M-10 M-10 
Code I Code I Code I Code I Code I 

51 51 51 51 51 
Spindle Spindle Spindle Spindle Spindle 
Front Front Front Front Front 
Forward Forward Ait Aft Aft 
100 238 405 100 238 

0.0035 0.0035 0.0035 0.0035 0.0035 

0.0003 0.0005 —0.0003 0.0002 0.0002 

0.3122 0.3122 0.3122 0.3122 0.3122 
—0.0001 —0.0001 NC NC NC 

10.9930 10.9930 10.5848 10.6065 10.6065 
—0.0861 0.2223 —0.1311 —0.0444 —0.1657 

52.0792 52.0792 52.0557 52.0363 52.0363 
—0.0014 —0.0031 0.0015 —0.0010 —0.0035 

25.4047 25.4047 25.4439 25.4586 25.4586 

0.0062 —0.0080 0.0006 —0.0005 —0.0034 
0.78 2.02 1.35 0.42 1.56 
0.79 0.85 0.31 0.42 0.65 





@ NC—No measurable change 


in dimension. 
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PTFE was used in the retainer. This film was observed 
even though a small amount of wear occurred on the 
bearing component. A comparison of two bearings after 
test is shown in Fig. 8. Bearing No. 5 which used a 








Fic. 8. Typical wear patterns of bearings after 100 hours opera- 
tion. A. Bearing No. 18 with steel retainer and ring. B. Bearing 
No. 5 with bronze-PTFE-MoS,, retainer. 


bronze-PTFE-NoS, retainer is shown to be in excellent 
condition after 100 hours. Bearing No. 18 which had the 
steel retainer and the carbon-graphite ring exhibited 
excessive wear on the balls, races, and retainer. In parti- 
cular, a lubricating film was observed in test bearing No. 





Fic. 9. Ball after test—Bearing No. 5 (x 20) 


5 on the ball and races. The photomicrograph shown in 
Fig. 9 is a view of one ball surface of test bearing No. 
5 after test. Both the light colored coating of PTFE and 
small darker spots of MoS. powder can be seen. The 
photomicrograph shown in Fig. 10A is a view of the 
ballpath of the inner race of test bearing No. 12 before 
test. The grinding marks are distinguishable running 
parallel in the ballpath. After test, a lubricating film 
with an irregular surface is distinctly visible in the ball- 





Fic. 10. Inner race ballpath before and after test—Bearing 
No. 12. A. Ballpath before test (x 20). B. Ballpath after test 
(X 20). 


path as shown in Fig. 10B. The thickness of coatings on 
these bearing components was more than sufficient to 
provide adequate bearing lubrication and was many times 
the thickness of an oil film in an oil lubricated ball 
bearing. 

A radial clearance of 0.0035 inch for the test and 
facility bearings was believed to be larger than necessary 
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for use with self-lubricating retainers. Satisfactory 
operation was obtained on the facility motor bearings 
which had a radial clearance of 0.0010 inch. These 
bearings were run under a load of two pounds at tempera- 
tures in the range of 86 F to 200 F. 

The retainer wear of the three best materials was 
determined as a percentage of the initial retainer weight 
and plotted as a function of bearing operating time. These 
curves are shown in Fig. 11. Of the three materials 
plotted, lowest wear and friction was obtained using the 
Ag-PTFE-WSe, retainer in the test bearing. 
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TIME, HOURS 
Fic. 11. Wear of retainers in test bearings with 75 lb radial 
and 5 lb axial load and facility bearings under various lighter 
loads; where little or no measurable wear occurred on the ball or 
race components. 


One bearing lubricant configuration was tested in 
totally immersed electric motors in the vacuum chamber. 
Bearings of 204 and 206 size with bronze-PTFE-MoS, 
retainers were used in a 0.25 HP development motor and 
206 size bearings were used in a modified 4 HP motor. 
The metal bearing components exhibited no measurable 
wear after running 100 hours in the chamber and were 
capable of operating for considerably longer periods of 
time. 


Summary 


Dry self-lubricating materials and powders were 
screened for wear and friction properties and subjected 
to outgassing studies to determine candidate lubricants 
for use in a vacuum environment. 

Bearings of 204 size 20 mm bore incorporating self- 
lubricating retainers made of PTFE-glass fiber-MoSz, 
bronze-PTFE MoS, and Ag-PTFE-WSe, operated satis- 
factorily in a vacuum environment at an average pressure 
in the range of 1.7 & 10-7 to 3.7 & 10-7 torr for 100 
hours. The pressure during starting of the bearings at 
the beginning or during the test was in the range of 
2.0 X 10-* to 9.0 & 10~* torr. Low wear was experienced 
on these three retainer materials with insignificant or no 
measurable wear occurring on the metal components of 
the bearings. The bearings rotated at 1800 rpm and 


were subjected to a radial load of 75 pounds and an 
axial load of 5 pounds. Bearings with the PTFE-glass 
fiber-MoS, retainers were tested at a temperature of 100 
to 160 F. The other two materials were tested in bearings 
at 400 F. A bearing with the bronze-PTFE-MoS, retainer 
was successfully started and operated for 3.6 hours at 
—300 F. 

The Ag-PTFE-WSe, retainers exhibited the lowest 
wear of the three materials that provided satisfactory 
lubrication in the 204 size bearing tests. Within tempera- 
ture limitations, bearings with retainers made of any 
one of the three satisfactory self-lubrication materials 
should be capable of operating for periods of time con- 
siderably in excess of 100 hours. 

The bronze-PTFE-MoS, retainers successfully lubri- 
cated 204 size and 206 size bearings in two totally im- 
mersed electric motors for 100 hours in the vacuum envi- 
ronment with no measurable wear on the balls or races. 
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DISCUSSION 


DonaLp H. Bucktey (NASA Lewis Research Center, 21000 Brook- 
park Rd., Cleveland 35, Ohio): 


The author is to be complimented for his interesting and in- 
formative paper. The paper is a timely and valuable contribution 
to the literature. 
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The author indicates that dry film lubricant screening tests 
for vacuum bearing studies were conducted in a dry nitrogen 
atmosphere. Examination of the data of Table 11-B (data ob- 
tained in a dry nitrogen atmosphere) indicates that graphite 
exhibited a friction coefficient of 0.04. Based on the results of 
Table 11-B obtained in dry nitrogen screening tests, graphite would 
appear to be a good candidate for use as a dry film lubricant in 
vacuum. It is most generally recognized, however, that graphite 
will not lubricate in vacuum in the absence of adsorbed surface 
films. Friction coefficients of 0.5 to 0.7 have been reported in the 
literature for graphite in vacuum. The fact that graphite will not 
lubricate in a vacuum is further born out in the results obtained 
by the author in the bearing experiments. 

With lubricants for which adsorption and desorption phenomena 
are important to their mechanisms of lubrication, operation in 
inert gases does not effectively simulate vacuum environment in 
lubrication experiments. The dry nitrogen furnishes principally 
an oxygen-free environment. It may be pointed out further that 
even with all metal systems, the friction coefficients and wear 
obtained in dry nitrogen and vacuum can be quite different. Some 
time ago, we conducted some basic friction and wear studies with 
52100 steel sliding on 52100 steel in a dry nitrogen atmosphere. 
In these experiments, we experienced friction coefficients of 0.75 
for 52100. When similar experiments were later conducted in 
vacuum friction coefficients as high as 5.0 were recorded. Such 
results indicated that an inert atmosphere, per se, was not suf- 
ficient to predict the performance of a material like 52100 in 
vacuum. 

The author states that “the outgassing tests were necessary to 
eliminate any dry self-lubricating materials or powders with high 
outgassing rates that would require increased pumping capacity 
for the simulated space chamber.” The outgassing tests conducted 
by the author were made after a 24 hour bakeout period at 
elevated temperatures. After this the gas evolved for a 20 minute 
period was collected and analyzed with the mass spectrometer. 
Since the outgassing characteristics of any material, at a specific 
temperature, are a decaying function of time, the greatest quan- 
tities of gas would be evolved in the first few minutes of out- 
gassing and therefore the greatest load on the pumping system 
would occur at this time. The author, however, has chosen to 
measure outgassing after a 24 hour bakeout when the load on the 
pump would be only a fraction of the initial load. It might be 
mentioned here also that the total quantity of gas adsorbed by a 
specific volume of some material at some temperature is limited. 
The desorption rate, and temperature at which various gases are 
given up will depend upon the energy of adsorption of each of 
the gases to the material. At a specific temperature both the 
quantitative and qualitative results will vary with time. If one 
sample were collected after 24 hours of bakeout and a second 
after 24 hours and 10 minutes, the results might be quite dif- 
ferent. 

The author discusses the use of graphitic carbon in vacuum 
bearing experiments and that in these studies analysis of the 
wear debris revealed the presence of metallic carbides. It is in- 
dicated that the carbide formed from the metal reacting with the 
graphitic carbon. The author indicated that the unused graphitic 


carbon contained no metal carbides. Since most bearing steels 
contain some carbide in their structures, is it possible that the 
carbides the author identified in X-ray analysis of wear debris 
were from the M-10 bearing steel? We have conducted basic fric- 
tion and wear experiments with carbon materials sliding on vari- 
ous metal surfaces, some of which are carbide “formers” in 
vacuum to 10-9 mm Hg. Electron diffraction patterns of chrome- 
plated surfaces and 440-C stainless steel against which carbon 
had run did not reveal the presence of carbides in our studies. 


AUTHOR’S CLOSURE: 


There is agreement that the results of the wear and friction 
studies of the various bearing materials may be different if made 
in either a dry nitrogen atmosphere or in a hard vacuum. How- 
ever, these tests were of a screening nature to find candidate self- 
lubricating materials and combinations that exhibited sliding fric- 
tion values greater than 3 were not considered. With the possible 
exception of the graphite or graphite-containing materials tested 
at the lower temperatures, no significant difference would be 
noted for candidate materials that were tested in either environ- 
ment. Repeat tests at 160 F of similar composites tested at 1000 F 
in general exhibited similar friction values. The tests made by 
NASA are interesting and noteworthy in that the oxide or con- 
taminate film separating the two sliding surfaces of the 52100 
steel in a nitrogen environment was removed allowing contact 
of a considerable area of clean metal surfaces to exist. When 
the tests were repeated in a hard vacuum, the area of contact of 
clean metal surfaces increased sufficiently for partial seizure to 
occur. It was believed from our tests that a film, even though 
marginal, would continue to exist between the sliding surfaces in 
either a dry nitrogen atmosphere or a vacuum environment when 
the friction values were relatively constant and were below 0.3. 

The outgassing studies were screening tests to determine the 
individual gases and the total volume of gas evolution of the 
selected bearing materials after most of the air, contaminants, and 
water vapor were removed by the preliminary 24 hour bakeout. 
These results represent outgassing rates that would be expected 
of precondition materials or materials exposed to a vacuum en- 
vironment for extended periods of time. Since the outgassing rate 
is considerably more dependent on a temperature change than 
on a time extension, the outgassing tests were made at various 
temperatures. In addition to these tests, outgassing rates were 
determined for the same materials without a bakeout period to 
establish the initial pumping load in a vacuum system. 

The point regarding metallic carbides is a most significant and 
interesting one. The mechanism of wear and friction of graphite 
in air and lack of lubrication or preponderance of wear in a 
vacuum is not fully understood. Although the same amount of 
metallic carbides were present in the race and ball materials, one 
bearing exhibited greater wear than the other with an apparent 
significant increase in metallic carbides. The only difference in 
the two tests was the graphite retainer. The graphite retainer 
containing the HOS, exhibited greater wear. As the wear mech- 
anism of graphite is better understood, perhaps an impregnate or 
additive can be incorporated in the material to improve its lubri- 
cating characteristics in a vacuum environment. 
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Radioisotope Techniques Applied to the Investigation of 
Surface Contact in Rolling Element Bearings 


By J. C. LAWRENCE! and W. E. SCHMIDT? 


A radiotracer method of investigation was developed to study metallic contact phenomena in rolling 
contacts. It consists of activating one rolling element and running it against inactive parts onto 
which active material is deposited during operation. The transferred activity is quantitatively 
determined by calibrated autoradiography. Exploratory tests on cylindrical roller bearings show the 
location of high pressure areas in the contacts in agreement with elasticity theory. The tests per- 
formed so far do not permit the definite determination that the deposited activity is transferred by 
micro-welding in direct metallic contact. (The possibility exists that it is deposited out of con- 
taminated lubricant.) A simple modification of the method is outlined to overcome this ambiguity. 


Introduction 
SURFACE CONTACT IN BEARINGS 


THE classical mode of failure by subsurface spalling is 
not the only type of failure that a correctly constructed, 
clean and copiously lubricated rolling bearing can un- 
dergo. Under specific conditions another mode of failure 
can occur which is characterized by surface distress. The 
rolling surfaces first acquire a burnished, “glazed” ap- 
pearance showing extreme lustre (Fig. 1). The polishing 
or honing marks visible on the newly made surfaces (Fig. 
1A) are more or less obliterated (Fig. 1B). 

The glaze is interrupted by a multitude of minute, 
shallow pits, that often agglomerate into sizeable areas 
which may eventually occupy much of the rolling contact 
zone (Fig. 1C). 

If the lubrication is copious, this surface condition may 
not progress to macroscopic surface failure (no macro- 
scopic galling, smearing or gross attritional wear will 
occur). Eventually, classical fatigue spalling sets in 
(Fig. 1D) and renders the bearing unsuitable for use. 
The fatigue spall is not formed by progression from the 
surface pitting; its appearance is still the same as in 
cases where no surface distress occurs. It may appear 
many millions of revolutions later than the surface pits. 


Glazing has been noticed on bearings lubricated with 
petroleum-based oils as well as with synthetic lubricants 
under operating conditions of different severity. It has 
long been noted that the fatigue life of a glazed or surface- 
pitted bearing is, occasionally, very low. Recent tests 
with cylindrical roller bearings lubricated with a diester 
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oil have shown that early failures set in much sooner 
than predicted from catalog ratings. Certain specific load, 
speed and surface finish conditions exist that lead to 
surface glazing or surface pitting. The early failures can 
be postponed and theoretical fatigue life approached by 
modifying the surface finish and treatments. This is il- 
lustrated by Fig. 2 showing Weibull plots (failure fre- 
quency vs life plots) of three test groups identical in 
every respect (load, speed, lubrication, temperature, bear- 
ing geometry, material) except for different finishes and 
treatments of the surface. The difference in early failure 
rate is striking. It is known from several tests as well as 
general experience that similar changes in surface finish 
and treatment do not influence fatigue life significantly 
under operating conditions where surface distress (glaz- 
ing) does not occur. 

On the basis of these findings, interest arose regarding 
the processes leading to surface distress in rolling con- 
tact. The observation of the glazed (burnished) surface 
suggests that it is formed by heavy local plastic deforma- 
tion. Such could occur if the hydrodynamic lubricant 
film between rolling elements were discontinuous. It was 
theorized that a breakdown of the film would first occur 
at the tips of asperities and that these would then come 
into metallic contact under high pressures and some 
sliding. 

Metallic contact under conditions sufficiently severe 
to cause burnishing will generally lead to local welding 
and high friction. These in turn may cause a considerable 
change in the macroscopic contact stress field, particu- 
larly by introducing high tangential stresses at the inter- 
face, as a consequence of the high friction that is set 
up. Smith and Liu (7) and others have shown that the 
addition of tangential stresses at the interface will in- 
crease and relocate the maximum shear stresses in the 
contact. This in turn may explain the early fatigue fail- 
ures noted, since fatigue life is inversely proportional to 
the ninth or tenth power of the maximum alternating 
shear stress (2). 

A critical problem in interpreting the process of surface 
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Fic. 1A 








Fic. 1B 


Fic. 1D 


Fic. 1. Micrographs of inner race surfaces of 45 mm bore cylindrical roller bearings illustrating progressive degrees of surface distress. 
A, New honed race surface (10 X). B, Highly glazed race surface; hone marks almost obliterated; minute pitting evident (25 x). C, 
Advanced stage of Fig. 1B showing pitting agglomeration (25 x). D, Example of classical fatigue of a glazed surface; note glazed areas 


still intact (10 x). 


distress is whether the hydrodynamic film does, indeed, 
break down and whether metallic contact with welding 
does occur. At this point, the use of radiotracers sug- 
gests itself to detect the metal transferred from one 
contact surface to the other. 

It was decided to attempt the use of one irradiated 
rolling element rolling against inactive rings, and to 
study the metal transfer between bearing components 
by way of autoradiography. 

A brief literature survey indicates that considerable 
work has been done to determine wear by radiotracer 
techniques. Two authors (3) and (4) have recently re- 
ported such a study on a ball bearing. Borsoff et al. (5) 
have examined the action of EP additives on gears by 
using activated additives and metal transfer between gear 
teeth by autoradiographic techniques. Nothing, how- 
ever, was found in the literature on radiotracer studies 
of the metal transfer in rolling element bearings. 

Accordingly, it was necessary to develop new tech- 
niques and experience regarding the feasibility of the 
intended approach. 


The work reported in this paper covers the first phase 
of this development. In many ways it is incomplete. It 
was, for example, impossible to ascertain with complete 
assurance whether the active material found on the 
nonirradiated elements was transferred directly through 
welding in metal-to-metal contact or whether it first be- 
came dispersed in the lubricant as wear particles and 
then bonded to the surface under the high pressures of 
rolling contact. 

However, the technique of using radiotracers to study 
metal transfer in rolling contact was proven useful be- 
yond doubt aiid can in all likelihood be refined to remove 
the remaining ambiguities of interpretation. It is felt 
that this technique is of sufficient interest to be reported 
at this time, with a more detailed analysis of the metal- 
transfer occurrences in the bearing to follow later. 


The preliminary investigation reported here was de- 
signed to: (a) assess whether an irradiated rolling ele- 
ment would transfer radioactive material to a non- 
irradiated race during bearing operation; (b) to develop 
autoradiographic techniques including a calibration pro- 




















m— (2 er t¥ 








pines ai nln Nanaia ad a snail lane nah ar 





Radioisotope Tests of Surface Contact 329 





90} GROUP | 
(REGULAR HONED 
6or NOT DULITED 


‘ 









$8 Sad 


as 





BEARINGS TESTED (PERCENT) 
3 











90 o 
‘FINE HONED Ps 
60; NOT DULITED “3 
r Oo 
30 Vid 
KS 
10 lo 
5 - .. 
i0 100 1000x 10° 


BEARING LIFE (INNER RACE REVS) 
Fic. 2. Weibull plots showing effect of surface roughness and 
oxide coating on life of 45mm bore cylindrical roller bearings. 
C/P = 3.03, where C = bearing dynamic capacity and P = load. 


cedure, permitting quantitative determination of the 
amount and location of transferred material. 


Test arrangement 


A conventional bearing endurance test machine was 
modified to accommodate testing of 45 mm bore cylindri- 
cal roller bearings containing a radioactive roller. The 
machine was mounted in a large sheetmetal pan to catch 
any lubricant spills that might occur and afford the 
capability of allowing the test machine to be completely 
flushed down in case of contamination. Test bearing 
housings were constructed (Fig. 3) to provide for heat- 
ing of the test bearing to 250F, to contain 15cc of 
lubricant and to provide readily accessible lubricant fill 
and drain ports for ease of changing lubricant, con- 
venient test head decontamination, and to minimize lubri- 
cant spills. Rubbing seals were provided as lubricant 
seals between test head and shaft. 

The machine was located in an appropriately con- 
structed test room and equipped with the required 
emergency decontamination facilities. 

Test bearing handling and mounting techniques were 
developed to meet radiation safety requirements. In 
order to have single-curvature test surfaces for ease in 
applying autoradiographic films, a cylindrical roller bear- 
ing was selected as the test piece (Fig. 4). The bearing 
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Fic. 3. Cross section of test head assembly 


had partially “crowned” (end-relieved) rollers. Surface 
roughness, geometry, load, speed, and lubrication were 
specified to create conditions known to lead to consider- 
able surface glazing (6450 lb radial load, 3475 rpm at 
250 F ambient temperature and lubrication by 15 cc of a 
MIL-L-7808 type diester lubricant contained within the 
test bearing housing). 


Rollers were activated by subjecting them to fast 
neutron flux in a reactor. Under the selected conditions 
of irradiation, the isotopes Fe®® and Fe®® are formed 
with significant abundance. Of these, Fe®® emits rather 
high energy y radiation and has a 46 day half-life, Fe*® 
emits soft X-rays and has a half-life of almost 3 years. 

A decision was made to irradiate rollers to a rather 
high level of activity (between 100 and 200 millicuries 
roller). 


A complete testing program was expected to span 
approximately a 6-month period. Since the half-life of 
the high energy isotope, Fe’, is 46 days or about 7 





Fic. 4. 45mm bore cylindrical roller bearings utilized as test 
specimens in radioactive studies. 
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weeks, the high initial activity was indicated in order 
that the activated roller should have a sufficient Fe°® 
activity level to produce meaningful autoradiographs 
toward the end of the 6-month test cycle. 

After receiving the irradiated rollers from the reactor, 
four test bearings were assembled and run for 4 min- 
utes, 16 minutes, 7 hours, and 15 hours, respectively, 
under the test conditions stated above. In order to avoid 
roller sliding, all runs were started and stopped under 
load, hoping that the short period of low speed opera- 
tion during starting and stopping would not invalidate 
the results. 

Autoradiographs were made from all four test bear- 
ings. Upon removing the tested bearing from the test 
machine, and securing the irradiated roller in a storage 
vault, the remaining test bearing components were 
thoroughly washed in trichloroethylene by means of re- 
peated immersion and agitation in order to remove all 
loose wear particles. The bearing components were then 
air dried. High sensitivity duplitized X-ray film strips 
were installed on the test bearing components and held 
in place by special fixtures. Bearing components with 
film in place were tightly wrapped in three layers of 
aluminum foil to exclude light. All procedures concerned 
with the autoradiographic film were carried out in either 
total darkness or with the aid of a red darkroom light 
used for short periods of time. The aluminum foil 
wrapped bearings were placed in a light-tight chest 
equipped with a desiccant to guard against rust. The 
bearings were left in the chest for the predetermined 
exposure time. At the end of the exposure period, bear- 
ing components were removed, unwrapped, and the ex- 
posed films developed in accordance with a standardized 
procedure to produce known levels of darkening for a 
given exposure. 

In order to determine the necessary length of ex- 
posure, several test exposures were made on each of the 
test bearings. During these initial exposures, autoradio- 
graphic films were removed from the test bearings at 
exposure intervals of 5 days, 10 days, 2 weeks, and 30 
days. Development of these test strips indicated that 
exposure times ranging from 2 weeks to 30 days were 
necessary in the case of all four test bearings to produce 
interpretable images of the radioactive material which 
had been transferred onto the rolling surfaces from the 
irradiated roller. 

Upon determination of the range of exposure time, a 
complete set of 30-day autoradiographic films were made 
from the four test bearings for the purpose of analysis. 
Prints of the autoradiographic films made from the 15- 
hour bearing are shown in Fig. 5. These 15-hour films 
are of high contrast due to the large amount of trans- 
ferred material caused by an increase in bearing operat- 
ing temperature to 390 F owing to an insufficient supply 
of lubricant. The autoradiographs obtained from the 4- 
minute, 16-minute, and 7-hour bearings which ran at 
250 F with adequate lubricant supply do not display 
a heavy enough pattern to be printed, but they are quite 
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adequate for micro-densitometry, which was the means 
employed for their evaluation. 

The microdensitometer, commonly used in spectrog- 
raphy, is a device permitting the operator to direct a 
thin beam of light through a strip of exposed film and to 
measure its attenuation caused by the darkening of the 
emulsion. By traversing the beam (or the film) along 
measured distances in a straight line, it is possible to 
plot a density profile. Recording microdensitometers per- 
form the plotting automatically using a recorder syn- 
chronized with the beam traverse mechanism. Micro- 
densitometer traces obtained from the autoradiographs 
are shown in Figs. 6 and 7 and will be discussed below. 

It is noted here that two types of microdensitometers 
were used. The one used for the lower graph in Fig. 6 
and for Fig. 7 was a somewhat older model which had 
rather poor stability and the traces show heavy “back- 
ground,” i.e. indications of darkening where there ac- 
tually was none. The other, a new model purchased for 
this investigation, had excellent constancy. This was 
used for the roller traces shown on the upper graph in 
Fig. 6, and they are, therefore, much more reliable. 
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CALIBRATION OF AUTORADIOGRAPHS 
A calibration procedure relating autoradiographic film 


density to the weight per unit area, of transferred radio- 
active material, is necessary to provide quantitative in- 
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Fic. 6. Traces across outer races and rollers showing roller 
wear deposits in center of load zone of various bearings. 


terpretation of the traces. To this end, a calibration 
method was developed whereby any point on the den- 
sitometer trace can be expressed in terms of active 
material concentration. Figure 8 is a process diagram of 
the calibration method and its application to bearing 
autoradiographs. 

Broadly, the calibration procedure consists of making 
a series of solutions, by acid etching the irradiated roller 
used in the tests at the time of its removal from the test. 
The solutions are made to contain various known dilu- 
tions of radioactive roller material. They are then uni- 
formly cast into a series of thin polyvinyl acetate film 
patches (approximately 0.001 in. thick), each patch to 
be representative of a known dilution. Autoradiographs 
are taken of a series of patches of different known ac- 
tivity for a predetermined length of exposure time. The 
autoradiographs are developed in accordance with the 
standard darkroom procedure. They are then traced on 
the recording microdensitometer. Film darkening repre- 
sented by these microdensitometer traces can be as- 
sociated with the amount of radioactive material present 
in weight per unit area. Curves relating relative film 
density to material concentration are plotted (Fig. 9) 
and used to interpret traces from autoradiographs taken 
from the test bearing components. 

The amount of active material contained in each of the 
calibration patches was not ascertained on the basis of 
polyvinyl acetate solution dilution, but rather obtained 
by direct counting of calibration patches in a scintilla- 
tion counter. This is by far the more accurate method. 
Companion patches were cut from the film at localities 
immediately adjacent to the patch which was used in 
the autoradiographic calibration exposure. These patches 
were counted both dry and as standard volumes of 
solution, in a scintillation counter, and the count related 
to that obtained on a standard volume of a solution of 
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known concentration. It should be noted here that the 
scintillation counter is not responsive to the soft X-ray 
emission of Fe®> whereas the radiographic film is re- 
sponsive to it. This does not, however, lead to an error 
in calibration as the relative abundance of isotopes is 
identical for the test roller and all calibration samples 
prepared by etching the same rollers. 
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Figure 9 relates relative film density to concentration 
of active roller material for autoradiographic exposure 
times of 10, 15, and 30 days respectively. This plot 
represents a least squares fit of experimental points ob- 
tained from use of the calibration procedure. 


Discussion 


Figure 6 illustrates a composite of four microden- 
sitometer traces taken from 4-minute, 16-minute, 7-hour 
and 15-hour test bearings. The autoradiographic ex- 
posure time for each of these tests was 30 days. The 
left scale shown on Fig. 6 represents the density of 
transferred radioactive material as obtained from the 
calibration. The autoradiographic traces illustrated on 
Fig. 6 are taken from the outer races of the test bearings 
at points close to the maximum load point. A more pre- 
cise location for each trace is illustrated by means of the 
diagram found in the upper central portion of the figure 
where the profile of the bearing outer race and the 
outline of a typical roller are shown. The shoulder 
shown at the left hand side of the figure is a loose 
stabilizing ring, whereas the flange to the right is an 
integral part of the race. 

The microdensitometer traces illustrate the build up 
of radioactivity as a function of operating time. The 
amount of transferred material for the 4-minute bearing 
is less than that of the 16-minute bearing, whereas the 
16-minute bearing is somewhat less than the 7-hour bear- 
ing. The amount of material shown deposited in the case 
of the 15-hour bearing is large indeed in comparison to 
all other tests, probably indicating heavier metal-to-metal 
contact due to the inadequate lubrication and rise in 
operating temperature that occurred accidentally at the 
end of the run. (The high operating temperature might 
have caused appreciable decomposition of the lubricant.) 

The two high peaks seen in the trace of the 7-hour 
bearing roughly correspond to the points on the roller 
where the crown blends into the cylindrical portion of the 
roller. The 16-minute bearing autoradiographs also show 
signs of high transfer in the vicinity of the crown blend. 
The high ordinates to all curves at the extreme right 
hand side of Fig. 6 are caused by shadowing of the auto- 
radiographic film from the thrust face of the outer race 
flange. This flange was radioactive by virtue of the fact 
that the end of the irradiated roller rubbed against it 
during bearing operation. The radioactive material trans- 
ferred to the flange radiated down onto the autoradio- 
graphic film as it was in position on the surface of the 
outer race. The cause for the high ordinate at the ex- 
treme left hand side of the figure for the 7-hour and 
15-hour bearings is more clearly understood by observing 
the autoradiograph from the outer race of the 15-hour 
bearing and is shown in Fig. 5. The predominant light 
streak on the positive print from the outer race auto- 
radiograph coincides with a location on the outer race 
that was covered by the stabilizing ring. It is felt that 
radioactive wear particles transported by the lubricant 
entered the gap between the stabilizing ring and the 
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surface of the outer race and fretted into the outer race, 
thereby causing a high concentration of radioactive ma- 
terial in this region. 

Figure 7 illustrates the effect of pressure on the 
amount of transferred radioactive material. The micro- 
densitometer trace was taken in the mid-position of the 
roller path, circumferentially through the load zone of 
the outer race of the 15-hour test bearing. The build up 
and reduction of radioactive material with increasing and 
decreasing load is clearly evident. 

The densitometer graphs so far discussed were taken 
on the older microdensitometer of doubtful stability at 
low autoradiographic film densities, and, therefore, a 
suspicion of spurious indications of detail exists, although 
the overall density variation is felt to be faithfully repre- 
sented. In light of this fact, a new microdensitometer 
of greater stability was secured. The instrument was 
delivered with a 1.5mm  X 0.013 mm slit for spectro- 
scopic use. Pending procurement of a more appropriate 
circular aperture, the traces shown on the upper graph 
of Fig. 6 were made. This graph illustrates a trace of a 
nonirradiated roller in the 16-minute and 7-hour bearing. 
All traces in Fig. 6 are transverse (taken across the 
width of the rolling path). The peaks that are beginning 
to develop in the traces taken on the 16-minute bearing 
at locations corresponding to the roller crown blend and 
the well developed peaks at the same locations on the 
7-hour bearing traces are good evidence of the repeat- 
ability of the technique. 

Transverse traces taken from the outer race auto- 
radiograph of the 7-hour bearing at locations which are 
+5° and +15° from the load point showed that the 
general pattern of radioactive material transfer is con- 
tinuous over a considerable arc length on the race path. 
Circumferential traces were also made of outer race 
autoradiographs, along the crown blend line of the 4- 
minute, 16-minute, and 7-hour test bearings. These traces 
give some indication of the location of the load zone by 
a slight rise in ordinate throughout the zone. More strik- 
ing, however, is evidence of localized peaks at approxi- 
mately the beginning and end of the load zone. 

In general, the traces taken with the new densitometer 
show much less fluctuation in the background and demon- 
strate much more clearly that there are sharply defined 
dark lines on the radiographs at the roller crown blend. 
The traces also show, by comparison, a considerable 
uniformity of the radiographic pattern at different close 
spaced locations. This is surprising at least for the short 
runs, where random deposition of “lumps” of welded-on 
material could be expected. Also surprising is the fact 
that an inactive roller, not in contact with the active 
element, shows deposits of the same order as the races. 
All these observations may be explained by one of two 
mechanisms: (a) The deposits do originate through di- 
rect metal transfer, but the number of “passes” even 
in a test of a few minutes duration is high enough 
(several thousand) to cause a macroscopically continuous 
appearing deposit even on the inactive rollers, through 


multiple transfer. Discontinuities on the surface rough- 
ness scale are averaged out by the long (1000) den- 
sitometer slit used and by limits in radiographic resolu- 
tion; (b) the deposits stem from wear particles originally 
introduced in the oil, e.g. from the high-wear areas of 
the sliding roller end faces. Deposition is concentrated 
in the high pressure areas because the film is thinner 
there or because high pressure is necessary to bond the 
particles to the metal surface. 

Obviously, further experiments under better con- 
trolled conditions (ample once-through lubrication to re- 
move wear particles, start under zero or light load, 
several lubricants, several loads, speeds, and bearing 
configurations for comparison, a suitable circular den- 
sitometer aperture, etc.) will be required to resolve these 
and many other remaining questions. Also considered is 
the use of higher resolution autoradiographic techniques. 


Summary 


The existence of metal transfer, either by direct 
microwelding of intimately contacting surfaces or by 
bonding to the surface, of wear particles carried in the 
lubricant, has been ascertained for the load, speed, and 
lubrication conditions tested. The amount of transfer 
was shown to depend on the following parameters: 
(a) Surface pressure (high transfer in load zone and at 
small radii of curvature); (b) time of operation (up to 
several hours); (c) sliding velocity (high transfer at 
sliding roller ends); and (d) operating temperature 
and/or condition of lubricant (high transfer in hot run- 
ning lubricant-starved bearing). 


Transfer between originally inactive parts (rings and 
inactive rollers) exists, either through pick up of once- 
transferred active metal or through wear particles in 
the lubricant. 


A technique is now available permitting autoradio- 
graphic detection of metal transferred from an irradiated 
roller to the contacting inactive surfaces of a bearing. 
The irradiation times, activity levels, and autoradio- 
graphic exposures have been determined. 


A calibration method was devised permitting quan- 
titative determination of amounts of active metal de- 
posited per unit area, with an accuracy of approxi- 
mately 10—* g/mm?. 

Microdensitometer tracing techniques are available 
that permit analysis of the autoradiographs with medium 
resolution (to areas of 0.02 mm”). 
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DISCUSSION 
P. M. Ku (Southwest Research Institute, San Antonio, Texas): 


The authors describe a practical and highly useful technique 
for determining the intensity and distribution of metal transfer 
occurring on components of a rolling-element bearing. As several 
months have elapsed since the preparation of this paper, it is 
entirely possible that many refinements and additional tests have 
been made. The authors may already have answers to some of the 
comments to be made herein. 

In this exploratory program, the authors use a crowned roller 
bearing to facilitate autoradiography. It appears that basically 
the same technique can be applied to a ball bearing by the use 
of sensitized plastic molds. 

The authors have rightly pointed out the difficulty, in this 
exploratory program, in differentiating actual metal transfer 
from deposition of wear debris carried in the lubricant in regions 
of high contact pressure. Deposition of wear debris carried in 
the lubricant might be isolated by ample once-through lubrica- 
tion, as the authors suggest. Have the authors tried this approach 
since the preparation of this paper? If so, how do the results turn 
out? 

The authors seem to leave the impression that metal transfer 
(as opposed to deposition of wear debris) occurs wholly in 
regions of high contact pressure. One cannot help but feel that 
metal transfer can also occur where there is high relative sliding 
velocity. As the crown geometry is not given, it is of course im- 
possible to speculate on the locations of high contact pressure and 
high relative sliding velocity. However, since most of the peaks of 
the radioactivity traces appear to occur outside of the crown 
blend, one wonders whether relative sliding velocity might have 
played more than a secondary role. 


AvuTHors’ CLOSURE: 


Mr. P. M. Ku points to a number of interesting problems con- 
nected with the radioisotope technique described in the paper. 
They will be answered in the order of his comments. 


(1) It is correct that ball bearings can be used for autoradio- 
graphic determination of wear and metal transfer. A recent talk 
given by R. P. Remorenko at the 1962 ASME Spring Lubrication 
Symposium (unpublished) has discussed wear work done on such 
bearings. Some of the present paper’s references also describe wear 
determinations on ball bearings. None of these authors has tried 
autoradiography. The present authors have more recently at- 
tempted it on a Barwell-NASA type rolling 4-ball configuration 
and have found that the use of stripping emulsions permits auto- 
radiography of doubly curved surfaces such as balls. 

(2) The problem of differentiating between wear and metal 
transfer has recently been attacked by one of the authors 
(Schmidt) in the above-mentioned 4-ball configuration. This work 
is performed under contract and the authors are not at liberty 
to quote specific results. They are accessible under reference (B/). 
It suffices here to state that such differentiation is indeed readily 
accomplished and that wear is a significant part of the phenomena 
observed. This is to say that any active material welded on inactive 
surfaces has high probability of being removed again within a 
short time and will, unless flushed away, be redeposited out of the 
lubricant. It is possible, however, to plan the tests in such a 
manner that no metal removal will occur from the active ele- 
ment unless there is metallic contact in the rolling-contact area, 
i.e., unless the elastohydrodynamic film has been pierced. 

(3) Dr. Ku has gained the impression that, in the authors’ 
opinion, metal transfer occurs only in regions of high contact 
pressure. He feels that it may also occur in regions of high sliding 
velocity. He wonders whether high sliding velocity might not have 
played a major part in causing transfer. 

It would seem that the criterion for the occurrence of transfer or 
wear is a piercing of the elastohydrodynamic film by surface as- 
perities. Indeed, it is shown in reference (B1) that material is re- 
moved from an active surface under conditions where other 
methods (electrical conductivity measurements) indicate the 
absence of a continuous oilfilm in the rolling-contact area. Under 
conditions of uninterrupted film, preliminary evidence suggests no 
material removal. The film is pierced most readily when it is 
thinnest and it is expected from theory and experiment to be- 
come thinner with (a) increased load, (b) reduced speed of 
rolling, and (c) increased heating which can, among other ways, be 
brought about by increased relative sliding. 

The autoradiograms shown in the present paper are not suf- 
ficiently free of spurious indications to warrant penetrating 
analysis. It appears safe, however, to conclude with Mr. Ku, that 
some of the peaks are due to high sliding (e.g., at the ends of 
the cylindrical rollers). Others occur at (not outside) the crown 
blend and this is clearly a zone of high local contact pressure. 
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A Photoelastic Method for the Study of Cage Strain 
in a Rolling Element Bearing 


By K. L. SO, J. C. LAWRENCE,’ and C. J. BELSKY* 


A technique has been developed by which interpretable photoelastic stress patterns can be obtained 
from rolling element bearing cages while operating under conditions of various speed and load. The 
test specimen utilized in this study was a 130 mm bore cylindrical roller bearing. A layer of bire- 
fringent plastic was cemented to the outboard side of the cage of the bearing by means of a 
reflective adhesive. This plastic material was illuminated by means of high intensity polarized light. 
This light passed through the birefringent plastic material, was reflected by the reflective adhesive 
and passed back again through the birefringent material and through another polaroid filter 
(analyzer). A high speed camera was located behind this second polaroid filter. High speed motion 
pictures were taken of the photoelastic stress patterns produced in the birefringent material as the 
test bearing was rotated under radial load. Photoelastic stress patterns recorded on the high speed 
motion picture film were analyzed and resulted in the determination of the stress distribution along 








a radial section of the cage. 


Introduction 


THE cage is the one remaining element in a rolling ele- 
ment bearing which up to now has defined strength 
analysis. No one to date has reported measurements of 
the strains produced in a rolling element bearing cage by 
the dynamic action of the rolling elements under even 
the simplest of load and speed conditions. Not knowing 
cage forces, it is also impossible to state the tangential 
force acting on the rolling contacts, due to constraint 
from the cage. 

From the standpoint of logical cage design, it is neces- 
sary to know what forces act on the cage and how the 
stresses produced by these forces are distributed through- 
out the cage during bearing operation. The “cage-stress” 
problem accordingly requires some means of measuring 
strains produced in a cage under dynamic conditions. In 
addition, it is necessary to measure strains all around 
the cage simultaneously. 

Another complicating facet to the problem is the fact 
that it is necessary to use a cage composed of materials 
commonly used in cage manufacture and of the con- 
figuration intended for use in the bearing, since ma- 
terials of different elastic modulus might result in er- 
roneous stress analysis due to the different nature of the 
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rolling element constraint. Highly elastic cage models 
would exercise less constraint, compared to a metal cage, 
as the rolling element approached, traversed through and 
left the loaded zones of the races of the test bearing, 
and different roller-to-cage forces would result. How- 
ever, to facilitate the development of this technique a 
thinned down cage was used to produce a high order of 
fringes. Therefore, test conditions are not to be taken 
as representative of the operation in any conventional 
bearing cage. 


Test details 


Consideration of various techniques of experimental 
stress analysis indicated that a method consisting of a 
combination of photoelasticity and high speed photog- 
raphy seemed well suited to the problem. The technique 
consists of coating the surface (or side) of the cage in 
the test bearing with a layer of birefringent plastic ma- 
terial. The plastic is held on to the cage by means of a 
reflective adhesive. 


The test set-up is shown on the photograph and the 
schematic diagram Figs. 1A and 1B. A reflective polari- 
scope was placed in front of the instrumented test bear- 
ing which was mounted on a bearing test machine. A 
high intensity xenon light source (400,000 ft-candles) 
was placed on the left side of the polariscope and a 
high-speed movie camera was placed on the right. 

The camera was set for taking pictures at 4000 frames 
per second and the control unit for the xenon light was 
adjusted to produce maximum power of 7.5 kw so that 
the light would be pulsed for a duration of two seconds. 
The polariscope was arranged to yield isoclinics or iso- 
chromatics depending on which was desired. After a 
radial load of 3400 lbs. was applied and the test bearing 
had reached a steady state of rotation (1100 rpm) the 
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Fic. 1A. Schematic diagram of test arrangement 


























Fic. 1B. Test machine 


camera and the light were triggered simultaneously. In 
this manner, the test for a particular polariscope setting 
was completed. If the entire bearing cage under study 
was contained in the field of view of the camera, each 
frame of the high speed movie film provided a complete 
record of cage stress on that part of the cage covered 
by the photoelastic plastic. This technique in essence 
provides an infinite number of strain gages of virtually 
zero gage length, uniformly distributed over the surface 
to be studied. 

The test bearing (a 130mm bore cylindrical roller 
bearing) was fitted with a brass roller-riding cage (Fig. 
2). The cage was slightly under 9” in diameter with a 
0.817” wide cage ring. In order to decrease the strength 
of the cage so that more photoelastic fringes would be 
produced under light load, both sides of the cage were 
machined from a thickness of 0.228” to 0.035”. 

The “cut down” cage sides were coated with 0.250” 
thick birefringent plastic in accord with the recommenda- 
tion of Post and Zandman (1). Various polariscope 
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settings resulted in high speed movies of isoclinic and 
isochromatic strain patterns. Analysis of these films 
lead to the determination of the stress distribution 
across a radial section (at the middle of the cage 
pocket) 64.3° from the line of the radial load on the 
bearing, on the entering side of the load zone, as shown 
in Figs. 2 and 3. 
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Fic. 3. Schematic diagram of bearing under radial load 
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Method of analysis 


The main object of the experimentation was to reduce 
the changes of the isoclinics and the isochromatics as 
shown in the photoelastic plastic on the side of the test 
bearing cage, while the bearing was operating under load. 
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Changes in these fringes enable the determination of 
cage strain. 


ISOCLINICS 


The method of obtaining the isoclinics involved taking 
movies with the axis of the plane polarized light at 0°, 
30°, 45°, 60°, and 90° and combining the results to form 
a pattern of isoclinic lines (Fig. 4). 


POLARIZER-ANALYZER 
AXIS ORIENTATION 







0° 
30° 
450 DIRECTIONS OF 
60° PRINCIPAL 
STRESSES 


Fic. 4. Isoclinic pattern 


A motion picture film analyzer was utilized to analyze 
the high speed motion picture films. This machine allows 
the determination of the instantaneous film speed and 
the motion of any specified point or location on the film. 
It has an accuracy of 0.001” for a horizontal or vertical 
movement on the projection screen and % degree for 
angular rotation. The unit is equipped with a 10 view 
plate for visual inspection and analysis of the film. 


The isoclinic movies yield isoclinics at any instant of 
cage rotation. These isoclinic patterns reveal the instan- 
taneous stress-direction of the cage. As an illustration, 
the isoclinic pattern (Fig. 4) was drawn through the 
mid-point of the selected cage pocket (Fig. 3) for the 
instant when a specified cross bar in the cage was at 
the load line at the top of load zone. 


STRESS TRAJECTORIES 


After the isoclinic pattern was obtained, the orthogonal 
stress trajectories were drawn. Figure 5 shows the stress 
trajectory pattern resulting from the above isoclinics 
superimposed on an arbitrary grid pattern. With this 
stress trajectory pattern, the directions of the principal 
stresses are known. 








ISOCHROMATICS 


In addition to the principal stress direction, it is 
necessary to know the principal stress magnitudes in 
order to define the state of the stresses at any given point. 
This can be accomplished by obtaining the isochromatic 
pattern of the cage. With the polariscope arrangement 
set for circularly polarized lights, color motion pictures 
were taken under the same test conditions as those for 
isoclinics. A film analysis revealed the isochromatic 
pattern partially shown in Fig. 6 which has the same 
cage orientation as the one for isoclinics (Fig. 4). The 
same color indicates the same magnitude of the difference 
of the principal stresses. Different colors show different 





OCHROMATICS 
T SHOWN IN 


Fic. 6. Partial isochromatic pattern with grid 
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levels of magnitude. Utilization of a photoelastic material 
calibration method proposed by Zandman (2) allowed 
the determination of the stress magnitudes corresponding 
to different colors. With the isochromatic pattern, the 
magnitude of the difference of the principal stresses is 
known. 


DETERMINATION OF STRESSES ACROSS THE SECTION 


The method proposed in Ref. (2) was used to deter- 
mine the direction of the major principal stress. The 
existence of a two-dimensional (plane) stress condition 
in the cage ring is assumed from the symmetry of the 
cage configuration. 

With the knowledge of the directions of the major and 
minor principal stress and the magnitudes of the dif- 
ference of the principal stresses, the stresses along a 
radial line through the side bar of the middle of the 
selected cage pocket were determined by the “method 
of graphical integration along an arbitrarily chosen 
straight line” as outlined by Frocht (3) and Zandman 
et al. (4). 


Results 


The stress distributions of o,, 6, and t,, at the cross 
section OX have been plotted on Figs. 7, 8, and 9. The 
location and area of this cross section are shown in Fig. 2. 
Extremely careful test-bearing alignment was done to 
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Fic. 7. Normal stress in Y direction versus increments along 
line OX. 


justify the assumption that the cage side bar though very 
thin did not undergo bending out of its own plane. This is 
the justification for the assumption that the value of the 
stresses across the thickness of the bar is constant. The 
enclosed areas between the stress curves and the X axis 
in Figs. 7 and 9 are proportional to the total stress action 
along the X axis. The total force F, acting normal to 
the cross section along the OX axis was calculated. 
Similarly, the total shear force (F,) on the cross section 
along the OX axis was determined. The values of the 
enclosed area for the o, and t,, curves were determined 
by using a planimeter. 

Next, the line of action of these forces was determined. 
For F,, it is obvious that the line of OX is the line of 
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Fic. 8. Normal stress in X direction versus increments along 
line OX. 
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Fic. 9. Shear stress in X direction versus increments along 
line OX. 
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+ 





Fic. 10. Diagram of cage pocket showing forces acting on 
section through OX. 


action. F, acts through the centroid of the enclosed area 


of the o, curve. The distance X of the centroid (point M) 
from point O was determined (Fig. 10). The resultant 
force acting through point M and its directional angle, 6, 
was finally found. 


The object of this investigation was to determine the 
feasibility of applying the photoelastic technique to cage 
stress analysis. The accuracy of the method is inherently 
good, but has not previously been assessed for the 
particular problem presented here. The method as used 
here is believed to be reliable for strains yielding at least 
1/10 of the fringe order. This suggests that stress dif- 
ference (6; — 62) of the order of 1500 lbs/in? can clearly 
be detected in brass, with the current test set up. The 
accuracy of the results produced by this method will 
later be examined by repetitive application to the same 
strain field. Careful examination of the procedure shows 
that errors can be most easily introduced through the 
semi-graphical manipulation. Calibration of the photo- 
elastic plastic has shown that the error is less than 2.5%. 
Photoelastic analyses have frequently been shown to 
yield results of less than 5% error. 


The diagram shown in Fig. 3 illustrates the probable 
situation existing in a bearing under pure radial load. As 
the rolling elements approach the loaded zone of the 
bearing, the cage must force the rollers into a zone of 
increasing load. Therefore, forces are exerted on the 
trailing edge of the cage pockets by the rolling elements. 
High speed movies of roller and cage action clearly show 
that the rollers contact the trailing side of the cage 
pocket at the entrance to the load zone. As the rolling 
element proceeds toward the point of the maximum load 
(into the load line) high speed films show that the 


roller is centered in the cage pocket not touching either 
side. As the rolling element moves out of the load zone, 
it moves so as to contact the leading side of the cage 
pocket. In other words, the cage must restrain the 
rolling element from being projected out of the load 
zone. 


During the high speed motion picture film analysis, it 
was observed that for properly selected conditions both 
isochromatic and isoclinic patterns closely repeat as each 
pocket moves into a given angular position relative to 
the direction of the applied radial load and whereas, of 
course, different angular positions yield different photo- 
elastic patterns. This cyclic reproducibility indicates the 
value of this experimental technique in showing the 
stress change in the cage. 


This suggests the possibility of using stroboscopic 
lighting for the study of conditions giving good repeat- 
ability of the patterns and the use of compensators to 
measure the fringe order to accuracies of 1/100 of a 
fringe and thereby improve the stress resolution of the 
method to 150 Ibs/in?. 


The knowledge gained through this preliminary investi- 
gation indicates it is entirely possible to investigate 
dynamically the complicated stress phenomena in a cage 
by means of the photoelastic technique and high speed 
photography or by means of stroboscopic techniques. 
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DISCUSSION 


G. S. ReicHensacH (Dept. of Mechanical Engineering, Massa- 
chusetts Institute of Technology, Cambridge 39, Massachusetts) : 


I have been very much impressed by the experimental ability 
of the authors in making an obviously delicate and difficult ex- 
perimental technique work so well. As experimental information 
of this type is developed, it should help greatly in our understand- 
ing of bearing friction and fatigue. 

The total force exerted on the ball by the cage is surprisingly 
large. I wonder if the authors have any feeling as to the effect this 
might have on fatigue life? There have been several reports on 
the large reduction in fatigue life caused by spinning motion (A/). 
This spinning puts tangential shear stresses in the contact zone 
much the same as the large Fy force reported here would. Would 
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a bearing designed so as to give minimum cage forces show a 
superior life? 

The authors have reported only a single stress field. Does this 
represent the maximum stresses observed? How do the cage 
forces vary from pocket to pocket around the circumference? 
Does the sum of forces on all pockets equal zero as it should for 
a freely rotating cage? 

I hope that in the future this fine new technique will be used 
to investigate such parameters as cage clearance, lubricant type, 
speed, combined loads, bearing geometry, etc. 
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AvuTHorS’ CLOSURE: 


In connection with Professor Reichenbach’s discussion, the au- 
thors would like to mention the following points: 
(1) The test conditions employed in this investigation are more 


or less arbitrary, so care must be exercised when using the results 
in this experiment for any quantitative comparison. 

(2) Under the specified test conditions, the section analyzed 
does represent the location of maximum stresses. However, it is 
believed that this location might change if the bearing configura- 
tion and the test conditions are varied. 

(3) Since the test cage is so designed that during the bearing 
operation it does not touch either the inner or the outer ring, 
it may well be expected that the sum of forces on all pockets is 
zero. Should the cage be designed to touch the flange of either 
the inner or the outer ring, the sum would then be otherwise. 

(4) Work is still being done on the distributions of the roller 
and cage forces around the circumference, and the complete 
analysis will be reported at a later time. 

(5) It is reasonable to say that a cage design based on the 
minimum dynamic stresses may improve the operational life of 
the cage. Moreover, the effect of optimum cage design on bearing 
fatigue life will also prove to be very meaningful; it is our goal 
to investigate this effect in the future. 

Finally, the authors wish to thank Professor Reichenbach for 
his thoughtful and encouraging comments. 
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Plastic Indentation Resistance as a Function of 
Retained Austenite in Rolling Element 
Bearing Steel 


By J. A. MARTIN! 


Resistance to plastic indentation was measured on a series of 52100 bearing steel samples representing 
a wide range of heat treatments. The samples were subsequently analyzed for austenite content 
by an X-ray diffraction method. Within a limited hardness range definite positive correlation was 
found between austenite content and indentation sensitivity. This correlation was seen to improve 
further when austenitizing temperature was fixed, indicating that at a fixed hardness level, factors 
other than austenite content also influence the plastic indentation resistance of rolling element bear- 


ing steels. 


Introduction 


It has been found that plastic deformation of surfaces 
made of hardened bearing steel under indenting loads 
applied through conforming bodies, such as are encoun- 
tered in ball to race contact in rolling bearings, depends 
on properties of the material which cannot be adequately 
expressed by hardness as measured by one of the classical 
indentation hardness testing techniques, such as Rockwell 
or Diamond Pyramid. Tallian e¢ al. (1) describe a method 
of testing for the indentation resistance characteristic 
relevant to rolling contact situations. In essence, their 
method consists of plastically indenting a highly finished 
surface of the hardened bearing steel part with a ball, 
under light load, and then determining certain geometrical 
characteristics of a centered cross-section through the 
dent. For reasons related to the ultimate effect of plastic 
dents in bearing elements upon the quiet running charac- 
teristics of the bearings, the parameter measured is the 
maximum slope observable along the centered cross-sec- 
tion of the dent. This slope, measured as maximum 
radial velocity of a stylus traversing the dent at known 
peripheral speed, is used in Ref. (1) as the measure of 
plastic ‘indentation sensitivity,” with the sensitivity being 
propertional to the magnitude of the velocity. 

In Ref. (1) it is shown furthermore that two factors 
have a decisive influence on indentation susceptibility: 
(a) Metallurgical structure of the part resulting from the 
heat treatment employed, and (b) residual stresses in 
the region of maximum shear stress under indenting loads. 

Of these, metallurgical structure was considered to be 
of primary importance since the residual stresses required 
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to account for differences between dissimilar heat treat- 
ments were unreasonably high. 

Among the metallurgical structure variables, Rockwell 
hardness was shown to have a great effect on the in- 
dentation susceptibility. At a fixed hardness level, how- 
ever, there exists a wide range of indentabilities. Drutow- 
ski and Mikus (2) have found that at contact stresses, 
which are low in comparison to those generated in Rock- 
well hardness tests, the depth of groove developed by 
rolling a cemented carbide ball over a steel plate is re- 
lated to the amount of retained austenite. At the very 
lowest contact stresses the relationship appears to be 
independent of hardness, however, at increasing stress 
levels the depth of groove developed became more de- 
pendent on hardness rather than austenite content. 

The investigations in Refs. (1) and (2) show that 
Rockwell hardness testing gives incomplete information 
concerning the indentation properties of hardened steels. 
One hypothesis to explain this fact is as follows: 

A Rockwell hardness reading can be considered as 
arising from the cumulative resistances to indentation of- 
fered by the martensite and austenite phases. The ex- 
tremely high strains generated by the diamond indentor 
causes austenite, the soft constituent, to transform to 
martensite which is much harder and, therefore, con- 
tribution to indentation resistance from austenite will 
be abnormally high. Both of the indentation measure- 
ments described in Refs. (1) and (2) are taken at much 
lower contact strains relative to Rockwell tests, thus the 
tendency for austenite to transform during the actual 
measurement is lessened. Indentation testing with low 
contact strains, therefore, tends to reflect the presence 
of retained austenite more than does Rockwell hardness 
testing. 

This investigation was undertaken to determine what 
relationship exists between retained austenite and inden- 
tation resistance measured by the method proposed in 
Ref. (1). A secondary purpose was to observe the effect 
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of other metallurgical variables on the austenite-indent- 
ability relationship. 


Experimental 


One specimen was taken at random from each of 70 
groups (10 rings each) of deep groove ball bearing inner 
rings made from 52100 steel and examined by X-ray dif- 
fraction techniques for austenite content. All of the rings 
from each group were tested for indentation resistance 
by the technique described in Ref. (1). The specimens 
represent a wide range of heat treatments. The austenitiz- 
ing temperatures used, however, resulted in Shepherd 
standard fracture grain sizes between 8 and 9 while the 
carbides (with the exception of the groups with bainitic 
structure) appeared as uniformly distributed small 
globules in a fine martensitic matrix with no evidence 
of network formation or segregation. Rockwell hardness 
was kept within the range of 64-66 R, for all groups 
except a few which are distinguished separately here- 
after. 

Results are given in Fig. 1 which is a scatter diagram 
showing austenite content as a function of indentation 
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susceptibility, expressed in units of radial stylus velocity 
(microinches/sec.) at a fixed peripheral tracing speed 
and refer to an indentor load of 250 lbs. and a 3/16” 
diameter ball indentor. A linear regression line clearly 
fits these points even though there is considerable scatter. 
Figure 1 will be further discussed later. 


X-ray determination of austenite content 


Some difficulties caused by preferred crystal orienta- 
tion in the ball bearing rings were encountered in the X- 
ray determination of austenite content. Preferred orienta- 
tion, when uncorrected, causes the diffraction lines used 
for analysis to appear with unpredictable intensities. 

Since the X-ray diffraction method is based on ac- 
curate intensity measurements of selected diffraction lines 
with the assumption that these lines arise from randomly 
oriented small grained material, serious errors can arise 
from preferred orientation. 

The effect of preferred orientation was largely elimi- 
nated by making up a composite sample for examination 
consisting of several “slices” taken from the ring at 
several equally spaced angles to the ring axis. Thus each 
slice presented a surface to the X-ray beam with a dif- 
ferent orientation and the effective intensity of a given 
diffraction line was an average value coming from all 
orientations in the surface of the sample. The relative 
intensities of lines coming from the same phase were 
found to coincide nicely with the relative intensities of 
the same lines from randomly oriented samples indicating 
that preferred orientation effects had been effectively 
averaged out. 

A previous investigation into the effects of surface 
preparation on the reproducibility of austenite measure- 
ments indicated that, with proper care exercised to pre- 
vent polishing burns, no significant difference could be 
found between austenite measurements taken from a 
mechanically polished surface or an electropolished sur- 
face. All of the composite samples examined for austenite 
content in this investigation were prepared for X-ray 
analysis by mechanical polishing with the surfaces 
finished on cloth with 1 u diamond paste. 


Experimental accuracy and reproducibility 


Table 1 gives results of austenite determinations of 
several specimens from different rings in the same group. 
Table 2 gives the results of austenite determinations of 
four specimens cut from the same ring. 

Comparing the two tables shows that the deviation 
found between rings from the same group (Table 1) 
exceeds the experimental error (Table 2) considerably. 
Thus, a significant difference exists between rings from 
the same group. 

Either of the two following methods, therefore, would 











TABLE 1 
Austenite Determination of Several Rings from the Same Group 
Av. % 26 : 
Indiv. % austenite % ao 
Group austenite (X) austenite xX 
1 16.0 
15.1 14.9 2.4 16% 
13.6 
2 7.9 
6.5 7.3 1.2 16% 
7.4 
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TABLE 2 
Austenite Determination of Four Specimens 
Cut from the Same Ring 








Indiv. Av. % 26 ae 
% austenite % paiba’s 
austenite (X) austenite r 4 
15.26 
15.58 15.45 0.3 2% 
15.40 
15.55 





be a desirable way of presenting the austenite vs. in- 
dentability data: (a) Group average indentability vs. 
group average austenite content; (b) single specimen 
austenite content vs. an average indentability value of 
several readings from the same specimen. 

In this investigation, however, either of these methods 
would have involved a prohibitive expenditure of effort. 
Therefore, the data taken were limited to one austenite 
determination on a randomly selected ring from each 
group. Figure 1 is a plot of individual ring austenite con- 
tents vs. average indentability of the group from which 
the ring was taken. 

Two-sigma (95%) confidence limits for austenite 
values within a group are given in Table 1. The re- 
peatability of the average group indentabilities has been 
estimated to be within + 6% (2 o confidence limits). 
These wide limits of variability within a group of rings 
apparently are responsible for much of the deviation from 
the straight line correlation which remains when the 
points discussed below are accounted for. 


Factors OTHER THAN AUSTENITE WHICH 
APPARENTLY AFFECT INDENTABILITY 


The data of Fig. 1 show a general trend towards higher 
indentability with increasing austenite content. Further 
examination of the data indicates, however, that certain 
other factors have an independent influence on indent- 
ability. The regression line (y = 1,046 x + 24,600 
where x = % Austenite and y = Indentability) given in 
Fig. 1 was calculated, therefore, only from those data 
points wherein austenite content was believed to be the 
primary factor influencing indentability. 

The points of Fig. 1 which were eliminated from con- 
sideration in calculating the regression line fall into the 
following categories: 


1. Specimens with Hardness Below the Hardness Range 
R,. 64-66 (points marked J on Fig. 1). 


It was shown by Drutowski and Mikus that indenta- 
tion susceptibility measurements became more dependent 
on hardness and less dependent on austenite content with 
increasing contact stress, thus it is not surprising to find 
that the data suggest a family of austenite vs. indenta- 
bility curves with hardness as a parameter of each curve. 

The relative influence of hardness and austenite content 
on indentability was shown by one group of rings tem- 
pered initially to R, 64.2 and then re-tempered to a lower 


hardness (and austenite level). Results are given in 
Table 3 (no actual austenite measurement was taken after 
the first tempering and the value given is an estimate 
based on data from other groups). 


TABLE 3 
Effect of Re-Tempering on Indentability 





Austenite content Group average 





Hardness (single sample indentability 
=. value) (250 Ib load) 

First tempering 64.2 est. 12.5% 37,000 
pw in./sec 

Second tempering 63.0 meas. 10.9% 48,400 
py in./sec 





Thus, any advantage to be gained from reduction of 
austenite content on re-tempering appears to be more 
than offset by the corresponding drop in hardness. 


2. Specimens Containing Bainite 


Several specimens were heat treated to contain con- 
siderable amounts of bainite. These points, marked @ 
on Fig. 1, can be seen to deviate seriously from the re- 
gression line even though their hardness is within or only 
slightly below the 64 R, limit. Bainite, therefore, can be 
seen to have a major detrimental influence on indenta- 
bility. 


3. Specimens Austenitized Outside the Standard Tem- 
perature Range 


The triangular A points of Fig. 1 show that low 
austenitizing temperature has a strong tendency to dis- 
place points to the left of the regression line while high 
austenitizing temperatures have the reverse effect. 

Assuming that the yield point of retained austenite in- 
creases with austenitic carbon content, then this behavior 
appears reasonable. At a given austenite level, resistance 
to plastic indentation would increase with austenitizing 
temperature since carbon solubility in austenite increases 
with the austenitizing temperature. 


Correlation between austenite and indentability 


A definite correlation between austenite content and 
indentability can be seen to exist among the remaining 


TABLE 4 
Correlation Coefficients of Indentability vs. % Austenite 





Correlation coefficients 


LCL¢ Est.” UCL* 








All Points with Hardness 

in the Range 64-66 RC 

(excluding Bainitic 

Structures) 430 624 .770 
Same as 1, Austenitizing 

Temperature Limited to 

Standard Range .630 .776 865 





@ Lower 95% confidence limit. 
> Estimate. 
¢ Upper confidence limit. 
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points. In order to define the degree of correlation and 
to show the effect of austenitizing temperature, two cor- 
relation coefficients were calculated and are given in 
Table 4. Hald (3) describes the statistical concepts used. 
The confidence limits were taken from the “Biometrica 
Tables for Statisticians” (4). 


Line 1 of Table 4 was calculated to include all speci- 
mens other than bainitic structures, that are within the 
hardness range investigated. Improved correlation results 
when extremes of austenitizing temperature are eliminated 
(Line 2), indicating that this factor has an independent 
effect on indentability. 


Conclusions 


1. There is a positive correlation between the amount 
of retained austenite and susceptibility to indentation at 
a fixed hardness level. 

2. Re-tempering to lower austenite content does not 
improve the indentability when there is a corresponding 
loss of hardness. 

3. Bainite is very detrimental to indentation resistance 
even though hardness remains in the acceptable range. 

4. Carbon solubility in austenite may be of importance 
to indentability. 


5. Indentation resistance is a parameter depending in 
a complex way on several heat treatment variables. Re- 
tained austenite determinations are helpful as a guide to 
improvements in indentation resistance but the austenite 
content and Rockwell hardness, taken individually or 
together, are not the only determining factors. Direct 
indentation testing is, therefore, indispensable where 
indentation resistance is critical. 
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DISCUSSION 


W. E. Littmann (The Timken Roller Bearing Co., Canton 6, 
Ohio): 


We congratulate Mr. Martin for his modification of the x-ray 
technique for measurement of retained austenite when preferred 
orientation is present and for calling attention to the conditions 
under which this may be a problem in hardened steel. Is there 
any evidence as to how much cold deformation is required for 
significant preferred orientation to be retained after hardening? 


The data presented in Fig. 1 and Table 4 indicate that the be- 
haviour of retained austenite under plastic deformation in contact 
loading depends upon its chemical composition. The data of 
Drutowski and Mikus [author’s reference (2)] also demonstrate 
a strong influence of contact stress level at which indentability is 
compared. Table Al, from the data of this reference, shows that 


TaBLe Al 
Points of Equivalent Indentability With 0% 
Austenite-58 Rockwell “C” 








Calculated 
Depth of maximum 
Hardness plastic contact 
Per cent Rockwell groove stress 
Austenite — microinches (psi) 
3.9 64 1 450,000 
74 62 11 570,000 
18.4 59 > 160 > 1,000,000 





52100 steel hardened and tempered to 0% austenite and 58 Rock- 
well “C” has indentability equivalent to a variety of micro- 
structures of widely different hardness depending upon the 
degree of indentation, or contact stress level chosen for comparison. 


What is the order of magnitude of the contact stress level or 
indentation depth for the data presented in this paper ? 

In the author’s reference (1) it was stated, “The pattern is not 
consistent: in some cases tempering to a lower hardness causes 
more increase in (indentation) sensitivity, in other cases it causes 
less or none.” Does the author’s conclusion 2 apply to some limited 
hardness range or hardening treatment? 


The data in Table 3 seem to indicate an indentability after the 
first temper significantly below the other data of Fig. 1 for Rock- 
well “C” 64/66 if the units of indentability in Table 3 are 10% 
microinches/sec. 

Finally, a line drawn by eye through the circular points in 
Fig. 1 as well as boundary lines enclosing the points suggest 
strongly that the increase in dent velocity is not linear with re- 
tained austenite, but shows a decreasing slope at higher austenite 
levels. 


R. C. Drutowsx1 (Research Laboratories, General Motors 
Corporation, Warren, Michigan): 


The author should be commended for a fine piece of work 
and especially for pointing out that factors other than austenite 
content also influence plastic indentation resistance. Ideally it 
would be desirable to omit considerations of Rockwell hardness 
altogether and be able to predict plastic indentation from knowl- 
edge of the microstructure. 


I have three questions to ask: 


(1) Why was a load of 250 pounds and a 3/16-inch diameter 
ball chosen for making the indentation? From our own ex- 
perience such a high contact stress produces a considerable amount 
of plastic deformation which may mask properties of the micro- 
structure just as a Rockwell hardness test does. 
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(2) Points were eliminated from Fig. 1 for specimens below 
the hardness range Rc 64-66. For a constant level of retained 
austenite would the author comment on the possible change in 
the microstructure which causes this reduction in hardness and 
indentation resistance ? 


(3) In Fig. 1, were any of the specimens which are represented 
by accepted points checked for the presence of bainite? Since the 
hardness of the specimens with bainite was approximately the 
same as the martensitic specimens would the author comment on 
a possible mechanism for the decreased indentation resistance due 
to the bainite? 


S. J. Grisarre (NASA Lewis Research Center, 21000 Brookpark 
Rd., Cleveland 35, Ohio): 


This paper reflects the desirable trend of using a combined 
mechanical and metallurgical approach to more fully understand 
the rolling-contact phenomenon. However, the author has chen 
a very difficult problem in trying to relate an indentability param- 
eter to the amount of retained austenite in a bearing steel. 

Penetration hardness is the resistance to penetration of a par- 
ticular specimen under a given set of loading conditions. Although 
this restatement of what hardness is may seem redundant, we 
must remember that many factors contribute to penetration hard- 
ness. Some of these are: 


(1) Amount of carbon in solid solution; 

(2) Dispersion of carbide phases; 

(3) Strains caused by volume changes when austenite trans- 
forms to martensite; 

(4) Amount and type of new phases forming; 

(5) Amount of retained austenite. 


Variation in heat treatment will affect all of the above to different 
degrees. Since each factor contributes to the final hardness, one 
must be very careful in trying to measure the effect of only one 
variable when the others cannot be kept constant. 

In this investigation, did the author note any systematic varia 
tion in penetrability on a single ring which would reflect the 
existence of preferred crystal orientation (and/or changes in 
preferred orientation) around the ring? 

Instead of measuring penetrability on all rings and retained 
austenite on only one ring per group, why were not fewer rings 
(each of a different but almost constant retained austenite level) 
examined for both penetrability and retained austenite? This 
would permit both series of measurements to be made on the 
same ring and would tend to more clearly establish the existence 
of a retained austenite-penetrability relationship. 

I feel that the author should continue to try to isolate the effect 
of each of the variables which contribute to penetration resistance 
and, in so doing, would make a significant contribution to the 
bearing industry. 


AUTHOR’s CLOSURE: 


I wish to thank Dr. Littmann and Messrs. Drutowski and 
Grisaffe for their comments and stimulating questions. 

I also thank Dr. Littmann for pointing out the error in Table 
3. Indentability values originally shown were erroneously given 
in relative units of visicorder trace height and have been changed 
to the absolute units of dent velocity (microinches per second). 

I agree with Dr. Littmann that the function relating the data 
of Fig. 1 is probably better described by a nonlinear function, 
however, the investigation was undertaken primarily to determine 
reasons for the wide variation in indentation susceptibility among 
bearings with approximately the same hardness. A positive cor- 


relation between austenite content and indentation susceptibility 
was demonstrated by the correlation coefficient which is based 
on the linear relationship shown and it was felt that in view of 
the wide scatter of the data, the search for a more accurate 
function would be of limited practical significance. 

Conclusion 2 states that indentation resistance is not improved 
when austenite content is lowered by retempering to a lower 
hardness. The statement in reference (1): “The pattern is not 
consistent, etc.” is based on 8 observations of samples that had 
been retempered to lower hardness and presumably lower austenite 
content, although this was not measured. In 6 cases the indenta- 
tion resistance was decidedly lowered and in the 2 remaining 
cases it was essentially unchanged. Thus the inconsistent pattern 
observed refers to the degree to which indentation resistance was 
worsened and the data support conclusion 2 since in no case was 
there an appreciable improvement in indentation resistance result- 
ing from the presumably lowered austenite content. 

Mr. Drutowski and Dr. Littmann both question the choice of 
indentor load used. This choice was dictated primarily by the 
practical consideration of devising a test procedure that would 
differentiate between bearing lots that experienced high and Jow 
rejection rates for noise level by electrical motor manufacturers. 

The maximum computed contact stress for the loading condition 
selected is approximately 900,000 psi, at which level Drutowski 
and Mikus found that groove depth was influenced by both 
hardness and austenite content. This is in general agreement with 
the results of the present paper, where the data suggest a family 
of austenite-indentability curves with hardness as the parameter. 
Thus, it is true that the effects of microstructure would be par- 
tially masked if hardness were not accounted for: therefore, hard- 
ness of most specimens was confined to the limited range between 
64-66 Rc. 

By quenching a series of specimens from a given austenitizing 
temperature at different cooling rates and by employing subzero 
cooling it is possible to produce a range of austenite contents. 
These specimens could subsequently be tempered to the same 
austenite level yielding a series of specimens with widely varying 
hardnesses and indentation resistances at a constant austenite 
level. The principal difference in microstructure (which, inci- 
dentally, would not be detectable under the light microscope) 
would be in the degree of carbide precipitation from the marten- 
sitic matrix. Since carbide precipitation and austenite decomposi- 
tion are different mechanisms they do not necessarily proceed at 
the same rate during tempering; thus it is quite possible to 
obtain wide variations in hardness at a given austenite level from 
a series of specimens austenitized at the same temperature. 

All of the specimens represented in Fig. 1 by accepted points 
were checked under the light microscope (at 1000 « magnification) 
for bainite and none was found. These microstructures were all 
practically identical in appearance. Since the very nature of bainite 
is the subject of much controversy, any attempt on the author’s 
part at proposing a mechanism for decreased indentation resistance 
as a result of the presence of bainite would be in the nature of 
pure speculation. 

The possible contribution of variables other than austenite con- 
tent on penetration resistance mentioned by Mr. Grisaffe were 
recognized. Unfortunately, most of these variables are not easily 
controlled thus the statistical approach was used. Undoubtedly 
some of the wide scatter observed in the data results directly 
from the interaction of these factors; however, observation of a 
statistically significant correlation with variable austenite content 
indicates that the influence of austenite is sufficient to be identified 
within the range of experimental conditions employed in spite 
of the combined effects of these other variables. Variations in 
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austenitizing temperature were seen to have an independent effect 
on indentation sensitivity [with better than 95% confidence since, 
in Table 4, Est. corr. coef. (2) lies above the UCL of corr. coef. 
(1)]. This was interpreted as resulting from differences in the 
amount of carbon in solid solution, primarily in the austenite 
phase. No patterns of consistant deviations from the relationship 
shown in Fig. 1 other than those mentioned (e.g., hardness, bainite, 
austenitizing temperature) were discovered. 

The bearings investigated were inner rings made from rocked 
tubing cold reduced 60-65%. Since forces are applied radially in 
this type of cold work, the resulting preferred crystal orientation 
pattern observed was essentially a “wire texture” which is charac- 


terized by a crystallographic direction tending to align itself 
with the drawing direction (the ring axis) while normals to 
crystallographic planes are free to assume any azimuthal orienta- 
tion about this direction. Thus no differences exist in the pre- 
ferred orientation pattern at different points along the groove and 
no systematic variation in penetrability on a single ring could be 
observed. 

No data were obtained on the degree of cold deformation 
required for significant preferred orientation to be retained after 
hardening since the specimens were all produced from the same 
type of stock; however, with 60-65% cold reduction, considerable 
preferred orientation was observed. 
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The Effect of Material Variables on the Fatigue Life of 
AISI 52100 Steel Ball Bearings 


By T. W. MORRISON,' T. TALLIAN,? H. O. WALP,? and G. H. BAILE* 


The effect of material variables on the fatigue life of AISI 52100 steel in ball bearings is examined. 
An apparently significant negative correlation with the abundance of certain trace alloying elements 
has been found. An effect of gas content has not been proven. Some difference in the endurance 
of bearings tempered for various lengths of time at different temperatures is shown. The most 
effective means available for obtaining improved fatigue life are certain techniques of vacuum 
melting. An approximate two-fold increase over catalog fatigue life is obtained by single vacuum 
melting, and a 7.7-fold increase has been achieved in tests using multiple consumable electrode 
vacuum remelting. This, in conjunction with previously reported evidence for the existence of a 
lower limit for fatigue life, suggests the possibility of producing bearings with better than 99.5% 


reliability at catalog life. 


introduction 


THE wide variability in fatigue life obtained from rolling 
bearings made of statistically similar material is axio- 
matic. Also generally known is the fact that substantial 
variability exists “between lots.” In this paper, examples 
will be shown of groups of bearings, all made of pre- 
sumably similar material, according to well estabiished 
practices and tested in strictly comparable ways, having 
Lo lives® ranging from 30% to 200% of the theoretical 
catalog value. By artificially introducing material vari- 
ables, this span can be extended from 1% to 750% of 
catalog life. 

The benefit that could be realized from a detailed 
understanding of the parameters acting to produce life 
variability are obvious. In this paper, some results are 
described that appear to shed light on several of these 
parameters. Due to the scope of the problem, the results 
are necessarily quite incomplete and further study is 
being vigorously pursued. 


Variables 


The following are the material variables examined for 
their influence on bearing fatigue life: trace elements in 
the steel; gas content; nonmetallic (slag) inclusions; 
steel melting practice; and tempering cycle. 





Contributed by the ASLE Technical Committee on Bearings 
and Bearing Lubrication and presented at the Annual Meeting of 
the American Society of Lubrication Engineers held in St. Louis, 
Missouri, May 1962. 

1 Vice President, Engineering & Research, SKF Industries, Inc., 
Philadelphia, Pennsylvania. 

2 Manager, Research Laboratory, SKF Industries, Inc., Phil- 
adelphia, Pennsylvania. 

3 Metallurgical Consultant, SKF Industries, Inc., Philadelphia, 
Pennsylvania. 

4 Supervisor Metallurgical Section, Research Laboratory, SKF 
Industries, Inc., Philadelphia, Pennsylvania. 

5 Ly is the life exceeded by 90% of the bearings tested. 


347 


This list, of course, does not represent all the variables 
about which more knowledge would be useful. The num- 
ber of possible variables is, however, so large that it 
was necessary to confine this investigation to the ones 
that held particular interest, either because of the po- 
tential to increase life beyond that obtainable in the 
past, or because of their hitherto unexplored nature. 

It was decided to confine this study to the AISI 52100 
type of bearing steel, i.e. to exclude nominal analysis 
as a variable. Vacuum melted M50 tool steel is included 
as reference in one instance because this steel was found 
to have superior endurance and thereby produces a useful 
bench mark of attainable life. In all cases only those 
test groups were considered that had a normal metal- 
lurgical structure consisting entirely of a matrix of fine 
tempered martensite and small uniformly distributed 
spheroidal carbides, comparable to 1-M-12 when rated in 
accordance with Styri and Walp (1). The average hard- 
ness of each test group is given in Table 1 and is seen 
to be in the 61.0-64.7 Rc range for unstabilized groups 
and in the 59.4-60.9 Rc range for stabilized groups. 


Endurance data 


Thirty-three groups of endurance tested bearings form 
the basis of all further discussions. For reference they 
are listed in Table 1. 


The Table lists groups of bearings arranged by heat 
code (all groups from one heat have the same code), 
melting practice and heat treatment. The number of 
tests run and of failures obtained is given in the next 
columns. Data on test speed and lubricant follow and 
then the Zio and Ly lives (i.e. the lives exceeded, re- 
spectively, by 90% and 50% of the bearings tested) 
are tabulated, with their confidence limits. Finally, the 
last column contains a code to indicate which of the 
samples was subjected to analysis for alloy and gas con- 
tent or inclusions. 
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All lives given refer to inner rings and not to complete 
bearings because, in many groups, the steels tested were 
incorporated in the inner rings only, whereas the ball 
complement and outer ring were taken from stock. This 
is an expedient technique, used in many cases of bearing 
material testing, because it has been shown (2) that the 
inner ring of a deep groove ball bearing has the highest 
failure probability of all parts. In this manner it is pos- 
sible to obtain tests with relatively few extraneous 
failures (of balls and outer rings) without the need to 
manufacture all parts from materials that may be diffi- 
cult to obtain. It is necessary, however, to evaluate the 
test results with suitable care in order not to be in- 
fluenced unduly by extraneous failures. Evaluation in 
this instance was done by a statistical method known 
as the Lieblein-Zelen Technique (3). Details of the 
evaluation proceeded along the lines described by Tallian 
(4). One special precaution taken with the data used for 
this paper is that the Lieblein-Zelen estimates for Lio 
and Ls» life were recomputed ten times, using different 
randomizations of the life data and then suitably aver- 
aged. This, according to Lieblein (3) minimizes any 
error in the estimate that might be due to the manner 
in which data are randomized. 

All tests were run at room ambient temperature under 
the same radial load, giving Li19 = 10.8 million revolu- 
tions catalog life for the inner ring. Generally, tests were 
run at 1500 rpm with grease lubrication (NLGI Class 
No. 3 Soda Base or NLGI No. 2 Lithium Base Grease). 
There is no evidence of any significant difference in the 
endurance of samples tested with either of the two 
types of greases. A few tests were operated at 9300 and 
9700 rpm. In these tests and in a single 1500 rpm test, 
circulating oil lubrication (O and R Turbine Oil with 
600 SSU viscosity at 100 F) was used. Table 2 shows 
results of endurance tests conducted on statistically 
similar groups of bearings at low speed, with grease and 
oil lubrication, respectively, and at higher speeds with 
oil lubrication. There is some indication that lives ob- 
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Fic. 1. Logarithmic average of L,) and one sigma confidence. 
Region for groups from Table 1. 


tained at high speed may be different (generally longer) 
than the ones obtained at low speed. It is believed that 
the difference in lives between oil and grease lubricated 
1500 rpm tests is a freak random occurrence. Even though 
the speed effect obtained in the limited tests available 
is not clearly significant, any comparison between results 
obtained at different testing speeds should be made with 
caution. This point will be borne in mind in further 
discussions of the test results. 


For later reference, Table 1 is grouped according to 
several melting and heat treatment variables. Figure 1 
shows logarithmic average® Lio lives for each of these 
variables, along with one-sigma confidence limits for 





6 A logarithmic average is formed by taking the logarithm of 
the L,, life in each group, averaging these and finding the anti- 
logarithm of the average. 


TABLE 2 
Comparison of Lives Obtained at Different Test Speeds 





Life, million revolutions 














Heat Test Lio Lso 
code Melt speed Lubricant LCL® Est.> UCL¢ LCL? Est.? UCL* 
AK Air 1500 Oil 2.33 3.16 4.29 15.7 18.2 21.0 
AK Air 9300 Oil 3.70 &3 7.6 33.6 39.9 47.3 
AL Air 1500 Grease 18.8 25.0 33.4 16.6 78. 89. 
AL Air 1500 Oil 8.5 16.4 31.8 92. 142. 219. 
AL Air 9300 Oil 12.9 217 33.9 99. 128. 156. 
Log. Avg. 9300 rpm oil = 7.2 10.9 15.8 
Log. Avg. 1500 rpm oil = 4.3 7.3 12.0 





Ratio of average life 9300/1500 rpm oil = 1:1.5. 

The difference in average L,, lives at 9300 rpm and at 1500 rpm is significant at the 73% level. 
@ Lower one sigma confidence limit. 

> Estimate. 

¢ Upper one sigma confidence limit. 








TABLE 3 
Composition and Life of Leaded Steel 


T. W. Morrison, T. TALLIAN, H. O. Wacp, AND G. H. BAILE 





Life in million revolutions 









































Per cent Lio Lso 
lead LCL2 Est.2 UCL¢ LCL® Est.2 UCL¢ 
15—.35% 16 25 39 1.22 1.53 1.89 
Catalog life 10.8 54. 
@ Lower one sigma confidence limit. 
» Estimate. 
¢ Upper one sigma confidence limit. 
these averages, in bar chart form. Also shown is the TABLE 4 
catalog Lio life. This presentation permits one to deter- Steel Constituents with Significant Variability 
mine at a glance the relative length of Lio life typical huinseeead 
of each of the groups. Also, by observing whether the Per cent of element determination 
confidence limits of any two groups overlap, it is pos- range of all samples % of nominal 
sible to gauge the significance of differences between Element Min. Max. value 
groups. Al .001 055 + 25 
An analysis of the data presented follows. As 003 013 + 25 
Co 003 007 + 25 
Trace elements Cu 01 20 + § 
Due to variations in the scrap used to make bearing Pb < .0001 0007 + 25 
steel, any one or more of a number of metallic elements og 0008 04 + 25 
can appear unintentionally in a heat. The effect of such . _ rs vie 
unintentional constituents of the steel on life is unknown a 7 = * 
but it might well be significant, as is illustrated by the = a4 027 = 2s 
data in Table 3, on a heat of 52100 steel to which lead he ig a = 4 
had been added intentionally to improve machinability. . = vot 
As can be seen, the addition of lead has practically isan 
annihilated the endurance of this heat of steel, which Steel Constituents without Significant Variability 
could not be expected on the basis of the static strength . 
of leaded steel. Elements 
For trace element analysis, specimens were selected Ag Bi Ga Li Pd Sr W 
from a number of groups of endurance tested bearings. Au Ca Ge Mg Pt Ta U 
These groups are identified by the letter ““T” in the last s Ca In Mn K Te Yt 
. ‘ Ba Ce Ir Hg Na Th Zn 
column of Table 1. The materials came from a variety Be Cr a Nb Sb 1 ar 
of sources, and several melting techniques are repre- . a : 
sented. The groups contained short, normal, and long- oes 
lived samples. Careful examination was made for defects Relative Veriability of Trace Elements 
of material and manufacture known to cause short life, between/within Groups* 
and only groups without such known defects were in- Variability 
cluded. From each group, the specimen with the longest vdneanatie 
and the shortest life was subjected to chemical and Siement groups Sienificant 
spectrographic analysis for 46 elements. Due to the a rom = 
small quantity of some of the trace elements present, ie 198 a 
the spectrographic technique had to be of extreme sen- Co 2.00 Yes 
sitivity. The analysis was performed by the research Cu 9.09 Yes 
laboratories of a large steel company and results were Mo 5.55 a 
then evaluated by the writers. Tables 4 and 5 list the Ni 12.65 Yes 
elements determined, in two groupings: those showing Pb 4.76 Wes 
significant variation between bearing groups, and those Si 4.00 Yes 
(the majority) showing no significant variation within Sn 3.71 Yes 
the accuracy limits of the determination. For the former Ti 2.47 Yes 
V 3.70 Yes 


group, Table 4 also shows the range of abundance found 
for each element in all samples analyzed, and the re- 
ported accuracy of the spectrum analysis. 





@ Variability between groups is significantly larger (at 95% 


level) than that within groups, if the ratio exceeds 1.97. 
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Discarding the elements with no significant variability 
from further consideration, the significant ones were 
statistically analyzed as follows: 

An examination was made regarding differences in 
element content between the low life and the high life 
specimen within each group. This was done for two 
reasons: first, because it is conceivable that certain 
elements may be unevenly distributed within a heat or 
ingot and thus could, if effective in modifying life, ex- 
plain some of the life dispersion within groups. 

Secondly, a comparison of the variability of these 
elements within groups, to the variability between groups, 
is instructive in assessing the importance of the between- 
group variations. Obviously, if the between-group varia- 
tions are larger than the variations within the group, 


this tends to impart significance to the between-group 
variations of a given trace element. 

Table 6 lists the ratio of standard deviation between 
groups to standard deviation within groups for the 11 
significant elements, along with a limit of significance 
at the 95% level. 

It is seen that the variability between groups is sig- 
nificantly larger than the variation within groups at the 
95% level for all elements other than arsenic, and for 
arsenic it is significantly larger at a slightly lower 
probability level. The variability of trace elements 
within groups was accordingly not pursued further. 

In studying the effects of between-group variability 
of the amount of trace elements on life, the correlation 
coefficient (with confidence limits) was computed be- 






































: TABLE 7 
' Correlation between Life and Trace Element Content 
All Heats 
Correlation coefficient 
4 
4 Lio L5o 
a 
4 Element LCL¢ Est.) UCL¢ LCL¢ Est.° UCL¢ 
/ Al —.93 —.77 —.29 —.91 —.72 —.18 
| As —.85 —.56 +.05 —.83 —.46 +.19 
k Co —.74 —.29 +.36 —.53 +.07 +.62 
i Cu —.87 —.62 +.03 —.79 — 41 +.25 
' Pb —84 a” +.10 —.82 —a49 4.15 
Mo —.79 —.39 +.27 —.86 —.60 +.01 
Ni —.85 —.57 +.05 —.81 ——.45 +.20 
Si a —"' +.76 ond +.33 +.76 
5 Sn —.27 +.39 +.79 —.34 +.32 +.75 
if Ti —.44 +.19 +.69 —.35 +.30 +.74 
4 V —.95 —82 —.40 —3§7 —87 —$3 
@ Lower 95% confidence limit. 
» Estimate. 
© Upper 95% confidence limit. 
s TABLE 8 
Correlation between Life and Trace Element Content 
Airmelt Heats Only 
Correlation coefficient 
Lio Ls 
Element LCL¢@ Est. UCL*¢ LCL Est.? UCL¢ 
eo Al —.95 <3 —.02 —97 onl —.20 
As <a $F a +.64 | —.19 + .62 
Co —.82 —.27 +.57 —.79 —.20 +.61 
Cu —91 — +.28 — sm $0 +.55 
Pb —.86 —.40 +.47 —.81 —.27 +.57 
Mo —.88 —.50 +.37 —.97 —.81 —.13 
Ni anil will} +.14 —.89 nin $3 +.34 
Si a +.28 +.82 —.64 38 +.76 
Sn —.65 +11 +.76 con | +.66 
Ti | —.18 +.62 — Bt —.34 +.51 
Vv —.97 —.82 —.13 —.98 —.88 —.35 
baa @ Lower 95% confidence limit. 
5%o > Estimate. 
¢ Upper 95% confidence limit. 











tween the natural logarithm of Zio and Ls life and the 
quantity of each of the 11 trace elements studied. For 
this purpose, the quantities of the element found in the 
bearings with lowest and highest life within a given 
group were averaged. For definition of the correlation 
coefficient, its confidence limits and methods of computa- 
tion, see Ref. (5). Confidence limits were taken from 
Ref. (6). 

Tables 7 and 8 show the results of the computation: 
(a) for all samples examined, and (b) for the airmelt 
samples only. 

It is seen from both tabulations that strong negative 
correlations exist between the logarithm of Lo or Lso 
life and the quantity of the following trace elements: 
aluminum; vanadium; molybdenum; copper; and nickel. 

Of these, the negative correlations with aluminum 
and vanadium are statistically significant at the 95% 
level because the entire confidence band of the correla- 
tion coefficient is located in the negative range so that 
zero correlation falls outside the confidence band. The 
negative correlation found with molybdenum, copper, 
and nickel is not significant at the 95% level for the 
number of groups examined. Comparing Table 7, con- 
taining all groups, and Table 8, containing airmelts 
only, it is seen that the same correlations are significant 
in both cases. This is noteworthy because it could be 
suspected that a functional relationship is being simu- 
lated by combining airmelt and vacuum melt heats 
which may conceivably be systematically different in 
analysis and are, of course, quite different in endurance. 
Since the correlation is not weakened by eliminating the 
vacuum melts, a functional relationship is strongly sug- 
gested. 

It is puzzling to find a collection of rather dissimilar 
elements, such as aluminum, vanadium, molybdenum, 
copper, and nickel, all negatively correlated with life. 
In the case of aluminum and vanadium (the only two 
elements with highly significant negative correlation) 
one could conjecture that their common property of 
forming small dispersed hard particles (aluminum. oxide 
and vanadium carbide, respectively) might influence the 
fatigue resistance of the structure adversely. However, 
molybdenum and nickel are ordinarily considered useful 
additives and copper is not known to be harmful. The 
existence of a negative correlation with the latter three 
elements is reason for some doubt of a functional rela- 
tionship. 

It is possible that correlation with some of the ele- 
ments (but not with all) is spurious due to the following 
set of circumstances: 

If there are one or several elements which do, indeed, 
adversely affect endurance, and if, at the same time, 
there is a positive correlation between the quantity of 
these elements and the quantity of some other elements, 
indifferent to endurance: then a negative correlation be- 
tween endurance and the abundance of these latter 
elements will be created. Table 9 shows correlation 
coefficients between the quantities of various elements 
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TABLE 9 
Correlation between Quantities of Trace Elements 





Correlation coeff. between 
quantities of 
elements A and B 








Element Element 
A B LCL¢ Est.? UCL“ 
Al Cu —.47 +.20 +.71 
Al Ni —A7 +.20 +.71 
Al V +.05 +.68 +.90 
Cu Ni +.65 +.93 +.98 
Cu Mo —.38 +.31 +.76 
Cu Vv —.14 +.53 +.84 
Mo Ni +.05 +.68 +.90 
Mo V +.16 +.72 +.91 
Ni Vv —.03 +.65 +.90 





@ Lower 95% confidence limit. 
» Estimate. 
¢ Upper 95% confidence limit. 


that were found to have a strong negative correlation 
with life. 

It is seen that the correlation coefficient for all com- 
binations examined is positive. The positive coefficients 
of correlation are significant at the 95% level for the 
pairs aluminum-vanadium, copper-nickel, molybdenum- 
nickel, and molybdenum-vanadium. Several others are 
significant at slightly lower levels. 

Accordingly, it is quite justified to argue that not 
all of the elements showing strong negative correlations 
with life are actually detrimental to endurance. Some of 
the correlations (but, of course, not all) may be spurious. 
Without further data, it is not possible to determine 
which of the correlations between abundance of trace 
elements and life are physically real, and which are 
created by the correlation between the abundances of 
these elements. One can only conjecture that the strong- 
est, most significant correlations between life and trace 
element abundance are most likely to be real, i.e. those 
with aluminum and vanadium. 

Since there is such a strong correlation between the 
abundance of several trace elements, one can try to 
form an index of “composite trace element abundance” 
and it is likely that the negative correlation between a 
properly chosen index of this nature, and life, will be 
particularly strong. Such an index was formed as fol- 
lows: 

Al V Mo Cu _ Ni 
at me a} fe ees 
Al V Mo Cu_ Ni 











A bar over the sign of an element (Al) signifies the 
average abundance of that element, taken over all groups 
examined. 

The index contains the five most significant trace 
elements linearly combined. Each trace element is in- 
cluded in the index by first forming the average abun- 
dance of that element over all groups examined, and 
then dividing this average into the abundance of the 
said trace elements in earch group. This resulting ratio 














is a measure of the relative variation of the trace ele- 
ment. It seems appropriate to use this measure in the 
composite index because it gives equal weight to the 
variation of all trace elements, irrespective of their 
average abundance. 

Table 10 shows the correlation between ¢ and the Ly 
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and Ls lives, for the total number of groups examined 
and for the airmelt groups only. 

It is seen that very strong negative correlations are 
obtained in each case. The correlations are stronger 
with ¢ than with any single element. Correlations are 
of the same order, whether all samples or only airmelt 


TABLE 10 
Correlation between Life and the Trace Element Abundance Index 





Correlation coefficient 
























































Lio L5o 
LCL¢ Est.? UCL¢ LCL¢ Est.> UCL¢ 
All samples —.96 —.83 —.43 —.96 —.85 —.48 
Airmelt samples only —.97 —.83 —.18 —.98 —.89 —.38 
Airmelt samples only —.97 —.83 —.18 
Correlation for stabilized 
material 
@ Lower 95% confidence limit. 
> Estimate. 
© Upper 95% confidence limit. 
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samples are considered. All correlations with ¢ are sig- 
nificant at higher than 95% level. Figures 2 to 5 show 
Lo and Ls lives plotted on a logarithmic scale, versus 
the magnitude of the composite index ¢. A regression 
line is drawn in each figure. 


Table 10 and Figs. 2-5 show that there is no great 
difference in correlation for ZL; and Ls. Considering the 
plot of Zio versus ¢, for airmelt only, it is seen that an 
Lo life variability of the order of 1 to 10 correlates with 
a variation of ¢ of the same order of magnitude. 


Turning to the plot showing life versus ¢, including 
the vacuum melt heats, it is seen that the vacuum 
samples (identified by different marking) all fall on or 
above the regression line. Particularly interesting are 
three vacuum melt points and one airmelt point per- 
taining to a repeatedly remelted heat. This heat will be 
discussed later, but it is well to observe that the four 
points differ in life by a factor of 4, whereas ¢ only varies 
by about 15% among them. This is below the level of 
analytical accuracy. Clearly, vacuum melt material shows 
improved life for reasons other than a low content of 
detrimental trace elements. 


A further comment can be made here by anticipating 
results presented later, to the effect that there is a 
difference between the endurance of identical heats of 
steel if they are tempered at higher temperatures for 
purposes of dimensional stabilization. Stabilized groups 
appear to have a somewhat shorter life than unstabilized 
ones. Figure 6 shows the plot of Lio life versus ¢ pre- 
viously given in Fig. 4 (for airmelt heats only), now 
redrawn after correcting the lives of stabilized samples 
by multiplying them with the average ratio’ of un- 
stabilized versus stabilized life given in Table 18. As a 
further precaution, all points in Fig. 6 are derived from 
1500 rpm tests to make them strictly comparable. The 
correlation coefficient corresponding to this graph is also 
given in Table 10. The correlation with ¢ is not further 
improved. However, it is seen that a curved line (shown 
dotted in Fig. 6) can be fitted to the points better than 
the straight regression line. This suggests the reason 
why the correlation coefficient corresponding to Fig. 6 
is not higher: the functional relationship deviates from 
a linear relation. The deviation occurs for low ¢ suggest- 
ing that a reduction in trace element content below 
¢ ~ 2 no longer brings about a further improvement in 
life. 

A functional relationship of the accuracy shown in 
Fig. 6 is difficult to imagine unless there is a cause and 
effect connection between trace element content and 
life. But even if one chooses to remain skeptical of a 
causal relationship, analysis for the abundance of the 
elements comprised in ¢ seems to offer a valuable in- 
dicator for predicting the endurance of 52100 steel heats, 
at least when they are made by the melting methods 
here discussed. 





7 The ratio used does not consider induction melted heats be- 
cause none of these are shown in the figure. 
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Gas content 


It has been conjectured that one of the reasons for 
good endurance of vacuum melt steels could be their 
relative freedom from gaseous contaminants. For this 
reason, gas analyses were made by a commercial analy- 
tical laboratory on a number of samples. The samples 
covered are indicated by the letter “G” in Table 1. The 
analysis was performed for oxygen, hydrogen, and nitro- 
gen, but it was found that only oxygen and hydrogen 
showed significant variability above the experimental 
errors. 

The correlation coefficients were computed for these 
two gases versus Lio and Ls life for four categories of 
test groups: unstabilized airmelt groups, stabilized air- 
melt groups, induction vacuum melt groups, and con- 
sumable vacuum melt groups. The reason for treating 
the different categories separately is that there is likely 
to be a substantial difference in the gas content of 
vacuum melt and airmelt steels (the vacuum melts be- 
ing lower) and, therefore, a spurious negative correlation 
between the quantity of gas and life will be created 
if airmelt and vacuum melt materials are lumped to- 
gether. The reason for separating stabilized and un- 
stabilized samples of airmelt steel is that the stabiliza- 
tion involves tempering at 455 F for 4 hours. It was 
desired to avoid any error that might occur if tempering 
should remove some of the gas from the samples. 

Tables 11 and 12 show the average oxygen and hy- 
drogen content for the several categories of test groups 
considered, and the correlation coefficient of gas content 
versus life, with its confidence limits. 

It is seen that gas content of stabilized and un- 
stabilized samples is not significantly different. Oxygen 
content of vacuum melt steels, made by either con- 
sumable or induction process, is less than one-half of 
that for airmelt steel, whereas the hydrogen content in 
all groups examined was similar. The correlation co- 

















ing 


ups 
tent 


gen 
con- 
f of 
it in 

co- 














Effect of Material Variables on Fatigue 35 


uw 


TABLE 11 
Correlation of Oxygen Content and Life 





Correlation coefficient 














Avg. O5 L L 
content 10 50 
Sample (PPM) LCL® Est.o UCL¢ LCL¢ Est. UCL¢ 
Airmelt unstabilized 45.8 —0.72 +0.26 +0.88 —0.87 —0.22 +0.74 
Airmelt stabilized 41.3 +0.32 +0.84 +0.96 +0.40 +0.87 +0.98 
Consumable 
vacuum melt 19.6 —0.89 —0.59 +0.18 —0.95 —0.80 —0.20 
Induction 
vacuum melt 13.6 —0.84 —0.34 +0.51 —0.87 —0.45 +0.42 
@ Lower 95% confidence limit. 
+ Estimate. 
¢ Upper 95% confidence limit. 
TABLE 12 


Correlation of Hydrogen Content and Life 





Correlation coefficient 











Avg. H, L L 
content 10 50 
Sample (PPM) LCL¢ Est. UCL¢ LCL¢ Est. UCL¢ 
Airmelt unstabilized 0.6 —0.88 —0.27 +0.72 —0.83 —0.05 +0.80 
Airmelt stabilized 1.0 —0.88 —0.55 +0.24 —0.85 —0.44 +0.36 
Consumable 
vacuum melt 0.5 —0.61 +0.10 +0.72 —0.31 +0.49 +0.87 
Induction 
vacuum melt 1.6 —0.75 —0.10 +0.66 —0.78 —0.19 +0.61 





@ Lower 95% confidence limit. 
> Estimate. 
¢ Upper 95% confidence limit. 


efficients with life are all insignificant at the 95% level, 
with the one exception of oxygen in stabilized airmelt 
steel. Here a significant positive correlation coefficient 
appears. The fact that a positive correlation between 
oxygen and life is not obtained for the unstabilized 
airmelt, or for any of the vacuum melts, and that the 
oxygen content of vacuum melts is so much lower, 
whereas their lives are, of course, longer, suggests that 
the positive correlation coefficient found for stabilized 
airmelt groups is spurious. All other correlation coef- 
ficients in the Table are negative. While they are not 
significant individually, the probability is low that so 
many correlation coefficients should be negative at the 
same time, due to purely random causes. There is, there- 
fore, some reason to assume that gas content is nega- 
tively correlated with life in a weak way. Considerable 
further evidence is needed before any conclusions are 
drawn from this indication. 


Non-metallic inclusions 


It has traditionally been held that freedom from non- 
metallic inclusions is the most important quality charac- 
teristic of rolling element bearing steel. However, ade- 
quate techniques to determine the quantity or severity 
of such inclusions are nonexistent, or, at best, in a state 
of early development. The conventional techniques of 


macroscopic and microscopic examination, as standardized 
by ASTM (7), serve well to weed out objectionably dirty 
steel. However, of the steels included in this study, all 
were acceptable to ASTM Standards. In addition, their 
ASTM ratings were not sufficiently different among heats 
made by a given melting practice (e.g. airmelt or vacuum 
melt) to account for the differences in life. 

In a recent paper, Johnson and Sewell (8) have pro- 
posed a refinement of the microscopic inclusion rating 
technique by extending the rating process to substantially 
smaller inclusions, using high magnifications (750 x). 
By proceeding in this manner, these authors show a 
definite negative correlation between the number of in- 
clusions and life in rolling contact element-tests. 

The writers have attempted to duplicate Johnson 
and Sewell’s results by examining, under high magnifica- 
tion, some typical samples from Table 1 (the groups thus 
examined are designated by “S” in the last column of 
Table 1). Table 13 gives the results of this examination. 
The four groups (of two samples each) given first, were 
obtained from the same heat of steel. The first group is 
the original airmelt, the others were obtained from it 
by repeated vacuum remelting. These groups were 
selected because of the plausible assumption that the 
considerable difference between their lives is due to dif- 
ferent quantities of inclusions. (The trace element con- 























m 

4 
a *‘payjauiai A[pazeadai ‘yeay [eITUIPT p 
= Lo TZ $z 9b 6£ T a 97 9¢ T a 14 64981 

° > 9s Tv 8I £7 02 = Z 8T oI we Z as “oel aaa | 6ST afqeuinsuo’) VA 
, LZ 8s £ $$ 8P eT 02 st 6¢ L LI ST PS Eb 

Z 92 SL 16 v 48 £8 or Iv ze 82 ol 6¢ 62 6'6£ aa $9 JULY AV 
ar L> 8I s eT or = Z 8 8 = 2 9 LOVEY 

3 I> ST IT T or 14 = Z Z v = 2 Z ‘ore “LL TL°eL syouay ¢ vA 
= I> o¢ 9 vz 8T : T 9T “I if I sT cy err 
o) i> 62 8Z 2! rat LZ — £ v $s —~ ¢ Z a x4 ‘09 78st SyoUIY Z vdA 
ae} > se 0 ge 9¢ 6 a ST 9¢ 6 a st 60'S 

* tS Le s¢ Z ee 22 £ 8 IT 02 > L Or “802 ose | a1qeunsuo,) vOA 
Pa! s TST ST 9eT 121 $ ve 78 elt v o¢ 6L eVsey 

3 9 agi ZL $ L9 ss z ST se 7s Z vat 9¢ ‘871 £12 ert WPULTY v IV 
< 
a PPy dnoi3 3ejs apyyng apy [BIOL A I O j[eIoy 4 I 0 0a7 a uauitads IPI apoo 
a ne ne te ange 9} edTTIS ay euIUIN[y dnoi3 Jo eH 
z punoisy9eq “BAY [®10.L 9} eITIS ary] 

“ snjd jo 

9 jo AyQuenb snjd ; 

a a7euTUIN[y aT 

% ‘BAY ayeuIUIN[y 

4 
g yout a4vnbS £00" UL pansasgC SuotsnjaUT 1010 TL 
_ poyjapW amas pup uosuyor ‘uoupryiuspy X OOOL 1 squnoyD uoisnjIuT 
= €l a1avy 
b 
x) 
wy 

= 











Effect of Material Variables on Fatigue 357 


tent in these groups was essentially identical, see Fig. 
2). Also shown are two further melts, one, air melted 
and one, vacuum melted, giving short and long lives, 
respectively. From each sample the bearing with the 
shortest and the bearing with the longest life was ex- 
amined to see whether variability of slag distribution 
within a heat could account for the different lives. In- 
clusions are listed according to the terminology and in 
the groups given by Johnson and Sewell, whose methods 
were followed in most respects. It was found, however, 
to be expedient to use a higher magnification (1000 x ) 
and oil immersion, because oil immersion was required 
to avoid the formation of corrosion points during the 
lengthy examination, which can be mistaken for slag. 
In addition to the inclusion sizes covered by the Johnson 
and Sewell technique, it was possible to discern, at this 
high magnification, a background of pinpoint inclusions 
which, in some steels, were very numerous. An estimate 
of background on the basis of the average number of 
inclusions seen in one field, is shown in the last column 
of the Table. 

It appears, first, that slag count of short and long 
life specimens, within groups, varies at random. 

Next, it is seen that aluminum oxide slag decreases 
rapidly with repeat remelting. Sulfides and titanium 
type slag do not decrease as clearly; however, the total 
of all types, excluding sulfides, and the grand total of 
all types of slag is consistently lower for vacuum melt 
than for airmelt. It is not true, however, that slag 
count correlates with life in the airmelts, as evidenced 
by the fact that of the two airmelts having an Lio 
life ratio of 1:3, the long-life melt has, if anything, more 
slag than the short-life melt. Only in the pinpoint in- 
clusion category was there an obvious difference be- 
tween these two airmelts in that the melt with good life 
showed a much lower background of these pinpoint in- 
clusions than did the poor melt. The number of these 
pinpoint inclusions, per microscope field, averaged twenty- 
six for the poor melt, and six for the good melt. 

Between the two single consumable electrode remelts 
shown, the only significant differences in slag count are 
in sulfides, and in the total of all types of slag counted. 
The difference is in the right direction in that the melt 
with superior life has lower slag. Noting, however, that 
the sulfide count varies widely among the multiple re- 
melt samples, it is questionable whether the difference 
is significant or is attributable to scatter in the counting 
technique. Somewhat more significant, apparently, is the 
total slag count which seems to vary inversely with life. 
Figures 7 and 8 show a plot of Lio and Ly» life versus 
total slag count. Table 14 shows the correlation co- 
efficient and confidence limits thereof. 

The correlation computed for all samples is substantial, 
even though not significant at the 95% level. It is im- 
possible to state whether the correlation in this case 
reflects a cause and effect relationship or is created 
merely by the obvious fact that slag count is reduced by 
vacuum melting and, coincidentally, life increases. To 


obtain more valid results, it will be necessary to apply 
the Johnson and Sewell technique to several more air 
and vacuum melt heats and compare these to each other, 
rather than to attempt comparisons between melting 
techniques. The method is, however, so time-consuming 
that it was not possible to obtain more data at this time. 
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TABLE 14 
Correlation of Life and Total Slag Count 
Correlation coefficient 
Lig Lo 
LCL*_ Est.” UCL® LCL* Est. UCL¢ 

All samples —94 —66 +30 —93 —64 +.32 





@ Lower 95% confidence limit. 
> Estimate. 
¢ Upper 95% confidence limit. 
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TABLE 15 
Magnetic Particle Indications and Life of NU310 Cylindrical Roller Bearings 





Life in million revolutions 





Slag indications 











Li Ls 
on o 
inner rings LCL? Est.2. UCL¢ LCL? Est.2. UCL¢ 
No detectable slag indications 49.9 61.8 76.6 143.9 158.5 175.7 
Detectable slag indications 19.9 27.4 37.0 73.9 85.8 99.5 
@ Lower one sigma confidence limit. 
b Estimate. 
¢ Upper one sigma confidence limit. 
In recent years, considerable attention has been heat treatment, stabilized and unstabilized, is Lig — 23.5 


focussed on the potentialities of magnetic or ultrasonic 
techniques for slag rating of steel. Table 15 shows re- 
sults (not contained in Table 1) obtained by the writers 
by subjecting the inner rings of one homogeneous lot of 
cylindrical roller bearings to standard magnetic particle 
inspection and separating the lot into two groups, one 
of which had indications for slag, whereas the other 
had none. (Rings were marked at indications for refer- 
ence after testing.) Both samples were endurance-tested 
together, and it was found that the Lo life of the sample 
showing magnetic indications was significantly shorter 
than that obtained on the sample without surface in- 
dications. (The confidence bands for the Lig or Lso 
lives in the two groups do not overlap.) 

After testing, it was found that 9 out of 18 inner 
ring failures in the group having magnetic particle in- 
dications were located at indications. (On the other hand, 
of the 9 inner rings which did not flake at the magnetic 
indications, some had long and pronounced indications. ) 
Since this experiment has not been duplicated, the au- 
thors are not prepared to draw general conclusions from 
this single result. It is mentioned merely for its interest. 

Bamberger et al. (9) have recently reported that, by 
the use of ultrasonic techniques, they were able to 
segregate statistically homogeneous batches of specimens 
into groups with much-reduced, and groups with much- 
increased early failure rate on rolling contact element 
tests. This work is still in progress and reports available 
to the authors at this time (end of 1961) do not seem 
conclusive enough for an independent evaluation of 
the results given. Nonetheless, it seems reasonable to 
assume that nondestructive methods will soon be avail- 
able which, whether or not they are able to select in- 
dividual specimens with improved endurance character- 
istics, will be capable of rating the inclusion content of 
steel more conclusively than can be done by currently 
used inspection methods. While awaiting such techniques, 
the problem of the effect of inclusions was approached 
by a direct experiment that will be described next. 


Vacuum melting 


Observing Fig. 1, it is clear that vacuum melt heats 
generally attain longer fatigue lives than airmelt heats. 
‘The average Lio life for all vacuum melts given standard 


whereas the equivalent average for all airmelt heats is 
Lo = 14.0. The former is 1.7 times the latter. 

Cobb (10) has published endurance results on a group 
of 50 induction vacuum melted 52100 steel bearings and 
found an improvement in Lo life over average airmelt 
results by a factor exceeding 3. This factor is larger than 
can be substantiated on the basis of present results. 

It is generally believed that one reason why vacuum 
melting improves endurance is because it reduces the 
size and/or quantity of inclusions in the steel. Another 
reason might be the reduction of gas content by vacuum 
melting. In the present investigation, gas content was 
not found to be a highly significant variable. On the 
other hand, the Johnson and Sewell slag counts clearly 
showed that vacuum melt heats do contain fewer inclu- 
sions than airmelts. 

If the hypothesis is accepted that vacuum melting im- 
proves endurance by reducing the severity of inclusions, 
it is promising to attempt further improvements by 
applying the consumable electrode vacuum remelting 
process repeatedly. 


Multiple vacuum remelting 


The following experiment was carried out in co- 
operation with a steel company. 

One 18” basic electric ingot of 52100 steel was cogged 
to 12” round. A piece was cut from this and rolled to 
2%” round. The remainder was used as the electrode 
to produce a 16” round consumable electrode vacuum 
ingot. This was cogged to 12” round, a piece cut off and 
finished to 214” round. The remainder was used as the 
electrode to produce the second vacuum remelt. This was 
also cogged to 12” round and a piece cut off and finished 
to 2%4” round. A third remelt was produced in a similar 
manner, but no material was taken for bearing tests. For 
the fourth and fifth remelts, the electrode size was 9” 
round and the ingots 12” round. A 2%” bar was pro- 
duced from the fifth remelt. Inner rings for 6309 bear- 
ings were machined from the 214” bars of airmelt, first, 
second, and fifth remelt steel, identified by stamping, 
and mixed together for heat treatment and grinding, in 
order to eliminate group variables in these operations. 
A normal quench cycle was used and the rings were 
then tempered for stabilization at 455 F for 4 hours. 


SSS es 
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Hardness of all groups was held between 60.5 and 61 
Rc. The inner rings were then assembled with stock 
outer rings and balls and subjected to endurance testing. 

The endurance tests were conducted in the manner in- 
dicated in the introductory part of this paper, except that 
tests were generally run at speeds of the order of 9300 
rpm with circulating oil lubrication. (This high speed 
type of testing has recently been adopted by the writers 
as the standard technique for most ball bearing en- 
durance tests because of the great economy in testing 
time.) As stated further above, the results of high speed 
tests are not necessarily directly comparable to low 
speed results, but they are comparable among themselves. 
In order to provide a comparison with other tests, the 
airmelt sample was split three ways and two groups 
run at normal 1500 rpm speed, with oil and grease 
lubrication respectively, whereas the third group was 
run at 9300 rpm with oil. The results of the speed com- 
parison have been discussed before (see Table 2.) 

Table 16 compares the Lio and L5o lives of the airmelt 
sample and the various consumably remelted samples, 
all run at high speed (9300 and 9700 rpm). 

The Lio life increases for each remelting and for the 


fifth remelt reaches almost four times the value of Lio ~ 
21 million revs. obtained for the airmelt (which was 
already unusually high). The Lio life of the fifth remelt 
material is 7.7 times the catalog Lio value. No such 
values were ever obtained from single vacuum melt 
52100 steel. If it is assumed that lives are somewhat 
lengthened by high speed testing, the comparison with 
catalog life must be made with the reservation that it 
might not be equally applicable to low speed conditions. 
For high speeds, however (and these are predominant in 
many modern applications), the 7.7 fold improvement 
over catalog life is quite real. The Lso life also increases 
with remelting but the increase is substantially less 
than for Lj9, which is reflected in the fact that the 
Weibull slope “e,” the reciprocal of which is a measure 
of dispersion, increases from the first remelt on. Ap- 
parently, then, multiple remelting, while improving over- 
all life, has its greatest influence on early failures, post- 
poning those substantially. 

A question of practical interest is whether five remelts 
are needed to obtain all the benefits available from 
multiple remelting. According to the data at hand, two 
remelts are not as effective as five. From the rate of 


TABLE 16 
Life of 6309 Test Bearing Inner Rings Made from Air Melt 
and Successive Consumable Remelts of the Same Heat 
(High Speed Tests with Oil Lubrication) 





Life in million revolutions 


























Test L 
Heat speed Lio 50 Weibull 
code Melt (rpm) LCL¢ Est.2> UCL¢ LCL2 Est.2 UCL¢ slope 
AL Airmelt 9300 12.9 21.7 38.9 99. 128. 156. 1.1 
VC 1st consumable 
remelt 9700 22.6 38.0 64. 146. 208. 296. 1.1 
VC 2nd consumable 
remelt 9700 38.6 60. 96. 159. 230. 333. 1.4 
VC 5th consumable 
remelt 9300 47.3 7d. 118. 234. 310. 389. 14 
@ Lower one sigma confidence limit. 
> Estimate. 
¢ Upper one sigma confidence limit. 
TABLE 17 
Life of M50 Tool Steel—6309 Bearings 
Life in million revolutions 
Heat Lio L5o 
code Melt LCL2 Est.o UCL¢ LCL Est.? UCL¢ 
A Single consumable 
remelt 27.7 49.7 89.0 212. 341. 549. 
B 25.6 35.4 49.0 112. 131. 153. 
Logarithmic 
average 26.6 42.0 66.0 154. 211. 290. 





Lives are to failure of any rolling element (not necessarily inner rings). 


@ Lower one sigma confidence limit. 
> Estimate. 


¢ Upper one sigma confidence limit. 
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improvement, one could conjecture that the improve- 
ment obtained for each successive remelt diminishes. 

It must be borne in mind that the remarkable results 
of multiple remelting discussed here were obtained on a 
single heat of steel, which, as airmelt, already had 
exceptionally high endurance. It is necessary to repeat 
the experiment with another heat in order that the 
results be confirmed. 

In order to illustrate the magnitude of life improve- 
ment obtained from multiple consumable remelting of 
52100 steel, Table 17 quotes values from two test series 
conducted on M50 tool steel, produced by the single 
consumable electrode vacuum melt process. 

These samples have shown the longest life repeatably 
found in full-scale ball bearing tests prior to the multiple 
remelt 52100 steel tests reported here. It is seen that 
neither one of the groups has attained the life of fifth 
remelt 52100 steel. It must, however, be observed that 
the M50 samples were tested at 1500 rpm so that a 
direct comparison cannot be made. (Lives at higher speed 
are probably longer.) 


Effect of stabilizing heat treatment 


There has long been a question whether a stabilizing 
heat treatment involving tempering at 455 F for 4 hours 
causes a reduction in endurance of 52100 steel. This 
possibility arises because tempering at 455 F causes cer- 


tain structural changes in the steel that do not occur 
at lower temperatures, and some reduction in hardness 
as shown in Table 1. 

The question needs to be answered separately for 
airmelt and for vacuum melt materials because it is con- 
ceivable that the effect of stabilization is not the same 
on both. An answer is available by analyzing the data in 
Fig. 1 according to tempering treatment. It is seen that, 
for airmelt steels, a significant difference in Lio life 
exists between stabilized and unstabilized materials, with 
the unstabilized material having better endurance. The 
same is seen for the consumable electrode vacuum melted 
materials. A reversal is evident in the one induction 
vacuum melt heat shown. In the consumable vacuum 
melt groups, two groups are included with nonstandard 
heat treatments. One of them is a salt quench followed 
by a 60 hour-long low temperature stabilizing treatment 
proposed to the writers by an aircraft manufacturing 
company, whereas the other is a salt quench with sub- 
sequent stabilization at 455 F for 4 hours. The salt 
quench with stabilization at 455 F is clearly inferior to 
any other heat treatment, whereas the salt quench with 
long term low-temperature stabilization was, in this one 
test, equivalent to conventional unstabilized parts. 

In interpreting the graph (Fig. 1), it should be borne 
in mind that the unstabilized and stabilized groups in- 
cluded in the averages are not always identical heats. 


TABLE 18 
Comparison of the Life of Unstabilized* and Stabilized» Groups from the Same Heats of Steel 
(1500 rpm Grease Lubrication) 





Life in million revolutions 





Heat Heat 


Li L; 











50 Weibull 
code Material treatment LCL¢ Est.¢ UCL¢ LCL¢ Est.¢ UCLe slope 
AH Airmelt Unstabilized 12.6 72 23.2 39.1 46.4 55. 1.9 
AH Airmelt Stabilized 4.06 75 13.8 33.7 $3. 83. 0.96 
VA Consumable Unstabilized 24.3 33.0 44.6 87. 102. 118. 1.7 
VA Consumable Stabilized 6.9 14.2 29.1 86. 139. 224. 0.83 
VB Consumable Unstabilized 19.4 26.4 35.8 70. 81. 95. 1.7 
VB Consumable Stabilized 11.0 16.7 25.2 63. v7. 95. 1.2 
VD Induction Unstabilized 12.5 17.5 24.6 49. 60. 68. 1.6 
VD Induction Stabilized 22.4 29.0 37.6 69. t3: 91. 1.9 
Logarithmic average of all unstabilized 

groups 16.5 22.6 30.8 60. 69. 81. 
Logarithmic average of all unstabilized 

groups (excluding induction) 18.1 24.6 33.3 64. a3. 86. 
Logarithmic average of all stabilized 

groups 8.0 15.7 23.2 58. 80. 116. 
Logarithmic average of all stabilized 

groups (excluding induction) 5.8 12.1 19.2 56. 83. 123. 





Average rates, unstabilized/stabilized L,, life = 1.44. 

Average rates, unstabilized/stabilized (excluding induction) L,, life = 2.03. 
@ Tempered at 340 F for 1 hour. 

» Tempered at 455 F for 4 hours. 

¢ Lower one sigma confidence limit. 

@ Estimate. 

€ Upper one sigma confidence limit. 
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Consequently, spurious comparisons can result from the 
relatively small number of groups analyzed. However, 
if one limits the study to stabilized and unstabilized 
groups made of identical heats, a similar conclusion is 
still reached, as shown by Table 18. 


The average ratio of Lio lives of unstabilized and 
stabilized samples (taken over the heats shown in Table 
18) is 1.4:1 if the induction vacuum melt heats are 
included and 2:1 without these heats. 


While stabilized airmelt groups have an average Lyo 
life of 85% of the catalog Lio value, catalog Lyo life is 
exceeded by all other groups (i.e. unstabilized airmelt, 
stabilized vacuum melt, and unstabilized vacuum melt). 


In this context, it is interesting to note that the 
multiple consumable remelted samples, discussed above, 
were stabilized. If the relationship between lives of 
stabilized and unstabilized lots carries over to the fifth 
remelt, an unstabilized fifth remelt sample should have 
an Lio life of 2 & 77 million revs., or fifteen times 
catalog life. There is, of course, no assurance that this 
will indeed be the case but the mere possibility of ob- 
taining a life of such magnitude justifies further ex- 
perimentation. 


It is fascinating, albeit inconclusive, to carry specula- 
tion one step further and note that the existence of a 
minimum endurance life (with near zero probability of 
earlier failure) has been suggested by Tallian (4) on the 
basis of more than 2500 ball bearing endurance tests.* 
This minimum life is not less than 4% of the Lio value 
and probably longer. If it were possible to realize an Ly 
life approximating fifteen times the theoretical catalog 
value by use of fifth remelt 52100 steel, either unstabi- 
lized or stabilized over a long time at low temperature, 
then the minimum life would be 4% of this Ly value, 
or 60% of catalog Lio. It is further shown in (4) that 
the failure probability at lives up to three times the 
minimum life, or 12% of Lio, is extremely low: less than 
0.5%. It would, accordingly, seem to be possible to 
obtain bearings with better than 99.5% reliability at 
catalog Lio life by use of suitably heat treated fifth re- 
melt 52100 steel. 


Another possible avenue to obtain extremely reliable 
bearings is available by repeatedly remelting MSO steel, 
which, in the single consumably remelted condition, shows 
longer life than single consumably remelted 52100 ma- 
terial. 
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8 Since the publication of Ref. (3), this was confirmed on 1300 
more endurance tests. 
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DISCUSSIONS 


W. E. Littman (The Timken Roller Bearing Co., Canton, 
Ohio): 


The authors have made a commendable effort to determine the 
separate influence of some material factors which affect the fatigue 
life of inner rings in #6309 ball bearings. The occurrence of 
statistically significant correlations in a direction opposite to that 
anticipated by the authors demonstrates the difficulty of holding 
other material or environmental factors constant in bearing life 
tests and that one must exercise judgment in interpreting the 
results of statistical tests for significance. For example the positive 
and, we agree, improbable correlation of inner ring life with 
oxygen content of air melt stabilized samples (Table 11) is 
statistically more significant than the negative correlation of inner 
ring life with aluminum content of the samples examined if we 
follow the statistical analysis correctly (Tables 7 and 8). In the 
search for correlation between sample inner ring life and trace 
element content, how did the writers weigh the data for samples 
in which the number of failed inner rings was different? Noting 
that the data used for the trace element studies include tests 
at different test speeds and in different lubricants, was any attempt 
made to adjust the data for the effect of those factors indicated 
in Table 2 to avoid spurious effects on the calculation of trace ele- 
ment correlation? 

The data in Table 13 are a fine illustration of the perverse 
nature of nonmetallic inclusions when subjected to statistical 
analysis since they seem to suggest that higher counts of aluminate 
or aluminate plus silicates are associated with higher inner ring 
life more often than not. 

In published discussions of nonmetallic inclusions in bearing 
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steels we would respectfully suggest that the authors reconsider 
their rather broad usage of the term “slag.” The implication 
of this term is that the oxides and sulfides are mechanically trapped 
particles which could be eliminated by more complete separation of 
liquid steel and slag. In fact, all of the sulfides and nearly all 
of the oxides normally present in bearing steels form as a result 
of chemical reactions which occur during the solidification of the 
liquid steel in the ingot mold. 


S. Epstein (Technical Adviser, Research Department, Bethlehem 
Steel Co., Bethlehem, Pennsylvania) : 


The authors are to be commended for this fine contribution 
which shows that even extremely small oxide inclusions may 
decrease the life of ball bearings, and that repeated remelting by 
the consumable electrode vacuum process markedly lowered the 
amount of these very small inclusions and practically eliminated 
early failures in their ball bearing tests. In determining the 
amounts of the fine inclusions, the authors followed the method 
of Johnson and Sewell, who first brought out the harmful effect 
of such very fine inclusions on the life of ball bearings. Thus, this 
work lends strong support to Johnson and Sewell’s findings. 

Johnson and Sewell were influenced by the work of Cummings, 
Stulen, and Schulte (B1, B2) who had shown that even quite 
small inclusions lowered the fatigue strength, and that in harder 
steels and under greater loads the smaller inclusions become more 
effective in lowering the fatigue strength. Cummings et al. sug- 
gested that as the stress in their rotating beam fatigue tests in- 
creased, the number of inclusion nuclei which originated fatigue 
failure increased. At lower stressing a single larger inclusion 
frequently became the nucleus originating the failure, whereas at 
higher stresses the fatigue failure tended to originate at multiple 
nuclei—which formed at smaller inclusions. 

Thus, even extremely fine inclusions could, if numerous enough, 
shorten fatigue life. It might happen that a large number of widely 
distributed small inclusions might have a greater harmful effect 
on fatigue life than a small number of larger inclusions, because 
of the greater probability that one or more of the small inclusions 
would be at a critically stressed position. 

However, the smallest inclusions which Cummings et al. took 
account of in their work were about 0.0004 in. (10 w) in diameter. 
They suggested that in the SAE 4340 and 4350 steels tested, mostly 
at tensile strengths not much over 250,000 psi, that smaller in- 
clusions, say 0.0003 in. (about 8 w) in diameter, would not 
materially affect the fatigue strength. 

It is of great interest then that in Johnson and Sewell’s tests and 
in the present authors’, inclusions of only about one-fifth this 
diameter or width (2 and smaller) were found to have a harm- 
ful effect. The simple explanation of this, of course, is that the 
ball bearing steels were much harder and much more heavily 
loaded than the SAE 4340 and 4350 steels of Cummings et al. 

Cummings et al. observed their inclusions to a considerable 
extent in the fractures of their tested fatigue specimens, using up 
to X400 magnification. Johnson and Sewell in their counts on 
metallographically polished sections, also paid particular at- 
tention to inclusions near the fracture. In the most striking 
results they confined their examinations to near the fatigue 
fractures and to within 0.01 in. of the most highly stressed 
region of their test specimen. An area of 3 mm? per specimen was 
surveyed under the microscope at 750 magnification in the 
specimens in which the counts were confined near the fracture. 
In the specimens in which the counts were not so confined and 
where randomly selected fields were surveyed in a relatively un- 
restricted region of the specimen, the specimens were reground, 


repolished, and resurveyed three times and the results on each o1 
the three 3 mm? areas averaged. Thus, in these unconfined speci- 
mens the total areas surveyed in the counts were 9 mm? per 
specimen. 

Now whether the area examined is 3 mm? or 9 mm?, it is still 
quite small (3 mm? is 0.00465 sq in. and 9 mm? is 0.01395 sq in.). 
The point is that in establishing as directly as possible a relation 
between the life in a fatigue test and the inclusions in the steel, it 
is an advantage to search for the inclusions only near the origin 
of the fracture. For this reason the drawback of too small an 
examined area may be condoned. Likewise since it is very tedious 
to survey large areas carefully at a magnification of 750, one 
may be satisfied with surveying only a smaller area. 

However, a distinction must be drawn between the problem: 
(a) of establishing as directly as possible the influence of in- 
clusions on the fatigue behavior; and (b) of determining the 
general level of inclusion content of a lot of steel. 

For the latter purpose (b) we have only the steel billets or 
bars and no fatigue test specimens. The most commonly used 
method is the ASTM Recommended Practice for Determining 
the Inclusion Content of Steel (E45-60T). This prescribes the 
method of sampling; generally six samples from the tops and 
bottoms of ingots of the heat of steel are used, taken from midway 
between the outside and center of the billet or bar. A longitudinal 
section of each of the specimens 3% X % in. in area is metal- 
lographically polished for the inclusion survey (made at 100 
magnification) and the results on all of the specimens are 
averaged. 

Now the % X % in. area (0.2812 sq in.) of each specimen 
is sixty times and twenty times as large, respectively, as the 
3 mm? and 9 mm? areas examined by the Johnson and Sewell 
method. It would appear, therefore, that for the purpose (b) 
mentioned above, determining the general level of inclusion con- 
tent of a lot of steel, the larger area and the prescribed method 
of sampling of the ASTM method would have an important 
advantage. 

The authors state that they tried the present ASTM method, and 
while it served well to weed out objectionably dirty steel, it did 
not discriminate sufficiently between the heats made by air and 
by vacuum remelting to account for the differences in bearing life. 

But this was with the present ASTM method for air melted 
steel. In this method the sample is surveyed at 100 magnification 
and as each field comes into view it is compared to a Chart (the 
JK Chart) which depicts typical fields showing the various types 
of inclusions, graded into Field Nos. 1 to 5 as the inclusions in- 
crease in size and number. After each specimen is surveyed only 
the largest Field No. of each type of inclusion observed in 
scanning the specimen is recorded and averaged. 

A revision of the method is now being prepared for vacuum 
processed steel in which the following two important changes are 
made. 


1. The JK Chart is modified so that the Field Nos. are halved 
and the chart for vacuum processed steel no longer shows 
Field Nos. from 1 to 5 but only from %4 to 2™. 

2. Not only the largest Field No. observed in scanning the 
specimen is recorded, but the number of fields observed of 
each Field No. 


Thus what is obtained is not only the average value for the 
largest inclusions but also the number of even the smallest in- 
clusions, the number of the medium sized inclusions, etc. 

The use of the Chart greatly facilitates making these determina- 
tions. In the Chart for the vacuum processed steel the Field No. 
Y% shows about one-half the number of inclusions of each type, 
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and the sizes are also about one-half or smaller than those of 
Field No. 1 of the present Chart for air melted steel. It is believed 
that even the very small inclusions (2 » wide) counted in the 
Johnson and Sewell method can be detected at 100 magnifica- 
tion—and in the main they would be included in the counts of 
the number of fields of Field No. % observed in scanning the 
specimens when using the new Chart and the revised ASTM 
method for vacuum processed steel. It should be possible at 100 
magnification to detect even the very small inclusions counted by 
Johnson and Sewell at 750 magnification. Positively identifying 
as well as detecting each inclusion at the lower magnification of 
X100 would not be dependable, but it ought to be possible to 
distinguish between the oxide and sulphide types. 

One of the four authors of the present paper, Mr. Walp, has 
taken a most active part in making the revision of ASTM 
method E45 for vacuum processed steel. It may be suggested, 
therefore, that it would be of the utmost interest if the specimens 
of air-melted and consumable electrode vacuum-remelted 52100 
steel of this investigation (for example, the specimens shown in 
Table 13 of the paper) had their inclusion content determined by 
the newly revised ASTM method for vacuum processed steel 
referred to above. The writer would be glad to be of aid if this 
is undertaken. 

Such determinations should indicate the numbers of the very 
fine inclusions counted by the Johnson and Sewell method on 
specimen areas twenty to sixty times greater than those surveyed 
by the Johnson and Sewell method; they would likewise show 
counts of the medium and larger sized inclusions. It is believed 
that persevering efforts along the lines of the newly revised ASTM 
method for vacuum processed steel with its frequency/severity 
counts, would add greatly to our understanding of the effects on 
fatigue life of inclusions of different types and sizes on steels of 
different strengths and in applications more highly and less highly 
stressed. 

The present ASTM method for air-melted steel, which takes 
note only of the largest inclusions, is now many years old. For 
research studies it has been disappointing to many researchers. 
However, persevering research efforts with the newly revised 
frequency /severity count method, taking into account also much 
smaller inclusions, should be more rewarding. 

This should hold not only for work on fatigue. Those studying the 
tensile strength of sharply notched tensile specimens of high strength 
sheet steels have been equa!ly disappointed with the insufficient 
information given by the determinations of inclusion content by 
the present method. This is brought out clearly by Shannon, Epsey, 
Repko, and Brown (B83), particularly in the closure of the discus- 
sion by these authors. It is believed that persevering efforts with 
the new revised ASTM method on the fracture strength of 
notched high strength sheet steel will throw needed light on the 
effects of various types and sizes of inclusions in this important 
phase of fracture strength. 

The more meaningful and discriminating inclusion determina- 
tions by the newly revised ASTM method for vacuum processed 
steel should be of general use in giving clearer indications of 
what type, size, and number of inclusions are of concern for 
various applications—and for what applications smaller inclusions 
need to be determined and for what applications they need not be. 
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AvuTHOrRS’ CLOSURE: 


Dr. Littmann and Dr. Epstein are thanked for having care- 
fully studied and interpreted the paper. Taking Dr. Littmann’s 
comments first: 

Statistical significance should be considered in context. It is 
certainly true that one can obtain spurious correlations and be 
misled by statistical significance tests if used without judicious 
interpretation of the results. The authors, however, believe that 
the effect of trace elements on endurance is well confirmed, and 
that this cannot be claimed for any effect of gas content. The 
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volume of data on which findings regarding trace element effects 
are based is so much larger than the volume available for gas 
content influence determination that results are shown in a com- 
pletely different light. In order to aid in deciding whether to give 
credence to trace element effects, results are now quoted which 
were not available when the paper was written. These concern 
seven more heats of steel, spectrographically analyzed and 
evaluated in comparison with the heats discussed in the original 
paper. The analysis has proceeded in the same way as shown in 
the paper, and the correlation between life and trace elements is 
exhibited in Figs. Cl and C2. Fig. C1 is the composite trace ele- 
ment index ¢, used before, shown for all the heats that have 
been analyzed to date. Fig. C2 shows the same correlation for a 
new index w, formed by using vanadium, aluminum, and copper 
only, i.e., by omitting molybdenum and nickel from the index. 
Correlation coefficients for the ¢ and w index for all data are 
tabulated below (Table C1). 


TABLE Cl 
Correlation between Life and Trace Element Contents ¢ and w 





Correlation coefficients 








Li 

LCL2 Est.) UCL¢ 
¢ All heats-OD* —.96 —.83 —.43 
¢ All heats-CD —.83 —.64 —.32 
¢ Air melt only-OD —.97 —.83 —.18 
¢ Air melt only-CD —91 —.74 —.42 
w All heats-OD —.96 —.85 —.A48 
y All heats-CD —.88 —.75 —.48 
yw Air melt only-CD —.93 —.81 — 48 





* OD = original data; CD = combined data. 
@ Lower 95% confidence limit. 

» Estimate. 

¢ Upper 95% confidence limit. 











It is seen that negative correlations persist with improved 
significance when the larger volume of data now at hand is 
analyzed, but it is also seen that the correlation is stronger for p 
than for ¢. For this reason, it is now definitely believed (as was 
conjectured in the paper) that molybdenum and nickel do not 
have a significant deleterious effect on life and that, therefore, the 
w index is a more valid measure of harmful trace element 
abundance than the @ index used originally. 


Concerning the method used to evaluate samples in which some 
of the inner rings have not failed, reference is made to the paper 
of Tallian [Ref. (4) of this paper] in which the method is 
described by which samples with discontinued tests have been 
treated in the statistical evaluation. 

Referring to the effect of speed and lubricant, the only high 
speed data included in the ¢ and w computations concern the 
heat of multiple remelted 52100 steel designated by Heat Code VC 
in Table 1 of the paper. A correction for speed could have been 
applied to these, but it is not believed that it would have 
significantly altered the correlation. This can be inferred from a 
comparison of the correlation coefficients obtained for airmelt 
samples only, in which this heat is not contained, and for all 
samples, in which it is comprised. 

There is no evidence known to the writers to indicate that the 
petroleum oil and the greases utilized in the test discussed in- 
fluence the life of bearings in a different manner. Of course, other 
lubricants, particularly synthetics, are well known to do so, but 
such materials were not used in the test series in question. This 
is pointed out in the paper. 


Concerning Dr. Epstein’s comments, they are certainly well 
taken. For the purposes of this investigation, the use of the new 
ASTM slag rating system was not considered because the specific 
intent was to investigate the effects of extremely fine inclusions. 
This is not intended to detract from, or put into question, the 
value and validity of the new ASTM system. 
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A Direct Solution of the Elasto-Hydrodynamic 
Lubrication Problem’ 


By R. RHOADS STEPHENSON? and J. FLETCHER OSTERLE* 


A numerical scheme, suitable for digital computer use, is presented for the solution of the elasto- 
hydrodynamic problem. The variation of viscosity with pressure, compressibility, and, of course, 
surface deformations are included in this analysis. The method is applicable over a wide range of 
loads—from the lightly loaded situation where there is simple hydrodynamic lubrication up to the 
heavily loaded cases where the pressure distribution is closely related to the Hertzian pressure 
distribution for the contact of unlubricated surfaces. A series of solutions are presented which show 
the importance of the various effects and a study is made showing the transition region between 
the hydrodynamic and Hertzian pressure distributions. 


Nomenclature 
1 1 
E’ = modified Young’s modulus, — = — 
E’ 2 


1— v;" 1— Ve" 
be 
E, E. 
h = film thickness 


j — index representing position along X axis 
m = index denoting the iteration number 
p = pressure 
R=radius of curvature of contracting surfaces, 
1 1 1 


a 
R RR, Rp 
R,, R2 = radii of contracting circular cylinders 
— time 
U,, Uy = surface velocities in the minus x direction 
w = load capacity (per unit width) 
x = coordinate in the direction of flow 
a = viscosity-pressure exponent, 1 = [tp e%” 
6 = compressibility (90/0p)/0 
y — weighting factor 
uu = viscosity 
v = Poisson’s ratio 
0 = mass density 


~ 





DIMENSIONLESS QUANTITIES 


A = viscosity-pressure exponent, a E’ 
B = compressibility, 6 E’ 
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C; = deformation influence coefficients 
D(X) = deformation integral, Eq. [6] 

H = film thickness, 4/R 

L = Hertzian half-width 

P = pressure, p/E’ 

U = speed parameter, 6 (wu; + wz) Wo/E’ R 

W =load capacity, w/E’ R 

X = x-coordinate, x/R 


SUBSCRIPTS 


o = referring to the outlet point 
min = minimum 
max = maximum 


Introduction 


THE first application of Reynolds’ theory of hydrody- 
namic lubrication to the problem of rolling contact was 
carried out by Martin (17) in 1916. Martin was specific- 
ally interested in gear lubrication, but since he used a 
parabola to approximate the shape of an involute gear 
tooth, his work is also applicable to rollers. He assumed 
that the surfaces did not deform and that the lubricant 
was isoviscous and incompressible. Over the years it 
was found, in practice, that gears were capable of much 
higher loads (for a given minimum film thickness) than 
his simple theory predicted. It was clear that his assump- 
tions were not valid under heavily loaded conditions. 

One of the first assumptions to be relaxed was that of 
an isoviscous lubricant. It was known experimentally that 
the viscosity of oil increases rather markedly with pres- 
sure. This fact is easily included in the basic theory and 
was presented by McEwen (2) and Poritsky (3). This 
effect can be quite important and it is now generally 
recognized that it should be included in any analysis of 
heavily loaded contacts. 

In the case of gear lubrication there are other factors 
to be considered. The shape of the tooth is not parabolic 
and there should be unsteady-state terms in the hydro- 
dynamic equation to account for the changing radius of 





366 R. RHoaps STEPHENSON AND J. FLETCHER OSTERLE 


curvature as the teeth move along the line of action. 
Also it is common to restrict attention to teeth in contact 
at the pitch point. Osterle (4) and the authors (5) in- 
vestigated these geometrical problems and found that, for 
the heavily loaded contacts considered in this paper, it 
is sufficient to consider the teeth as parabolic arcs and 
to neglect the unsteady-state effects. Also, if thermal ef- 
fects are neglected, it is adequate to consider behavior 
at the pitch point where there is pure rolling. 

Surprisingly, very little consideration has been given to 
the effect of lubricant compressibility in rolling contact 
lubrication although there has been some work in con- 
nection with slider bearings. Stephenson (6) has made a 
study of this effect for both constant and variable com- 
pressibility. It was found that compressibility increases 
the load capacity (by perhaps 10% in typical cases) and 
shifts the pressure distribution toward the outlet. It is 
felt to be adequate to use a constant value of compress- 
ibility. 

The first work in elasto-hydrodynamic lubrication was 
presented by Grubin (7) in 1949. He recognized that 
the loads involved in gear lubrication are high enough 
to cause substantial surface deformations so that the 
shape of the contact zone is far from being parabolic. 
This problem is very difficult because the pressure distri- 
bution depends on the shape of the contacting surfaces 
and the shape of the surfaces depends on the pressure 
distribution. He was unable to obtain a pressure distribu- 
tion that was compatible with both the elastic and hydro- 
dynamic equations, but for heavily loaded cases he cor- 
rectly predicted that the surfaces are essentially flat and 
that the pressure distribution is nearly Hertzian (i.e., the 
pressure distribution that one would expect under un- 
lubricated conditions). 

Since this original work, several people have attacked 
the elasto-hydrodynamic problems with varying degrees 
of success. The most complete as well as the most recent 
work is that of Dowson and Higginson (8, 9). They al- 
lowed the viscosity to vary with pressure and obtained 
pressure distributions which are compatible. However, 
their method suffers from the fact that compatibility 
must be obtained by experienced guessing, and that it is 
only applicable for very heavily loaded contacts. 

In the work that follows a straight-forward numerical 
scheme is presented for the solution of the elasto-hydro- 
dynamic problem. Compressibility and the pressure de- 
pendence of the viscosity are considered. Thermal effects 
are neglected, but this seems to be reasonable if atten- 
tion is restricted to pure rolling. Results are presented 
which show the importance of the various effects (and 
hence the errors which are committed if a simpler theory 
is used). The transition region from simple hydrodynamic 
lubrication to essentially the Hertzian pressure distribu- 
tion is fully covered. An important contribution is the 
method of solution itself. To the best of the authors’ 
knowledge, no algorithms have been developed which are 


capable of handling such a wide range of loads or which 
include the compressibility effect. 


Mathematical formulation 


A generalized form of Reynolds’ equation, expressing 
the continuity of flow in the contact region, may be 
written 


aie >}. (u; +u2) (eA) (0A) 


= + [1] 
Ox ‘ T2u Ox 2 Ox ot 


where x is the coordinate in the direction of flow and 
and wz are the surface velocities in the minus x direction. 
This equation is based on the assumptions that the 
density and viscosity are constant across the film and 
that the width of the contact region is small compared 
to the width of the gear or roller so that there is no side 
leakage. 

As mentioned above, the unsteady state term in [1] 
is negligible (4, 5) for heavily loaded gears. Such a term 
does not exist in the case of rollers. 

The boundary conditions to be applied to [1] are the 
conventional Reynolds’ conditions 





9=0 at £ c= M [2a] 
dp 
—=0 at % = X% [2b] 
dx 

p-0 as x>+ 0 [2c] 


where x is the (negative) value of x at which cavitation 
starts. The region to the left of x is cavitated and as- 
sumed to be at zero pressure. 

Neglecting the unsteady-state term, Eq. [1] may be 
integrated with respect to x. The constant of integration 
is most conveniently evaluated at the outlet point, xo, 
where the film thickness is 49. The density and viscosity 
may be considered to increase exponentially above their 
atmospheric pressure values. Carrying out the above steps 
and expressing the result in dimensionless form, there 


results 
dP H, e~®? — H 
— = Ues? | —______ [3] 
dX H? 


One of the boundary conditions [2] has been used in 
the evaluation of the constant of integration. This equa- 
tion is therefore subject to the remaining two boundary 
conditions: 

Pao at 
P-—0 as 


a = Be [4a] 
¥++0 [4b] 


The pressure Eq. [3] is a first order differential equa- 
tion apparently having two boundary conditions. This 
situation arises because the outlet point, Xo is unknown. 
Hence it may be considered that boundary condition [4a] 
applies to the differential equation and that [4b] deter- 
mines the outlet point. 











i- 
is 


| 





Elasto-Hydrodynamic Lubrication 367 


The lubricant film thickness between the contacting 
surfaces may be determined from an analysis of the de- 
formation of a semi-infinite body under a line load (10). 
By integrating that expression over the pressure distribu- 
tion, considering the undeformed film shape to be para- 
bolic over a small region near the origin, and casting the 
result in dimensionless form, it is found (6) that 


> 


H =H’ +—— D(X) [5] 


with 


oO 


Zz 
D(X) =— f px In (X’—X)2dX’ [6] 
m3 
where H’ is an arbitrary constant which includes the 
minimum film thickness and the arbitrary constant as- 
sociated with the deformation integral. The second term 
represents the parabolic shape of the surfaces when they 
are undeformed and the third term represents the de- 
formation due to the pressure distribution. 

The constant H’ may be determined in several ways, 
such as specifying the load capacity or the minimum film 
thickness. In the work that follows it is more convenient 
to specify the minimum film thickness. With this in mind, 
Eqs. [3] and [5] show that the solution depends on 4 
parameters: A, B, U, and Hyin. 


Martin’s theory 


Martin (1) solved the simplified problem with no de- 
formations and an incompressible, isoviscous lubricant. 
The solution has also been presented by Poritsky (3) 
and Purday (11). In terms of the notation of this paper 
his pressure equation is given by [3] with A = B = 0 
and the film thickness is given by Eq. [5] with the 
deformation integral set equal to zero. In this case the 
pressure equation can be integrated in closed form al- 
though a transcendental equation must be solved (nu- 
merically) in order to find the outlet point Xo. 

There is no need to present the pressure distribution 
here. Three useful relations emanating from this work in 
terms of dimensionless quantities are 





Xo = —0.672 (Hmin)*/? [7a] 
U 
Pmax = 0.179 ——_——_ [7b] 
(A min)?!” 
W = 0.408 [7c] 
Hain 


These relations are very useful for comparisons such as 
determining the importance of the parameters A and B, 
and for checking the accuracy of numerical methods used 
in solving the pressure equation. Equation [7a] is fre- 
quently valuable as a rough guess for the outlet point, Xo, 
in the complete elasto-hydrodynamic solutions. 


Simplifications for an incompressible lubricant 


If the lubricant is incompressible (B = 0), Eq. [3] 
may be separated into a function of pressure times a 
function of X. It is then convenient to introduce a new 
variable P’ as follows: 


dP’ H,—H 
otek ee (8] 
dx H? 
where 
dP’ dP 
— = ¢-4P __ 
dx dx 


Integrating with respect to X from the outlet point Xo 
to some general point X, there results 


Pr P 
| a ae 
Po Po 


Po is zero by boundary condition [4a] and if Po’ is chosen 
equal to zero, the function P’ will satisfy the same bound- 
ary conditions at Xo as the pressure, P. Thus from Eq. 
[9] it is found that 


pa=*|i—er| [10] 


The second boundary condition on the pressure requires 
that P approach zero at plus infinity. Equation [10] 
shows that P’ does also. Hence the function P’ satisfies 
the same boundary conditions as the pressure P. With 
this in mind, P’, as defined by Eq. [8], represents the 
pressure distribution that would occur for an isoviscous 
lubricant. Thus this problem can be solved independently 
and then the actual pressure distribution can be deter- 
mined by Eq. [10], i.e. 


1 1 
| [11] 
A \1—AP 


This solution holds only for P’ < 1/A. If P’ becomes 
greater than this value, the actual pressure goes to in- 
finity. Physically, of course, this cannot happen for the 
high pressures will deform the surfaces into such a shape 
that the pressure remains finite. 

It should be noted that lubricant compressibility also 
prevents infinite pressures (even for rigid surfaces). From 
Eq. [3] it is seen that if the pressure becomes too high, 
the compressibility term will cause the pressure gradient 
to become negative and hence decrease the pressure. 


Hertz solution 


The solution for the pressure distribution between two 
circular cylinders in contact is based on the Hertz theory 
which is developed in detail by Timoshenko and Goodier 
(10). The pressure distribution in this unlubricated case 
is elliptical and in terms of the dimensionless variables is 
given by 
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Ss 


where L, the half-width of the contact region divided by 
R, is computed from the relation 


L= (=)" [13] 


This work is presented here for comparison purposes 
since for very heavy loads the elasto-hydrodynamic pres- 
sure distribution approaches the Hertzian distribution. 


Numerical analysis 


In this section numerical techniques will be described 
for the solution of the pressure equation [3] subject to 
the boundary conditions [4] where the film thickness is 
given by [5]. 


SOLUTION OF THE PRESSURE EQUATION 


The pressure equation is solved by first assuming a 
value of X» and applying boundary condition [4a] at 
that point. The pressure equation [3] is then integrated 
in the plus X direction and boundary condition [4b] is 
checked and if it is not satisfied a new value of Xo is 
tried. 

The method of choosing and correcting the assumed 
values of Xo is based on the observation that moving Xo 
to the right lowers the entire pressure distribution and 
that moving Xq to the left raises the pressure distribu- 
tion. With this in mind it is seen that if the pressure 
becomes negative (while integrating in the + X direc- 
tion) the assumed value of Xo is too far to the right and 
hence an upper bound. Conversely, if the pressure reaches 
an asymptotic value and the pressure is too high then 
the assumed value of Xo is too far to the left and hence 
a lower bound. Once the outlet point is bounded, a 
simple bisection procedure may be used to converge on 
the solution. 

For numerical purposes it is assumed that the pressure 
reaches its asymptotic value when the magnitude of the 
pressure gradient became less than specified fraction 
(10-*) of the maximum pressure gradient magnitude. 
Also the error allowance on the asymptotic value of the 
pressure is a specified fraction (10-*) of the maximum 
pressure. These checks are not started until the integra- 
tion has proceeded further to the right than the points 
where the maximum pressure and maximum pressure 
gradient magnitude occur. 

Since an iterative procedure is used to find the outlet 
point Xo, the pressure distributions found during each 
iteration have no physical meaning. It is clear, then, that 


the film thickness should be considered to be pressure 
independent (i.e. surfaces rigid) during the time the 
pressure equation is being solved. 

The actual numerical integration procedure is based on 
finite-difference techniques. The portion of X-axis of 
interest is partitioned into uniform increments and the 
values of the film thickness and pressure functions at 
each partition point are stored tabularly. 

The pressure at the next partition point, in terms of 
the pressure at the previous point is found from the fol- 
lowing formula: 

m+1 


AX m 
Pj =Pjt+ a | 1x; Pj) + WX Pha) | [14] 


where f represents the pressure gradient and is given by 
H, e-#” —H | 


f(X, P) = Ue wl 
H? 


[15] 


The superscript m indicates the number of the itera- 

0 J 7’ 
tion. P ;,, is chosen to be P; and the iterations are car- 
“ ‘ m+1 m Ss 
ried out until the difference between P ;,, and Pj, is 


m+1 
less than a specified fraction (10—°) of P ned 

The increment, AX, is uniform except for the first 
partition point where the spacing may be irregular (AX’) 
because X, does not fall on a partition point. 

The integration process [14] is iterative and hence its 
stability must be investigated. It is found that the 
method is stable if 

UAX m |(A—B) Hoe-®? ;,;—AH 
eAP j41 = 1 
z H? 








[16] 


The similarity of this expression and the pressure 
gradient function allows this stability check to be made 
at each step with only a negligible increase in the num- 
ber of computations. If a set of conditions yields an un- 
stable situation, Eq. [16] indicates that this may be 
corrected by choosing a smaller increment, AX. 


THE Fitm THICKNESS 


Assuming that a pressure distribution is given, it is 
necessary to determine the corresponding film thickness 
variation from Eq. [5]. This requires the evaluation of 
the deformation integral [6]. By assuming that the 
pressure varies linearly between partition points, the 
deformation integral may be expressed as a summation 
over the pressure distribution. As shown in the appendix, 
the resulting expression is 
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where & represents the index of the first nonzero pressure 
(i.e., the first partition point after X)) and m represents 
the index at the upper end of the pressure table. The 
influence coefficient, C;, are given by 


A 
C= | m () 41m (Ax)? | [18] 


a1 8 





Except for the case of the noninteger valued index ap- 
pearing in Eq. [17], these coefficients only need to be 
computed once, for a given AX, and can be stored in a 
table. In this way a great deal of computer time may be 
saved. 

Using the above expression, the function (H — H’) 
may be evaluated at every partition point. Then, after 
finding the minimum value of this function, the proper 
constant H’ may be added to the function in order to 
give the desired minimum film thickness. 


OuTSIDE ITERATIONS 


In the previous two sections methods have been pre- 
sented for finding: (a) the pressure distribution as- 
sociated with a given film thickness function, and (b) the 
film thickness function associated with a given pressure 
distribution. This represents a method whereby any given 
film thickness can be checked to see if it is a compatible 
elasto-hydrodynamic solution. That is, if a film thickness 
function H, is given, the resulting pressure distribution 
can be found from Eq. [3]. From Eq. [5] the film 
thickness, H», associated with this pressure distribution 
can be determined. If H, and Hz are the same, this film 
thickness and its associated pressure distribution satisfy 
the elasto-hydrodynamic equations. Generally of course, 
H, and H, will not turn out to be the same and a method 
must be used to choose a new function H, so that there 
will be better agreement. This correction is known as the 
outside iteration procedure. 

The correction method is based on the fact that if the 
pressure is too high at a given point, there will be too 
large a deformation and the film thickness will be larger. 
Normally, thicker films result in lower pressures so there 
is a self-correcting feature which should lead to a con- 
vergent solution. In terms of the previous discussion, 
this means that the resulting film, H», may be used as 
the new guess for A. 

Attempts to mathematically prove the convergence of 
this scheme were unsuccessful due to the extremely non- 
linear nature of the equations and the fact that the 
outlet point, Xo, varies from iteration to iteration. For 
these reasons, a small change AH at some point affects 
the entire pressure distribution and the changes in the 
pressure function are not necessarily small. 

Since physically there is a tendency toward the proper 
solution, this scheme was tried experimentally on the 
computer. It was found to work quite well for a wide 
range of parameters and most of the results presented 
below were found in this way. 

Under conditions where the deformations were large, 


it was found that the above scheme converged rather 
slowly or in some cases even diverged. This difficulty 
was overcome by weighting each new film with the 
previous film, which has the effect of preventing too large 
a change in the film shape in one iteration. Using 5 to 
represent the weighting factor, the new value of H, is 
given by 


(1) new = 5 He. + (1—5) A, [19] 


Thus 5 = 1.0 represents the original method. Since H, 
and Hy, may have their minimums at different points, it is 
necessary to recheck the minimum of the new value of H, 
and add the necessary constant to make the minimum 
agree with the desired value. 
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Figure 1 shows the importance of the weighting factor 
for one of the most heavily loaded cases. It is not neces- 
sary to check the film thickness functions themselves for 
convergence since the maximum pressure or load capacity 
(scalar quantities) of the pressure distribution cor- 
responding to a given film thickness function are ade- 
quate measures of the convergence. 

The undeformed parabolic film may be used as the 
first guess of the film shape. However, a fewer number 
of outside iterations are required if a converged solu- 
tion for closely related parameter values is used for the 
first guess. 


Results 


In this section some numerical results from the 
previously described method will be presented. In ad- 
dition to demonstrating the wide range of cases that 
can be handled with the method, the results show the 
importance of the various effects and also the transition 
from hydrodynamic to elasto-hydrodynamic lubrication. 

A set of results has been obtained for parameters 
similar to those used by Dowson and Higginson (8). 
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The contact studied is that of an experimental device in 
which a bronze disk runs inside a bronze ring having a 
very large effective radius of curvature (78”). The 
average surface velocity is 3.22 ft per sec; the inlet vis- 
cosity, 1.37 poise; Young’s modulus, 14 x 10° lb/in*; 
and a Poisson’s ratio of 0.3 is assumed. Based on these 
figures the dimensionless speed parameter, U, is 0.767 
10-11, In that paper the authors used viscosity-pressure 
data in graphical form for a particular oil. Picking some 
typical points off that graph, the viscosity exponent, a, 
is found to be 1.63  10~‘* in?/Ib, which yields a dimen- 
sionless viscosity exponent, A, of 2500. Although the 
authors did not include compressibility effects in their 
analysis, it was decided to include them here. A typical 
compressibility, B, of about 3 x 10~® in?/Ib yields a 
dimensionless compressibility, B, of 50. The fourth 
dimensionless parameter, Hi, is varied over a range of 
values. 

Figures 2 through 4 show some pressure distributions 
for three different minimum film thicknesses. The curve 
marked Actual is the compatible elasto-hydrodynamic 
solution. The curve marked Hertz is the elliptical pres- 
sure distribution for dry contact having the same load 
capacity as the actual pressure distribution (see the 
Hertz solution section). The curve marked Undeformed 
is the pressure distribution based on the parabolic film 
having the same minimum thickness. The curve marked 
Martin is the pressure distribution resulting from the 
undeformed parabolic film with A and B equal to zero. 

The only difference between the curve marked Martin 
and that marked Undeformed is that compressibility and 
viscosity variations have been included in the latter. 
The fact that the outlet point, Xo, is practically the same 
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for these two curves (< 5% difference) indicates that 
compressibility has not become very significant. Hence 
most of the difference between these two curves is due 
to viscosity variations and can be explained as in the 
section on simplifications for an incompressible lubricant. 

The Undeformed curve is the first iteration of the 
outside iteration procedure so the difference between this 
and the Actual curve represents the change between the 
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first and last iterations and hence the effect of including 
deformations. 


By studying the sequence of the three figures, the 
importance of the various factors can be observed. It is 
particularly interesting to note the approach toward the 
Hertzian pressure distribution. 


Figure 5 shows the film thickness function correspond- 
ing to the most heavily loaded case. Starting at the outlet 
and following the curve in the positive X direction, note 
that the deformed film has a bump and then a flat por- 
tion. This results since the film thickness must first de- 
crease in order to give a positive pressure gradient (see 
Eq. [3]). After the pressure gets up to a fairly high 
value, the viscosity becomes quite a bit larger (by a 
factor of 6 in this case) and would cause even higher 
pressure gradients (and the pressure would tend to in- 
finity) if it were not for the fact that H ~ Hy e—®”. Since 
the maximum density increase is only about 4% in this 
case, the above condition requires that the film thickness 
be approximately constant over the region of high pres- 
sure. This is indeed what is observed in Fig. 5. 


The elasto-hydrodynamic solutions that are presented 
in Dowson and Higginson’s paper (8) are only for ex- 
tremely heavily loaded contacts. Their most lightly loaded 
case represents about the same load as the most heavily 
loaded case considered here. There is no apparent limita- 
tion to the load that can be handled with the method 
presented here, although, as shown in Fig. 1, the number 
of outside iterations becomes excessive when the load is 
high (for lighter loads three or four iterations are suf- 
ficient). For this reason it is probably most efficient to 
use a method like Dowson and Higginson’s for extremely 
heavily loaded cases (when it is most efficient), even 


Film thickness variation 


though the corrections must be done by hand and con- 
siderable experience must be acquired. Their method, 
however, should be modified to include compressibility 
effects. 

Another set of results, with parameters more typical 
of those found in gears, will now be presented. Here the 
emphasis will be on the importance of the viscosity 
variation parameter, A, and the minimum film thickness, 
Ayn. 

Using an inlet viscosity, 1, of 2 < 10~5 Ib sec/in?; 
an effective radius of curvature, R, of 1.0”; a surface 
speed of 120 in/sec; and steel gears for which E = 3 X 
107 Ib/in? and v = 0.3; the speed parameter, U, is found 
to be 0.875  10~-%. Using a reasonable compressibility 
yields B = 75. The viscosity exponent, A, can be as high 
as 5000 for certain oils. A series of values has been used 
so that the importance of this parameter may be studied. 
The minimum film thickness will be varied over a range 
so that the transition from hydrodynamic to elasto- 
hydrodynamic lubrication is shown. 

On Figs. 6 and 7 the load capacity has been plotted 
versus the minimum film thickness. Martin’s solution 
for undeformed surfaces with an isoviscous, incompres- 
sible lubricant has been included for reference pur- 
poses. The curve with A and B equal to zero is useful 
for determining the effect of surface deformations alone. 
The remaining three curves are for three different values 
of the viscosity variation parameter. (Essentially all 
lubricants are included in this range.) 

These curves show that the minimum film thickness 
becomes very insensitive to load changes for high loads. 
Figure 6 even looks as if there is a definite lower bound 
for the film thickness. However, the logarithmic plot, 
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Fic. 7. Load capacity versus H,,;, 
Fig. 7, shows that this is not the case, but that the 
curves straighten out again and approach a uniform 
rate of increase different from that of the Martin theory. 
The slope of the asympotes is clearly a function of A. 

Figure 8 shows the maximum pressures corresponding 
to the previous cases. The behavior here is similar to 
the load capacity so just the logarithmic plot is shown. 
For the parameters chosen the highest pressures reached 
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Fic. 9. Outlet point versus H,,;,, 
are on the order of 40,000 psi. The film thicknesses con- 
sidered range from 200 to 30 microinches. 

Figure 9 shows how the contact region at first con- 
tracts as predicted by the simple theory and _ then 
broadens out as the surfaces flatten and compressibility 
effects begin to be felt. Since the maximum density 
changes are on the order of 9% for these cases, this 
effect is of some importance. 
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Conclusions 


The elasto-hydrodynamic equations have been formu- 
lated in dimensionless form and a straight-forward nu- 
merical technique presented for their solution. A number 
of solutions have been presented which show the im- 
portance of various parameters and the transition from 
hydrodynamic to elasto-hydrodynamic lubrication. 


The effect of compressibility has not been studied in 
detail but on the basis of other work (6) it can be con- 
cluded that in the cases with high pressures it may ac- 
count for an increase of load capacity of about 10%. 
This effect is quite a bit less than the effect of deforma- 
tions themselves, but compressibility may be important 
for another reason. In the early predications by Petruse- 
vich (12) and in the second paper by Dowson and Hig- 
ginson (11), a sharp pressure “spike” was found right 
before the outlet point under certain conditions. No such 
spikes were found by the authors. The effect of com- 
pressibility should be to greatly diminish or completely 
eliminate these spikes. 
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Appendix 
NUMERICAL INTEGRATION OF DEFORMATION INTEGRAL 


The contribution to the deformation integral, Eq. [6], 
between the partition points X; and X;,, is given by 


y43 2 454d 
Ll, =— In(y’)? P(yv’ + X) dy’ —- [20] 
18 = 
yj 


where y; = X; — X and y’ = X’ — X. Assuming that 
the pressure varies linearly between points X; and Xj, it 
is found that 

Ply’ +X) =a+ by’ [21] 


1 
hall | ses P— 3 Pra | 


1 
p= | PP] 


Substituting Eq. [21] into [20], performing the integra- 
tion, and rearranging the terms yields 


where 
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j+1 
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By applying the above relation to every increment under 
the pressure distribution, there results 


*n AX 
Taq = Pr Argyi— 1 +> A, + 
AX AX’ 
Ay ———| + 
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- Pi] Avs 344-1] > 


j=k+1 


where 


ie 





[23] 








P, = —Ay-1+ B. | [24] 


where AX’ is the distance from Xo to the first regularly 
spaced partition point, & is the index of that partition 
point, and is the index of the upper limit of the pres- 
sure table. 

This expression can be simplified further by noting 
that the boundary conditions require P,, to be very close 
to zero. By assuming it to be zero, the last term and 
hence the function B, are eliminated. Also recall that 
it is only necessary to calculate D(X) at the partition 
points. Thus, letting the index i represent the point at 
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which the deformation integral is to be evaluated, it is 
found that 
X =iAX + constant 
but 
X; = j AX + constant 
so 


Hence from Eq. [23] 


AX 
A; = —— (j—i)? | In (j— i)? + In (AX)? — 3 
mt 
Making use of the fact that A; depends only on the dif- 
ference between j and i, a new function may be defined 
by 





AX 
C= | In (PF) + In (AX)? — 3 [25] 

a 
Noting that A; = Cj_; and that P,, = 0, Eq. [24] may 
be rewritten in the form 





AX 
D(X) = Px Cr-i41 — 1+— Cri t+ 
AX’ 
Buk Ve el 
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[26] 


and hence the deformation integral has been approxi- 
mated by a sum over the pressure distribution. 


DISCUSSION 


P. A. L. Miric (California Texas Oil Corp., 380 Madison Ave., 
New York 17, New York): 


This is an interesting application of Reynolds’ equation, which 
makes reconciliation among previous works much more straight- 


forward. As in any mathematical paper, the illustrations are the 
most readily comprehended part of the paper. Certainly it would 
take someone far more familiar with the field than I to 
criticize the exponential assumptions for density and viscosity. 
Another assumption might only change the shape of the pressure 
distribution, without changing the relationship among the curves, 
and the latter is the interesting feature of the paper. Thus for the 
figures of A = 2500 and B = 50, which from Fig. 8 appear to 
be reasonable average numbers (although Fig. 8 shows B = 75), 
we appear to be able to make the following statements. 


For these values of the constants, when the minimum thick- 
ness is 0.5 & 10—5, the effects of deformation and compressibility 
are small. When the thickness has decreased to 0.35 X 10-5, de- 
formation has produced a pressure distribution halfway between 
the Undeformed and the Unlubricated results, and the Martin, 
or incompressible, solution is a bad approximation. When the 
thickness has decreased to 0.3 X 10—5, only the Hertzian solution 
is a reasonable approximation to the deformed, compressible solu- 
tion. If one regards these as three stages for any lubricant, it 
would be interesting to plot these effects as a function of the 
specifications of the lubricant. 

I do not wish to imply that I have added to the paper in any 
way. These results are all present. It is only that the presentation 
is quite naturally more concerned with how the results were 
achieved, while I believe that the fact that such results are 
achievable makes the method of greater interest. 

I should, however, like to register one small complaint. The 
use of the name “Actual” to describe the results of the present 
paper implies that these numbers have been independently verified. 


AvuTHOoRS’ CLOSURE: 


We wish to thank the discussor for the interesting comments 
on our paper. It should be pointed out that our numerical results 
are in the nature of representative examples illustrating the method 
employed in the paper rather than a definitive coverage of the 
influences of all the relevant variables on the problem. 


We would like to take this opportunity to point out several 
errors in the scales of Figs. 7 and 8 which escaped our notice 
until after the proof deadline. The abscissa scale of Fig. 7 and 
both the abscissa and ordinate scales of Fig. 8 should be multi- 
plied by ten. 
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Omni-Directional Support of Spheres Using Externally 
Pressurized Gas Lubricated Bearing Pads 


By GERALD B. SPEEN! and JOHN M. GRANT? 


The advantages of using a multiplicity of externally pressurized gas lubricated thrust bearing 
pads to completely support a sphere are discussed. The minimum number (six) of pads that can 
provide all-axis, isoelastic support must be arranged in three opposed pairs to form a mutually 
orthogonal system. Analytical expressions for the load capacity of such a system are given. It is 
proven that only this type of support system (six pads or multiples thereof) can provide isoelastic 
support. 

An experimental apparatus, used to determine the operational properties of a_ six-pad 
spherical support system, is described. Experimental curves of sphere deflection vs. source pressure 


oO mt NH 





for various loads are given and compared with theory. 


Nomenclature 


b = 6uQRT/xh, |b? /in.* 
hk = bearing gap height, in. 
Ah = change in gap height from centered position, 
in. 
j = arbitrary pad index, dimensionless 
k = elastic constant, lb/in. 


lp Pos” 
K = 2In— ( —- 1) dimensionless 
Ve PS 
L =applied load, load capacity of a pair of op- 
posed pads, Ib 
n = number of pads, dimensionless 
p = pressure, psia 
p(r) = pressure, function of radius, psia 
Q = mass flow, lb-sec/in. 
r = radius, in. 
R = universal gas constant, in.*/sec? °R 
T = temperature, °R 
W = load carrying capacity of a pad, Ib 
‘'Y = direction cosines 
5 = arbitrary displacement of sphere from cen- 
tered position, in. 
6 = spherical coordinate angle, radians 
\t = absolute viscosity, lb-sec/in.* 
¢ = spherical coordinate angle, radians 





SUBSCRIPTS 


a = ambient pressure conditions 

h = hypothetical sphere on which pad surfaces 
are located 

n = nominal or centered position 
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o = pad recess conditions 
p = pad 
particular pad index 
Ss = supported sphere 
source conditions 
1 =one of an opposed pair of pads, generally 
having the smaller gap 
= second of an opposed pair of pads, generally 
having the larger gap 
x, y, 2 = rectangular coordinate system reference axes 


Introduction 


THE sphere, because of its unique symmetry, finds 
many applications where rotational freedom about all 
axes is necessary. If, in addition, the sphere is supported 
on externally pressurized gas lubricated bearings, qualities 
of very low frictional resistance to rotation and zero 
stiction (starting friction) are also obtained. This com- 
bination of properties yields an excellent basis upon which 
to design specialized instrumentation (e.g., navigation 
devices, simulators, gyroscopes, attitude control equip- 
ment, etc.) of unprecedented performance. 

The support of spheres using externally pressurized 
bearings has not received the attention that other bearing 
configurations have. Support systems having load capacity 
along a limited number of axes (such as a sphere in a 
single cup-shaped bearing) have been discussed by Corey 
et al. (1), Laub and Norton (2), and others. All-axis 
support systems for spheres have been studied to an even 
more limited extent. Laub and McGinness (3) have 
described the drag torque exerted on a fully supported 
sphere spinning in both a concentric shell and in a 
multiple-pad support system. The subject of this paper, 
on the contrary, deals with the load carrying and opera- 
tional properties of multiple-pad support system for a 
nonrotating sphere. In particular, the case of a six-pad 
system consisting of three mutually orthogonal opposed 
pairs of pads will be considered. 





sion of International Telephone and Telegraph Corp., 15151 
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Multiple-pad support systems for spheres 


There are several reasons why a pad system is prefer- 
able to other systems (e.g., concentric shell) for support 
of a sphere. One of the primary factors is that a small 
thrust pad provides a supporting force which acts along 
only a single axis. Since the pads are isolated from each 
other by ambient pressure, flow from one pad cannot 
affect the operation of another pad, or produce cross-axis 
influences. In this regard, a pad support system offers 
considerable simplification in the analysis of support 
operation. Whereas, it is quite difficult to theoretically 
analyze the properties of a concentric shell type of sup- 
port bearing because of the complicated flow, it is quite 
straightforward to treat the pad support system. 

These considerations lead to the suspicion that the pad 
system might also offer a means for obtaining an “iso- 
elastic” support mechanism for a sphere—a type of sup- 
port not attainable with other configurations. By “‘iso- 
elastic” support is meant the property that will cause 
the sphere to deflect equally for a given applied force 
vector, regardless of the direction of application. This 
is a very valuable property in many applications and 
deserves special attention. Therefore, the purpose of this 
paper is to examine possible pad configurations and their 
operation with a view toward obtaining isoelasticity and 
optimum performance with maximum simplicity. 

A sphere may be fully supported using a large variety 
of pad arrangements. Both the number of pads and their 
orientations can vary widely. For simplicity, it is desir- 
able to employ the fewest pads possible. A system of four 
pads, oriented as shown in Fig. 1, represents the simplest 
configuration from which omni-directional support can 
be obtained. Though this pad system provides support in 
all directions, it suffers from the undesirable property of 
not providing isoelastic support. On the other hand, the 
six-pad configuration mentioned previously can fulfill this 
requirement. Other configurations, employing large num- 
bers of pads can satisfy these same criteria, but they 
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Fic. 1. Four-pad spherical support system 


offer no significant advantage over the simpler six-pad 
system. 

The six-pad isoelastic support system shown in Fig. 2 
contains three opposed pairs of mutually orthogonal pads. 
This arrangement produces six independent, unidirec- 
tional forces acting along the three axes of a rectangular 
coordinate system. This support system closely approxi- 
mates the idealized case of a mass suspended by six 
mechanical springs and, therefore, the analysis is simpli- 
fied even more. 

This simplification is evident from Fig. 3, which shows 
the six pads in a slightly different orientation. It is clear 
in this figure that a load applied along the axis of a pad 
pair (e.g., pads A in Fig. 3) is supported only by the two 
pads in line with the load—the other four pads have a 
negligible influence, being directed perpendicular to the 
load vector. Thus, for axial loads, the operation of only 
one pair of opposed pads determines the performance of 
the entire six-pad system. Further, if the six-pad ar- 
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Fic. 2. Six-pad spherical support system, composed of three 
mutually orthogonal opposed pairs. 
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Fic. 3. Six-pad spherical support system with load applied to 
sphere along axis of pads A. 
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Fic. 4A. Unloaded sphere sup- 
ported between a pair of opposed 
pads. under a positive load along axis of 

pads A. 


rangement is truly isoelastic, this same performance 
should be characteristic of the six-pad system for loads 
applied in any direction. Therefore, the analysis of a 
single opposed pair of pads directly describes the opera- 
tion of a six-pad support system. Correlation of experi- 
mental data with theory makes significant use of this 
fact. 

In view of the equivalence of an opposed pad pair with 
a six-pad support system, it is now possible to consider 
the operation of the omni-directional arrangement more 
simply. First, the system can support positive or negative 
loads equally well. When the force exerted by the sup- 
ported member is equal to zero, it will become centered 
in the pad system as shown in Fig. 4A and the gap 4, for 
each pad will be equal (this is called the nominal or 
centered gap height). When the supported member is 
centered, a force W,, equal to the load capacity of the 
single thrust pad operating at the nominal gap height 4, 
is exerted on it by each thrust pad, but the forces cancel 
because each pad is opposed by another. Using the sub- 
scripts 1 and 2 to denote the two members of a pair of 
pads, this condition is shown by the equation 


W,(A,) = W2(hn) = Wi (An) [1] 
for an applied load equal to zero. 


When a nonzero load causes the supported member to 
move from its centered position, the pad system must 
develop a load capacity W, equal to the applied load L 
plus the force due to opposing pads, W»2. Stating this in 
an alternate way, the load capacity of an opposed pair of 
thrust pads is developed by a decrease in the gap height 
of one pad and a corresponding increase in the opposite 
gap. The magnitude of the gap height change Ad is such 
that the difference between the forces produced by the 
two pads is equal to the load as shown in Figs. 4B and 
4C. Thus, 


Fic. 4B. Sphere supported be- 
tween a pair of opposed pads, 





Fic. 4C. Sphere, supported be- 
tween a pair of opposed pads, 
under a negative load along axis 
of pads A. 


This means that the ultimate load support of the system 
is equal to the closure load of a single pad minus the force 
due the opposite pad when operating at a gap height of 
twice the nominal gap height. That is 


W,(h = 0) — W2(h = 2h, ) = Lax. [3] 


Finally, the pads of a full support system operate within 
a limited range of gap heights. These can range from zero 
for an ultimate load L,,,x in each direction to the nominal 
value #,, for zero load. 


lsoelasticity of a pad support system 


The way in which a pad system is used to fully sup- 
port a sphere depends on the requirements of the appli- 
cation. If simple, all-axis support is the only specification, 
four pads will fully constrain a sphere as shown in Fig. 1. 
However, in most cases, much more is required of the 
support system. Usually, one of the most important 
properties desired is that the support characteristics of the 
pad system be isoelastic. Another, which often is desir- 
able is that the torques exerted on the sphere be 
minimum; the latter will be discussed in a forthcoming 
paper. 

It is not possible to design a perfectly isoelastic support 
system with a finite number of pads because the indi- 
vidual gas bearing pad characteristics are nonlinear. 
However, if the operational range is limited to an interval 
over which the support characteristics of the pads are 
nearly linear, then an approximately isoelastic system 
may be obtained. 

To determine if an arrangement of bearing pads exists 
that will provide isoelastic support, it is necessary to 
examine a generalized configuration containing an arbi- 
trary number of pads » oriented in an arbitrary fashion. 
Adopting the fundamental assumptions that (a) the 
operation of the pads is linear and (b) the forces are 
directed normal to the pad surfaces, it is shown in the 
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Appendix that the effective spring constant of a support 
system which centers the sphere under zero load must be 
nk/3. If the isoelasticity requirement for the system is 
added, a solution results which requires that each pad be 
a member of a mutually orthogonal group of three pads. 
This leads to the conclusion that the least number of 
pads that will yield all-axis isoelastic support is six, ar- 
ranged in three mutually orthogonal opposed pairs as 
shown in Fig. 2. Such a system not only provides for 
equal deflection of the center of the (uniform, homo- 
geneous) sphere in all directions for a given force vector, 
but, in addition, the sphere will deflect in the direction 
of the force. 


Experimental apparatus 


To determine how well an actual six-pad support sys- 
tem performs, in view of the assumptions made in the 
analytical development, the apparatus shown schematic- 
ally in Fig. 5 was employed. A sphere, having a radius of 
3.25 in., is supported on a set of six externally pres- 
surized, gas lubricated thrust pads. The pads are arranged 
in three pairs, A, B, and C, each pair comprised of two 
opposed pads. The axis of each pad pair is perpendicular 
to the axes of the other two pairs. The pads are located on 
the inner spherical surface of an essentially cylindrical 
structure. 

The apparatus is designed so that, when a load is ap- 
plied along the vertical axis, the three pads in the lower 
section of the fixture contribute equally to the support of 
the load. It is therefore possible to apply loads and 
measure deflections of the sphere while all pads are in 
operation. This configuration makes it possible to com- 
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Fic. 5. Apparatus used for obtaining experimental data 


pare the six-pad system operation to a single opposed 
pair. The latter is quite predictable analytically and 
makes a good basis for comparison. 

The pads are fed with air from a single input. Internal 
manifolding channels conduct the air from the input to 
the pads. After assembly of the pad structure, the mass 
flow through each pad orifice is adjusted so that equal 
flow is obtained from all pads. 

A loading device, attached to the sphere is used to 
apply varying loads by adding or removing weights from 
the loading rod. In this arrangement, loads may be ap- 
plied in one direction only and the minimum load is 1.7 
Ib, the weight of the sphere. However, the pad system 
structure is reversible so that the properties of all pads 
can be checked. A precision air gauge, accurate to 0.000010 
in., is used to measure deflection of the sphere as the 
source pressure or load is varied. 

The bearing pads used in the apparatus have a diam- 
eter of 0.4375 in. and the feed holes have a diameter of 
approximately 0.007 in. No recess, as such, is used in the 
pads, but grooves installed on the pad surfaces are 
designed to produce operational qualities equivalent to a 
circular recess of radius equal to 0.030 in. The gap be- 
tween the pad surfaces and the sphere, when the sphere 
is centered (zero load) is 0.001 in. 

This apparatus has two obvious deficiencies: (a) 
operation of the system cannot be measured when loads 
are applied along a pad axis, and (b) loads approaching 
zero cannot be applied. However, the increased simplicity 
in the design seems to justify this lack of complete versa- 
tility at least at this stage. 


Experimental data 


The apparatus in Fig. 5 was used to obtain the follow- 
ing data: (a) deflection of a constantly loaded sphere as 
the source pressure is varied; (b) deflection of the sphere 
as the load on the sphere is varied and the source pres- 
sure is maintained at a constant value. 

Deflections were measured to an accuracy of 0.000010 
in. by removing all pressure, allowing the sphere to reach 
the closure position (full deflection), and measuring 
deflections upward as the source pressure was increased. 
Each point of the data is the arithmetic average of three 
or more separate readings. All data was taken in a dust- 
free “clean” room to minimize the possibility of error due 
to dust particles, which can be of significant size in rela- 
tion to the accuracy of the measurements made. The force 
exerted by the air gauge has been taken into account. 

The experimental data for deflection of the sphere 
from the centered position vs. source pressure is given in 
Fig. 6. These curves are plotted for eight different loads 
from the minimum load of 1.7 Ib. (sphere only) to 5.4 
lb and for source pressures up to 100 psig. This family of 
curves is useful for interpreting the operation of the pad 
support system. It will be noted that for any given load, 
the support system possesses very little useful operational 
ability until a high enough source pressure is supplied. 
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Fic. 6. Curves of sphere deflection from the centered position 
as a function of source pressure for various loads. 


Conversely, for any given load, if source pressure is 
reduced, a point is reached where the system virtually 
loses its support ability. As the source pressure is in- 
creased, however, very useful operational regions are 
obtained. 


Comparison with theory 


To correlate the experimental data and check the iso- 
elasticity of the six-pad support system with theoretical 
predictions, the apparent equivalence of the six-pad sys- 
tem and an opposed pair of pads is employed. This is 
done by developing equations for the load support of an 
opposed pair of pads and applying them to the operation 
of the six-pad system of the test apparatus. The experi- 
mental data, which is taken by applying loads along an 
axis not coincident with a pad axis, will agree with the 
predictions of the opposed pad analysis to the extent 
that: (a) the system is isoelastic, and (b) the equations 
accurately predict opposed pad operation. 

The opposed pad analysis is based on the equations of 
a single pad. In this case, the load carrying capacity W 
of a single circular pad with a concave spherical surface 
is given by the integral of the pressure distribution 
function p(r) over the projected surface area. Therefore, 


To rp 


W= 2m | rest + 25 re(rydr— UW, pa [4] 
where 7, is the recess radius, 7, the projected pad radius, 
and p, is the recess pressure. This is a reasonable repre- 
sentation of load support if the projected pad radius is 
small compared to the sphere radius. 

If the pressure distribution function, due to Shires (4) 

12uRTQ =| . 

<idenenneniaan 

h* %. 
is used in Eq. [4], the load support equation for a single 
pad is obtained. Extending this result to two opposed 
pads, the load support is the difference between the load 
support of two individual pads according to Eq. [2]. 
Thus the load support LZ of a pair of opposed pads is: 


p(r) = E + [5] 
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Equation [6] can be evaluated by assigning a value to 
the change in gap height Af/ in the parameters K, and 
Ke and determining the value of the error functions erf 
which are extensively tabulated (5). 

These equations have been carefully checked in the 
laboratory and are known to provide excellent prediction 
of the operation of an opposed pair of pads when loads 
are applied along the pad axis. Therefore, they represent 
a reasonable check on the isoelasticity of the experimental 
apparatus. 

Theoretical curves of load vs. deflection for a constant 
source pressure were calculated using Eq. [6] and plotted 
in Figs. 7, 8, and 9. Experimental points, obtained from 
laboratory investigations, are included in these figures. 
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It has been pointed out that one of the assumptions 
made in finding the isoelastic support system was linear 
pad operation. Such linearity can validly be assumed 
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sphere deflection from the centered position for a source pressure 
of 90 psig. 
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Fic. 8. Theoretical and experimental data of applied load vs. 
sphere deflection from the centered position for a source pressure 
of 80 psig. 
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Fic. 9. Theoretical and experimental data of applied load vs. 


sphere deflection from the centered position for a source pressure 
of 60 psig. 


when the gap change Az is not large. Therefore, reason- 
able correlation can be expected until the gap change Ah 
becomes excessively large. Another factor which can 
cause a deviation between the experimental data and 
theory lies in the fact that Eq. [6] does not explicitly 
include the source pressure. Thus, the theoretical equa- 
tions do not predict the closure load due to a finite source 
pressure. Therefore, the best correlation can be expected 
from higher source pressures and smaller gap changes 
due to smaller loads. This is generally verified by the fact 
that slightly better agreement is obtained with source 
pressures of 90 psig in Fig. 7 and 80 psig in Fig. 8 than 
with a 60 psig source pressure as shown in Fig. 9. On the 
whole, reasonably good agreement is obtained between 
the experimental data and the theoretical curves. 


Summary 


It has been shown that the support of a sphere using 
externally pressurized, gas lubricated pads offers several 
advantages over other types of gas bearing support sys- 
tems. In particular, pads provide a source of isolated 
supporting forces not prone to cross-axis influences. It 
has further been shown that a support system made up 
of six pads, arranged in three mutually perpendicular op- 
posed pairs, is optimum since it can provide omni- 
directional and essentially isoelastic support. 

The six-pad system is practical to both analyze and 
utilize. Analysis is simplified by treating the system as a 
single opposed pair of pads located along the axis of the 
load. Application is convenient because the system can 
be designed to provide adequate load support and opera- 
tional flexibility. Fabrication is easy since curvature 
tolerances cover a comparatively small area. 


Experimental evidence has been provided to confirm 
the predicted operation of the system. 
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Appendix 


This analysis shows that it is possible to design a pad 
support system which is isoelastic, i.e., the displacement 
of the sphere under any force will be in the direction of, 
and proportional to, the magnitude of the force vector, 
regardless of the direction of that force. A pad system 
possessing this property can be oriented relative to any 
constant load without inducing any shift in the sphere 
position. The following assumptions are made in the 
analysis: 

a. An arbitrary number of pads is considered. The 
faces of these pads lie on the surface of a hypothetical 
sphere of radius 7, and are arbitrarily distributed such 
that the unloaded sphere of radius 7, will assume a 
centered position, concentric with the pad sphere. 

b. The force exerted by each pad is directed normal 
to the pad face. 


c. The force exerted by each pad is described by the 
linear approximation 
W = W,— kAh [9] 
where & is the elastic constant of the pad. 
d. The displacements of the center of the sphere are 
small compared with the sphere radius r,. 


Under zero load, the separation of the sphere surface 
and any pad surface is 


h,, = My — rs [10] 


Consider a coordinate system at the center of the pad 
sphere. The equation of the sphere surface when its center 
is displaced to the point (x = 0, y = 5, z = 0), as shown 
by Fig. 10, is 


r+ (y—b)y? 4+ 2=Pr- {11 


If the position of the p™ pad is given by the spherical 
coordinates (7, ), 6), the equation of the line from the 
origin to the pad is given by 


x y z 
= - = | 12] 
ry SIN dy SIN 6, ry COS dp 





ry SiN dy COS 8, 


The intersection points of this line with the sphere 
surface are given by the equation 





Cc 2 
y? cot? 6, + (y—d)? + ¥* =r? [13] 


which, upon solving for y, gives 
y = dsin? 6, sin? ¢, + 7, sin 6, sin dp 


a ere 


The distance / from the origin to the point of intersection 
is 


i= yet ter 
| 





[15] 
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Fic. 10. Diagram of quantities used in analysis for sphere 
deflection 5 along y-axis. 


Using Eq. [12], 


cot® dp was 
y| cot rot 1+ | | 
1 


sin? 6, 
| y | [16] 


j= 








l= |—— 


| sin 6, sin dp 





Equation [14] may be introduced into Eq. |16] to yield 
after expanding in series form 


ss} 
l= |dsin 6,sin ¢, +r,| 1—— |— 
2 WS, 


(1 — sin* 6, sin? ¢, +. . .) ] | [17] 
Then, to first order 


l=r, + 3 sin 6, sin [18] 
and 
Ahy = fn — (h, + 2) — — § sin A» sin dp [19] 


This is just the projection or component of 5 along the 
normal to the pad. Since the orientation of the coordinate 
system is arbitrary, the result is true for a displacement 
5 in any direction. This result is also true when the equi- 
librium of the sphere is not concentric with the pad 
sphere, provided the deviation from the concentric posi- 
tion is small compared with the sphere radius, r,. 








382 GERALD B. SPEEN AND JOHN M. GRANT 


In general, the conclusion may be drawn that, for an 
arbitrary displacement 5 of the sphere from its equilib- 
rium position, the change in clearance Ah is, to first 
order, equal to the projection of the displacement 5 along 
the normal to the pad, provided both the displacement 
6 and the deviation of the sphere from the concentric 
position are small compared with the radius of the sphere. 


Consider now any arbitrary array of ” pads whose posi- 


tions are given by 6, and ¢, where p = 1, 2,...m. At 
equilibrium, the force exerted by the p™ pad is W, 
= W,y. Thus, 

z Wry Sin dp Cos 6, = 0 

p=1 

z: Wyy Sin $y sin 6, = 0 | 20] 

p=1 


5: B Why COS dp = 0 
p=1 


If a load, L,, is applied along the + x-axis, an equal and 
opposite force must be supplied by the pads. Then 


n 
pm W, sin ¢p cos 6, = + Lz 
p=1 


=. W>sin dy sin 6, = 0 [21] 


g=1 


y* W,, cos dp = 0 
p=1 


Substituting Eq. [9] in Eqs. [21] 


n 


> —kAh, sin $, cos 0, = + L, 


p=1 

yw —kAh, sin ¢y sin 6, = 0 [22] 
9=1 

te —kAh, cos ¢) = 0 

p=1 


The isoelastic property of the support system requires 
that, for such a load L,, 5 must be along the x-axis; 


therefore AA, = — 5, sin ¢, cos 6, and 
n .. 
>. sin? , cos? 6, = —— [23a] 
p=1 kd, 
mi sin? , sin 6, cos 6, = 0 [23b] 


p= 





n 


+> COS ¢, SiN d, Cos 6, = 0 [23c] 


p= 


Similarly, if loads Z, and ZL, are applied along the + y- 
axis and the + z-axis, the equations obtained are 


p # sin? ¢, sin 6, cos 6, = 0 | 24a] 
p=1 
n . De 
sin ¢, sin? 6, = — [24b] 
- kb, 
p=1 
i cos dp Sin d, sin 6, = 0 | 24c] 
p=1 
> Sin Pp COS 4, COS d, = O [25a] 
p=1 
Zz. sin dp Sin 6, COs d, = O [25b] 
p=1 
n Po 
cos” ¢, = — [25c] 
a kb: 


Equations | 23], [24], and [25] are the only independent 
equations which may be obtained, since an arbitrary 
load can always be constructed from the three basic loads 
L,, L,, and L;, and any arbitrary displacement can be 
constructed from the three component displacements 
b,, Oy, and 5,. 


Adding Eqs. [23a], [24b], and [25c| 


bi sin? $, (sin* 6, + cos* 6,) + cos* ¢, 
p=1 
| L, L; 
—~+— [26] 


“+ 
kd, kd, RD: 


Since L,, L,, and L, are arbitrary, 





— 


n n n 
L,=—hkb,; Ljy=—kb,; L:=—kd: [27] 
3 3 a 


Thus, the spring constant for the support system is 
nk /3. 

The product sin ¢, cos 6, is the cosine of the angle 
between the x-axis and the direction of the p™* pad, while 
the product sin ¢, sin 6, is the cosine of the angle be- 
tween the y-axis and the direction of the p‘” pad. Letting 


Sin dp COS On = Ypr 
sin dp SIN Oy = Ypy 
COS dp = Ypz 


the Eqs. [23], [24], and [25] can be written in a more 
compact fashion as 





nt 


ds 
be 


6 | 
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b You Yor = 0 } Ypz Ypre = 0 
p=1 p=1 
n n 
be Ypr Ypy = 0 , You" =—— a Ypz Ypy = 0 
3 onl 


p=1 


+ Ypr Ypz = 0 ¥ Yov Yor = O i Yp2" — 
Pra p=1 
128] 


The set of Eqs. [28] consists of six independent equations 
in terms of the 3m cosines. A set of cosines, that are not 
unique, can always be found such that Eqs. [28] are 
satisfied; however, if the pad system is rotated relative to 
the coordinate system, the cosines take on new values. 
If these new values of the cosines are identified by yp2’, 
Ym’, and y,2’, then the isoelastic property requires that 
the new cosines y’ satisfy equations of the same form as 
Egs. [28]. 

This condition places a very strong restriction on the 
cosines y because a solution exists only when the cosines 
taken in individual groups of three satisfy the equations 


j+3 j+3 §+3 
) ' Yor = 1 ) ; Ypv Ypr = 0 a , Ypz Yor = 0 
p=j+1 p={+1 =j+1 
j+3 j+3 j+3 
° — 
Yor Yoy = 0 ) , Yo => Yr: You = 9 
p=j+1 p=j+1 p=jt+1 
gj+3 j+3 j+3 
Yor Ypz = =0 ) PF You Yp2 = 0 ) i Yp2" — 
p=j+1 p=j+1 p=j+1 
[29] 


There is a unique solution (6) to the set of Eqs. [29] 
for any arbitrary orientation of the pads, and the solu- 
tion requires that the pads denoted by the p = j +1, 
j + 2, and j + 3 be orthogonal to each other. Thus, the 
pad system must be constructed from groups of 3 
mutually orthogonal pads and so, the number of pads 
must be a multiple of three. The case when n equals 3 
is not of interest, since this number of pads will not sup- 
port the sphere completely. Six pads is the least number 
that may be used to support the sphere in an isoelastic 
manner. 

Introducing the condition that the unloaded sphere be 
nearly concentric with the pad sphere, along with the 
condition that both groups of 3 pads be mutually 
orthogonal, requires that the pads be positioned (as 
shown in Fig. 2) as three pairs of mutually orthogonal 
opposed pads. 


DISCUSSION 
L. Licut (JBM, Oswego, New York): 


The expression, from which load capacities of circular pads can 
be conveniently calculated by means of the error function, was 
first derived by L. Licht and D. D. Fuller in “A Preliminary In- 


vestigation of an Air-Lubricated Hydrostatic Thrust Bearing,” 
ASME paper No. 54-LUB-18 (October, 1954). 

The derivation of the foregoing expression was then presented in 
“Hydrostatic Gas Bearings,” Trans. ASME, J. Basic Eng. (June, 
1960), by Laub. Laub was supplied with the reference of the 
original paper and also received a complete derivation of -the 
expression in a private communication from this writer in 1958. 
Since no reference is made in the text with regard to the origin 
of Eq. [6], the preceding remarks are merely intended to correct 
a consistent bibliographical deficiency. 

Equation [6] is predicated on the existence of laminar, pre- 
dominantly viscous, isothermal flow in the pad annulus and of a 
uniform pressure over the entire recess area. In many bearings, 
these conditions can be sensibly approximated, but numerous in- 
vestigators have shown that shocks and pressure profile depres- 
sions may exist in the gap, that entrance losses may be quite ap- 
preciable, and that the flow may be turbulent. 


It is significant that the exact pad geometry is not shown, that 
no mass-flow data are reported, and that only the supply pressures 
are given. The authors refer to a system of grooves, connected to 
a 0.007 in. diameter feeder hole, but neither the configuration and 
dimensions of the grooves nor the length of the feeder hole are 
specified in this report, so that nothing can be inferred with regard 
to the nature of flow and of the radial pressure distribution down- 
stream of the restrictor. The statements that the grooves “produce 
operational qualities equivalent to a circular recess of radius equal 
to 0.030 in.” and that Eq. [6] provides an “excellent prediction 
of the operation of an opposed pair of pads” have not been con- 
vincingly demonstrated by the authors. 

In the Appendix the authors show that if the idealized, orthog- 
onal system of opposing pads can be represented by linear spring 
elements, an isoelastic support may be realized. While this exercise 
belabors the obvious, the paper itself lends no support to the 
postulate of linearity. Indeed, linearity is only approached in the 
limiting case of small deflections, from the concentric position, 
when the load-deflection characteristics of opposing pads intersect 
at their inflection points. The limited number of experimental 
points in Figs. 7, 8, and 9, the scatter of which does not reflect 
favorably on the quality of a relatively simple experiment, shows 
no particularly good agreement with theory, even if one is prepared 
to assume that the latter applies to this physical model. No ex- 
perimental points are shown in Fig. 6. 


AvuTHOrRS’ CLOSURE: 


The authors wish to thank Dr. Licht for his interest in the 
paper. The comments offered indicate that some points of clarifica- 
tion are in order and the opportunity to make them is appreciated. 


The error function load support equation for a single circular 
thrust pad is well known and extensively applied in gas bearing 
work. Its validity has been adequately verified experimentally. The 
use of this equation in conducting analytical studies no longer 
would seem to require justification or reference. However, the 
authors feel that the papers cited are a useful addition to the 
references. It should be noted that Eq. [6], though based on the 
equation under discussion, has not been previously published, as 
far as the authors know. Equation [6] is the expression for a 
pair of opposed thrust pads and takes into account the constraint 
placed on gap height variation. It is also intended as a representa- 
tion of the load support properties of the six-pad spherical support 
system (within the assumptions stated in the paper). 

The comments made in the discussion indicate that the main 
points of the paper have been missed. Most of the comments made 
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are already acknowledged in the paper and represent no reduction 
in the value of the results, since the results are predicated on a 
set of stated assumptions which the authors feel are reasonable. 
Since the discussion seems to be directed at points not entirely 
pertinent to the primary objectives of the paper, the paper may 
not bring them out clearly enough. Therefore, the authors wish to 
restate them here so that other readers will not encounter this 
same difficulty. Briefly, the two main points of the paper are: 


(1) Within the limitation of the assumptions (particularly 
linearity), the operation of a specific six-pad spherical sup- 
port system may be represented by a simple, easily de- 
scribed and analyzed configuration—a pair of opposed 
pads. 

(2) The basic six-pad system (and combinations of it) de- 
scribed is the only configuration of pads that will provide 
isoelastic support for the sphere. 


The paper recognizes the dependence on linearity of both of these 
points for complete rigor and acknowledges the absence of it. How- 


ever, the value of the results is exemplified by the fact that, of all 
possible spherical support systems, only one basic configuration 
will yield isoelastic support, even when assuming linearity. It is 
also quite valuable to have knowledge of the simplification noted 
in item (1) above even though it is an approximation of true 
performance. The experimental work reported seeks to show how 
good this approximation is. 

The theoretical curves in Figs. 7, 8, and 9 use Eq. [6] to predict 
the operation of a pair of opposed pads. Points obtained from 
a six-pad spherical support system are plotted as a comparison. 
It must be noted that the data was taken for sphere deflections 
along an axis not coincident with the axis of a pad pair. This 
means that, since the pads are nonlinear, anisoelasticity should 
exist and exact correlation should mot be expected. The curves 
are intended to show the amount of anisoelasticity in the six-pad 
system. To the extent that curves show exactly what is expected 
and if the data is properly understood and applied, Eq. [6] does 
indeed provide an excellent means of approximating the operation 
of the six-pad spherical support system. 
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The Design of Externally Pressurized Gas Lubricated 
Bearings by the Method of Bearing Equivalence 


By RICHARD C. TURNBLADE! 


This paper presents the theoretical development and experimental verification of a simplified tech- 
nique for the design of externally pressurized gas lubricated bearings. The general procedure is to 
establish an equivalent rectangular bearing which is the performance replica of an arbitrary gas 
bearing configuration. The resulting equivalent bearing has the same load support, clearance, area, 
source pressure, entrance losses, and mass flow as the arbitrary bearing which is analyzed. In 
accomplishing this end, the general rectangular bearing is analyzed, a consistent criterion of equiva- 
lence is defined, and theoretical analyses are compared to experimental data. 


Nomenclature 


A = area, in.” 

b = bearing width, in. 

b = effective bearing width, in. 

C = total opposed bearing clearance, in. 

f = average friction coefficient, decimal 

F = applied load, lbs 

h = bearing clearance, in. 

l = bearing length, in. 

1 = effective bearing length, in. 

m — mass flow, lbs sec/in. 
Nx = Reynolds Number, decimal 

p = pressure, psia 

R = gas constant, in.?/sec? — °R Radius, in. 

T = temperature, deg R 

u = local gas velocity, in./sec 

u = average local gas velocity, in./sec 
W —F + P,A, = total load support, Ibs 

x = axis reference along gas flow direction, ft 

C= Po/Pa 

ut = absolute viscosity, lbs/sec in.” 

0 = density, lbs/in.* 


SUBSCRIPTS 
a — ambient 
b = total bearing 
B = bottom, or most heavily loaded bearing 
i = arbitrary element 
0 = bearing inlet 
T = top, or most lightly loaded bearing 
x = arbitrary position along gas flow direction 


Introduction 


THE theories and techniques discussed in this paper 
were formulated to fulfill a need for the practical design 
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of externally pressurized gas lubricated bearings. A prac- 
tical design theory is one whose principles are true to the 
physics of the problem, but permit relatively simple and 
quick calculations that will yield reasonable accuracies. 
Consistent with these accuracies, potential deviations be- 
tween theory and practice must be known so that suf- 
ficient factors of safety can be assumed. 

The design theory to be developed in this paper is 
the method of bearing equivalence. By this method any 
particular bearing configuration can be analyzed by refer- 
ence to a standard or nominal bearing which is a satis- 
factory equivalent for the bearing to be analyzed. The 
criterion for satisfactory equivalence is, of course, of 
paramount importance to the validity of the approach. 

The primary motivation for analysis by the Method 
of Bearing Equivalence is to obtain good first order 
paper and pencil approximations to problems which are 
only solvable by machine calculation. A secondary moti- 
vation, but nonetheless important, is to obtain a solution 
in equation form so that optimization techniques can be 
conveniently applied. 

The pattern of the theoretical development will be to, 
firstly, introduce and analyze the rectangular bearing as 
a convenient nominee for the equivalent bearing, sec- 
ondly, formulate a criterion for bearing equivalence, 
and thirdly, develop and demonstrate a design procedure 
which can be compared to experimental evidence. 


The rectangular bearing 


The standard bearing used is the rectangular bearing.” 
Several reasons prompted this choice, the most in- 
fluential being the ease with which this bearing may be 
analyzed. The rectangular bearing is graphically pictured 
in Fig. 1. 

Throughout this paper, the flow pattern within the 





2 There is, of course, nothing that uniquely qualifies the rec- 
tangular bearing as the best equivalent bearing. In general, any 
bearing configuration whose equations are tractable can be used 
as the equivalent bearing if it would better serve the problem at 
hand. 
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Fic. 1. The rectangular bearing 


ignored. The latter assumption has been shown to be 
quite reasonable as long as the ratio of bearing length 
to clearance //hk exceeds 1000 (1). Since normal bearing 
design is primarily concerned with maximum load support 
when //h is largest and only incidentally concerned with 
the conditions where /// is minimum, this assumption 
meets practical requirements. 
The defining differential equation is (1, 2) 


dp ou" 
— = —jf— [1] 
dx 2h 
The average friction factor for a rectangular duct with 
a laminar flow condition is 


24 
f= ro 
Nr 
where 
’ uho 
Nxy=— 
u 
Substitution into Eq. [1] of the Perfect Gas law, 
the Equation of continuity 
m = obhu 


and the above definitions, it is possible to write the fol- 
lowing expression 


dp 12uRTm 


dx poh 


which, for constant clearance, can be readily integrated 
to become, 











, 24u RTnx 
0" ee: ee = 2 
pi? — p == [2] 
or 
‘ , 24 RTml 
Po — Pa = 8b [3] 


To determine the load support of the rectangular bear- 
I 


ing, it is necessary to evaluate f b P, dx. The solution is 


0 





2 P4542 
w=—pui(- —) [4] 
3 +1 
where 
_ Po 
.=— [5] 
Pa 


Having developed Eqs. [3] and [4], it remains to estab- 
lish the criterion of equivalence. 
The criterion of equivalence 


In the subsequent discussion, it will be useful to refer 
to Fig. 2a which represents the flow pattern existing in an 
arbitrary bearing configuration. A point mass source is 
pictured only because of its common occurrence. 
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Fic. 2. Fluid flow pattern in an arbitrary bearing 


Considering an arbitrary bearing filament i, the most 
obvious equivalent bearing is that rectangular bearing 
filament which most conforms to the geometry of the 
actual bearing filament i as illustrated in Fig. 2b.* 
Utilizing Eq. |4], the load support for the general bear- 
ing becomes 


w= > W,= er bi; a) 


+1 
[6] 
where » = number of bearing filaments.* 
However, certain consistencies exist between actual 
bearing filaments and, consequently, it is reasonable to 





3 There is some question as to the effects of streamline curva- 
ture. Preliminary experimental data tends to indicate that flow 
curvature increases load support but in the interests of simplicity 
flow curvature effects will be neglected. 

4 At any point of this discussion the finite summation can be 
generalized to a limit and the summation can become an integra- 
tion. 
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impose the same restraints upon the equivalent bearing 
filaments. For example, the pressure distribution across 
bearing filament boundaries must be continuous. In ad- 
dition, the entry and exit pressure for all filaments must 
be equal. Therefore, 


e Poi = Poj =e ewes = Po 
ree = Pa 
Consequently, Eq. [6] becomes, 
2 P4t+ic 
W=—p———_ 
3 C+ 1 il 


To make the equivalent bearing filaments appear as 
much like the actual bearing filaments as possible, it is 
appropriate to require the two filaments to have the 
same area as well as the same length. This constrains the 
value of b; and forces Eq. [7] to become, 
24041 
W = — p, Ap O+o+h [8] 
3 43 


Equation [8] is a closed form solution for the load 
support of any bearing configuration. To evaluate Eq. 
[8], consideration of the equivalent bearing pressure 
distribution is necessary so that the parameter of Eq. 
[8] can be satisfactorily defined. Referring to the pres- 
sure distribution defined by Eq. [2], it will be noted that, 





bil; [7] 








24uRT myx; 
po” — . a 
he b; 
and 
24u RT m,; |; 
po? — p.* =- oo 
he b; 


Consequently, the factor (m;/;)/b; must be a constant 
for all bearing filaments. In addition, continuity require- 
ments necessitate that the total bearing mass flow be 
the sum of all filament mass flows. 
Therefore, 
m= pe in; [9] 
i=] 

Since the factor (7; /;)/b; is a constant, it is useful to 
redefine it as (7l)/b which upon substitution into Eq. 
[9] yields Eq. [10] 


» Gy h ees 
lj ° 


From Eq. [10] the bearing clearance can be calculated 
by updating Eq. [3]. 


= 10 
" [10] 


i=1 


. 24u RTml 

po — Pa ale 

To evaluate Eq. [10] it is necessary to know the 
flow pattern within the bearing configuration to be 





[11] 


analyzed.® This is not an inhibitive restriction because 
it is relatively easy to make quite adequate estimations 
by analog techniques based on incompressible flow. The 
author has found that sketched estimates of the flow 
pattern have served to give quite satisfactory results. 

Reviewing the theory, it has been demonstrated that 
an equivalent rectangular bearing can be simply deter- 
mined by estimating the streamline flow pattern within 
the actual bearing configuration and performing a simple 
graphical summation to evaluate Eq. [10]. The equiva- 
lent bearing that results is one whose source pressure, 
entrance losses,® load support, bearing clearance, and 
internal mass flow are nearly identical with the actual 
bearing. Therefore, from a performance standpoint, it is 
difficult to tell the actual bearing from its equivalent. 
Assuming, for the present, that satisfactory solutions are 
accomplished by this technique, the ultimate simplicity 
of the load support expression, Eq. [8], compared to the 
usually tedious or even unsolvable load support integrals 
for more complex bearing configurations, makes load 
support calculations considerably simpler. 

As an example of the utility of the equivalent bearing 
it is useful to consider a common design problem. In this 
case the maximum load the bearing must support is 
known and once the ambient pressure and bearing area 
are selected, Eq. [8] can be used to establish the peak 
pressure ratio, C. If, in addition, an allowable minimum 
clearance based upon manufacturing tolerances or other 
criteria is chosen, Eq. [11] can be used to fix the value 
of (ml/b). The bearing form ratio 1/b is determined by 
evaluating Eq. [10] in light of the desired bearing 
configuration and, consequently, the necessary bearing 
mass flow, #, is established. An example of this pro- 
cedure for an actual bearing is considered later in the 
paper. 


Comparison with experimental data 


To evaluate the accuracy of the equivalent bearing 
concept, it is desirable to make some comparisons to 
physical data. For this purpose, a simple circular thrust 
bearing was built having the dimensions shown in Figs. 
3a and 3b. Experimental data for three different source 
pressures are also displayed in these figures. Of the two 
bearing configurations, the first has no recess volume so 
the flow is restricted in the clearance circumference 
around the entry hole, while the second has a recess 
volume such that the mass flow is restricted in the entry 
orifice. The solid curves of Figs. 3a and 3b were computed 
by theoretical analysis of the equivalent bearing. The 
quality of the theoretical to experimental correlation is 
excellent, particularly since the circular thrust bearing 





5 The circular simple thrust bearing without recess is a straight- 
forward example. The streamlines are radial and Eq. [10] becomes 
b xR? 


= =< 
1 R? 
6 The entrance losses have not been altered by substitution of 
the equivalent bearing for the actual bearing. 
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Fic. 3a. Experimental comparison of the equivalent bearing 
analysis for a self-compensated circular thrust bearing. 
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Fic. 3b. Experimental comparison of the equivalent bearing 
analysis for an orifice compensated circular thrust bearing. 


has a considerable divergence in streamline flow paths 
and the conformance of the equivalent rectangular bear- 
ing as expressed in Fig. 2b is strained. 


The analysis of a complicated thrust bearing 


Since the previous section has shown that the equiva- 
lent bearing can provide usable solutions to simple 
bearing configurations, it is worthwhile to consider a 
more complicated bearing configuration where the equiva- 
lent bearing analysis can be of real value. Figure 4 
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Fic. 4. The integral thrust bearing 


represents such a bearing. This bearing is termed an 
integral journal-thrust bearing (3). As can be seen from 
the figure, the journal and thrust surfaces are joined 
and as a result intercouple their performance. By this 
it is meant that for various conditions of journal and 
thrust loading, gas from the thrust surface may or may 
not enter into the journal surface and vice versa. This 
intercoupling phenomenon will become more apparent 
as the discussion continues. 


To analyze the load support capacity of the integral 
journal-thrust bearing, it is important te obey the 
analysis limitation of //k < 1000.7 Since the average 
streamline length in this bearing is around 0.500 inch, 
it is expected that accurate calculations will be restricted 
to bearing clearances less than 0.0005 inch. 

At this point, it is desirable to consider a sample prob- 
lem. Assume that the bearing of Fig. 4 is to uphold a 
thrust load of 76 pounds. What would be the relation- 
ship between the source pressure and the thrust clear- 
ance? 

Considering only light journal loading, the stream- 
line flow pattern under conditions of small thrust bearing 
clearance is that of Fig. 5a.* However, when the thrust 
bearing clearance is larger (approximately the value of 
the journal clearance) similar journal and thrust bearing 
pressure distributions cause the streamline flow pattern 
to change to that shown in Fig. 5b. Therefore, it can be 
seen that it is necessary to formulate an equivalent 
bearing configuration that has a differing form factor 
(1/b) for different operating conditions.® 

Without belaboring the discussion with the peculiarities 
of the integral journal thrust bearing, which is ade- 
quately discussed in Ref. (3), Fig. 6 represents the 





7 This limitation can be removed by accounting for inertial 
effects, but this will not be discussed in this paper. 

8 Small thrust bearing clearance is meant to infer that the 
thrust bearing clearance is small compared to the journal bearing 
clearance. The flow patterns of Fig. 5a are based on actual flow 
pattern studies using luminescent oils (3). 

9 For Fig. 5a 1/b = .561 and for Fig. 5b 1/b = .920. 
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Fic. 6. Experimental-theoretical comparison for the integral- 
thrust bearing. 


theoretical predictions based upon an equivalent bearing 
analysis using the streamline flow paths of Fig. 5. The 
plotted points of Fig. 6 represent experimental measure- 
ments of actual bearing performance, while the solid 
curve is the theoretical prediction based on the equiva- 
lent rectangular bearing. As can be seen, the close 
agreement between theory and practice for the analysis 
of this bearing configuration (which is hopeless by exact 
analysis techniques) is very gratifying. It should be noted 
that the theoretical prediction is still usably accurate 
at bearing clearances considerably in excess of the 
0.0005 inch maximum that the //A < 1000 restriction re- 
quires. 


At this point it would be appropriate to perform a 
similar analysis on the journal surface. However, before 
this can be done it is necessary to consider the analysis 
technique for opposed thrust bearings. This becomes 
necessary since an externally pressurized journal bearing 


is most easily analyzed as a radial collection of several 
mutually opposed thrust bearings. Only a brief discussion 
of opposed bearings will be given herein because the 
subject will be treated in more detail in a later paper. 


Opposed bearings 


An opposed bearing is a bearing whose load support 
is in opposition to the load support of another bearing. 
Examples are journal bearings and opposed thrust bear- 
ings. An arbitrary opposed thrust bearing configuration 
is shown in Fig. 7, however, the configuration is not 


VW ALI 
WWF 
MTOCINT bn 


We 









































Fic. 7. Opposed thrust bearing 


binding to the discussion and is primarily for identifica- 
tion of nomenclature. 

Load support for an opposed thrust bearing pair is the 
difference between the load support Wy, and W,. The 
subscript B loosely refers to the bottom or heavily loaded 
bearing, while the subscript T refers to the top or lightly 
loaded bearing. 

To simplify the discussion, it will be assumed that 
the geometry of the two opposed bearings is identical. 
The load support for the bearing combination is given 
by F where 


| Wr oe Wy | 12] 


Incorporating Eq. |8], Eq. [12] can be put in the follow- 
ing form 


3F _ (Cs — Cr) (Cn + Cpe Gr + Cr) 
2P,b1— (Ce +1) (Gr +1) 








[13] 


For any particular desired load F, it is not possible to 
solve for the terms Cy and Cg without another independ- 
ent expression. Such an expression can be deduced from 
Fig. 7. As can be seen, the sum of the two bearing 
clearances must be a constant. 


hy +hp=C [14] 
Introducing Eq. [11], Eq. [14] becomes 


24u RT my1 |'% 24u RT mpl 1/3 
(Cr? — 1) Pa? b (Ce — 1) pa” b 
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which, for orifice-choked conditions in both bearings, can 
be simplified to 





1 
24uRTm 1 
Se a 





1 1 3 ‘ 
=| ae —-- Mey = {15| 
(Cr? — 1)! 3 (Cp? — 1)1/3 


In order to simplify the use of Eqs. [15] and [13], 
Fig. 8 represents a graphical solution. The solution only 
applies to the condition where choked flow occurs in the 
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Fic. 8. Graphical solution for choked thrust bearings 


entry orifices of both opposed bearings. For this case, 
the mass flow in both bearings is equal. To consider the 
case where the mass flows are unequal because of dif- 
ferent loading conditions, it is necessary to solve the 
expression 


C3 p,2b my 1/3 
spesietieaiane ee RE Saco ode 
24uRT1 Cr? — 1 
( rity, yy sii 
ne 16 
Ck? — 1 


Unfortunately, a graphical solution of Eq. [16] like that 
for Eq. [15] is not readily convenient. 

To analyze journal bearings, it is convenient to con- 
sider the bearing as a number of independent thrust 
bearings. A problem develops because the clearance be- 
tween the journal and shaft is not constant. However, 
over a small portion of the bearing circumference the 
very small clearance to diameter ratios that exist in 
journal gas bearings make the error caused by the 


varying clearance a minimum. Fortunately, the usual 
externally pressurized journal bearing configuration has 
enough air inlet sources to make this approach rea- 
sonably accurate. In most design cases, the simplifica- 
tion of analysis by a summation of opposed equivalent 
thrust bearings outweighs any inaccuracy introduced by 
the analysis. 


Conclusion 


The equivalent bearing concept presented in this 
paper has been mechanized by the simple one-dimen- 
sional rectangular bearing. There is nothing unique in 
the choice of the rectangular bearing, but it does have 
the advantage of simple analysis expressions. Over the 
period of time the author has been experimenting with 
this analytical tool, the equivalent bearing concept has 
shown remarkable utility in obtaining useful first order 
analytical solutions for such testy problems as viscous 
turbine torques, anisoelastic response, and bearing dy- 
namics. 

The major reason for publication of this concept is 
because of the author’s firm feeling that simplified de- 
sign approaches are necessary to promote wider applica- 
tion of gas lubrication in general engineering. 

Nothing regarding the stability of externally pres- 
surized gas bearings has been discussed in this paper. 
The obvious importance of this problem has not been 
overlooked, it is just that this problem is beyond the 
scope of this particular paper. However, it might be 
suggested that the performance similarity existing be- 
tween any bearing and its equivalent may make it pos- 
sible to deduce bearing stability by reference to the 
equivalent rectangular bearing. Therefore, it is sug- 
gested that a general solution for the stability of a rec- 
tangular duct bearing may be satisfactory for general 
gas bearing design purposes. Although such a solution 
apparently does not exist at this time, the simple 
geometry of such a bearing and its potential extension 
to the general two-dimensional bearing increase the pos- 
sible importance of such a solution. 
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DISCUSSION 
Joun Laus (Electronics International Capital) : 


Mr. Turnblade should be complimented on his interesting con- 
tribution to the design theory of externally pressurized gas bear- 
ings. Since so many externally pressurized gas bearings of practical 
importance defy a rigorous analytical treatment because of the 
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complexity of the gas flow pattern, a simplified approach of the 
type suggested in this paper can be very useful to the designer. 
The degree of correlation between experimental and calculated 
data in the examples treated by Mr. Turnblade is surprisingly 
good and suggests an extension of this approach to other bearing 
configurations. 

It is to be hoped also that Mr. Turnblade will proceed to apply 
the rectangular bearing equivalence to the general problem of 


stability of externally pressurized gas bearings as he indicates in 
the closing paragraph of the conclusion of his paper. 


Epitor’s Note: 


Authors are furnished a copy of each discussion and invited to 
submit a closure. Since no closure was submitted for the above 
article, it may be assumed that the author(s) either concurred 
with the discussor(s) or did not feel that a reply was necessary. 
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Experimental Investigation of Whirl in Self-Acting Air- 
Lubricated Journal Bearings’ 


By D. B. REYNOLDS? and W. A. GROSS? 4 


Bearing characteristics influencing the threshold speed at which large-amplitude self-excited whirl 
occurs in complete, air-lubricated journal bearings were experimentally investigated. Various com- 
binations of rotors having clearance ratios, wy = c/r, ranging from 0.268 X 10-3 to 2.350 & 10-3 
and symmetrical bearing assemblies having slenderness ratios, L’ = L/D, ranging from 1/4 to 1 


were tested. 


By varying slenderness and clearance ratios and unit load, by opening or closing supply orifices, 
or by adding imbalance, the whirl threshold speed could be varied between zero and the limit set 


by the available power. 


Experimental methods of identifying the cylindrical and conical modes of synchronous and self- 
excited whirl are described. The whirl hysteresis region and the nature of whirl at speeds above the 
threshold are examined. Three methods of avoiding large-amplitude self-excited whirl are discussed. 


Nomenclature 


c = radial clearance 
D = bearing diameter 
e = eccentricity vector, connects the journal and 
bearing axes in a particular plane 
= moment of inertia 
L = bearing length 
L’ = L/D slenderness ratio 
m = mass 
n = speed (rev. per sec.) 
n, = whirl threshold speed 
pa = ambient pressure 
r = bearing radius 
U =rw, relative surface tangential velocity 
W = load 
W’ =W/(DLp,), average load in atmospheres 
€ —e/c, eccentricity ratio 
% = ratio of self-excited whirl component frequency 
to the synchronous component frequency 
A = bearing number, 6uUr/(c?p,) 
uu = film viscosity 
y =—c/r, clearance ratio 
w = rotational frequency, radians per second 
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Introduction 


As gas-lubricated bearings are more widely used, the 
lack of fundamental insight into certain characteristics 
of gas bearing behavior becomes increasingly apparent. 
One such characteristic of self-acting gas-lubricated jour- 
nal bearings is self-excited whirl, in which (if the journal 
is the rotating member) the journal axis orbits about an 
axis within the bearing with somewhat less than one-half 
the frequency of journal rotation. It is particularly im- 
portant to understand the conditions affecting the thresh- 
old speed at which self-excited whirl occurs, because 
this threshold usually limits safe operation. This paper 
concentrates on these conditions and presents experi- 
mental results obtained with a series of journal bearing 
assemblies having two symmetrically located, approxi- 
mately identical bearings. 

Equations of motion for a rotor in gas-lubricated 
journal bearings involve nonlinear time-dependent param- 
eters which are functions of the eccentricity ratio ¢; 
clearance ratio y; slenderness ratio L’; mass, m; moment 
of inertia, 7; ambient pressure, p,; film viscosity, 1; rela- 
tive surface velocity, U; the bearing length and other 
geometric effects (such as imbalance, bearing location, 
surface imperfections); and system considerations (such 
as drive effects, thrust bearing effects, and resonances). 
The work reported here was limited to an investigation 
of the influence of bearing load, slenderness ratio, clear- 
ance ratio, rotor mass, imbalance, and supply orifices on 
the threshold speed beyond which large-amplitude whirl 
occurs. The results are compared with those of previous 
investigations (1-4). 

One of the two types of whirl—synchronous or self- 
excited—usually predominates, although in the threshold 
region the amplitudes of both types of whirl may be 
approximately equal. Synchronous whirl is the passive 
response of the dynamic system to the drive force caused 
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by imbalance; in this type of whirl, the orbiting speed 
is equal to the rotational speed of the journal. Self- 
excited whirl involves interaction of the lubricating film 
and the orbiting journal, such that energy in the system 
is reinforced; unless metal-to-metal contact is made, the 
orbiting speed is slightly less than half the rotational 
speed. Both synchronous and self-excited whirl can occur 
in two modes: cylindrical and conical. In the cylindrical 
mode the journal axis remains parallel to the bearing 
axis while orbiting. In the conical mode the journal axis 
generates a conical surface with apex in the plane of the 
center of mass. The orbiting path need not surround 
the bearing axis in either case. In a perfectly symmetrical 
system where the amplitude of oscillation is small, the 
two modes are uncoupled. The assemblies tested were 
made as nearly symmetrical as possible. 

The eccentricity ratio vector, € — e/c is closely related 
to the bearing load. Under no-load conditions, the average 
eccentricity ratio is zero and whirl occurs about the bear- 
ing axis. However, as load is increased, the average ec- 
centricity ratio vector increases; and, in the absence of 
self-excited whirl, a synchronous whirl whose path does 
not enclose the bearing axis can occur about the tip of 
the eccentricity ratio vector. 

The eccentricity ratio vectors for bearings j = 1, 2 may 
be represented by (4) 


€j = Eo; + €1jx Exp {4(Wt — aj) } + 

Eajx Exp {i(xwt — Bj.) } + €ajx exp {1(Qt— yx)} [1] 
in which & = 1 for cylindrical whirl, and & = 2 for coni- 
cal whirl. The space average eccentricity ratio vector 
€o; has magnitude €; and an attitude angle ¢o;. The 
amplitude ot the synchronous component is €1;,, and of 
the self-excited components, &2;,. The frequency of sub- 
harmonic orbiting is xw, and Q is the frequency of an- 





@ | 

| 

Fic. 1. Trace of orbiting journal with wy = 2.350 x 10-3, 
L’ = 1/4, « = 190 rps, FW" = 00655 atm. 





other component €3;,, due for example to a rotating load. 
The phase between the cylindrical and conical modes of 
the components is given by aj, Bj, Yj. In general, all 
components are present and, under some conditions, the 
trace of the eccentricity vector can be quite strange. See 
for example Fig. 1, which shows the trace of an orbiting 
path when squeeze film damping is low. Clearly, it is not 
always possible to represent the whirl path by a circle, an 
ellipse, or a limacon. 


Description of Apparatus 


The bearing assembly, shown in Figs. 2 and 3 (see also 
Fig. 3 in (5)), could be inclined to any angle. Since the 
only load applied in these tests was gravitational, the 


TABLE 1 
Characteristics of Rotors and Bearings Tested 





Rotor characteristics (ZL = 3.50 in.) 





Clear. Ratio® 0.002350 
Dia. at 68F (in.) 0.999655 
Mass 

(102 Ib-sec?/in.) 1.725 
Polar moment of inertia 

(104 Ib-sec*/in.) 2.45 
Transverse moment of inertia 

(10% Ib-sec*/in.) 1.880 


0.000568 0.000268 0.001066 0.002350 


(aluminum) ? 


1.001437 1.001737 1.000939 0.999655 


1.67 1.67 1.67 0.319 
2.39 2.39 2.39 1.295 
1.825 1.825 1.825 0.390 





Bearing characteristics® 





Length (in.) 0.250 
Slenderness 

ratio (L/D) 1/4 
Dia. at 68F (in.) 1.002005 


0.500 0.750 1.000 


3/4 1 


1.002005 1.002005 1.002005 





@ Rotor and bearing diameters are accurate to + 5 microinches; clearance ratios to + 5 


(10-8), 


> All other rotors and bearings tested were made of steel. 
¢ The distance between centers was 2.000 in. and sixteen 0.020 in. dia. orifices were used. 
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Fic. 2. Exploded view of test fixture 
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ORIFICES J F NORIFICE 
—— THRUST BEARING 
Fic. 3. Section of bearing assembly and a plugged orifice (not 


drawn to scale). 


maximum load per bearing was one-half the rotor 
weight. To decrease axial constraints, only one thrust 
bearing was used (a contained step bearing with air 
supply holes, which could be operated as a self-acting 
or as an inherently compensated externally pressurized 
bearing). 

Four assemblies with bearings having different slender- 
ness ratios, but equal midplane spacings, were used. Each 
bearing had in its midplane sixteen equally spaced 0.020- 
inch orifices which were connected to a common air 
supply groove. Brass plugs and “O” rings, as shown in 
Fig. 3, were used to plug the orifices in some of the tests. 
Five rotors with different clearance ratios and masses 
were used. Table 1 lists the dimensions of the rotors and 
bearings used. Four brass capacitor probes sensed journal 
motion at the outermost 4 in. of the rotors. 

For the purposes of these tests, the rotors were driven 
by impulse turbines composed of sixteen buckets cut 
into each rotor. Although the rotors could also be driven 
as reaction turbines, this method required a seal at the 
thrust bearing and hence was not used. 

With the exception of one aluminum rotor, the rotors 


and bearings were all machined from 52100 steel in such 
a manner that the bearing surface was contained between 
two imaginary cylindrical surfaces with radii differing 
by from 6 to 10 microinches. This tolerance included 
surface roughness, out-of-roundness, taper, and curva- 
ture. To minimize misalignment, the two journal bear- 
ings were machined into the same block. 

The capacitor circuit was such that a change in 
capacitance would result in a change in voltage (6). The 
capacitors were connected in push-pull fashion so that 
the differential voltages in the horizontal and vertical 
directions were applied to the horizontal and vertical 
plates of an oscilloscope. A counter was triggered once per 
revolution as a dark nonreflecting spot passed in front 
of a transistor photomultiplier. This impulse was also 
used to intensify the trace on the oscilloscope, thus pro- 
viding a reference mark, hereafter called the counter 
spot. 

The ambient conditions during the tests were as fol- 
lows: Temperature, 75 < Temp < 85F; relative hu- 
midity, 40 < RH < 70%; ambient pressure, 14.55 < 
Pa < 14.65 psi (14.6 psi used in calculations). 

Equations of motion describing the dynamics of a 
symmetrical, perfectly balanced rotor are given in the 
Appendix. 


Test procedure 


The capacitance probes and associated equipment were 
balanced and calibrated as follows: A rotor was in- 
stalled and manually moved so that first it rested flush 
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against the top, and then against the bottom of the 
journal bearings. The output of the vertical probes was 
balanced and the gain of the oscilloscope adjusted so 
that, as the rotor was moved from these extreme posi- 
tions, the oscilloscope spot would move from the top to 
the bottom of the unit circle. The same procedure was 
followed for horizontal motion. The balance was checked 
by supplying external pressure to the journal bearings to 
center the journal. Under these conditions the oscilloscope 
spot had to be centered. Finally, the journal was re- 
moved and again the balance checked to be certain that 
the spot would be in the center of the oscilloscope. The 
reproducibility of eccentricity ratio amplitude measure- 
ments obtained with this method of calibration was 
within + 0.04. The principal sources of error were the 
manual movement of the rotor, and changes in capaci- 
tance due to movement of the connecting leads. 

Since the principal aim was to investigate the effects 
of bearing load and of clearance and slenderness ratios 
on the threshold speed, no effort was made to measure 
the eccentricity ratio more accurately. Where necessary, 
the eccentricity ratio for given load and bearing number 
was determined from the charts published by Raimondi 
(7). 

The rotor speed was determined with a counter which 
was accurate to one revolution per second. In order to 
obtain a more accurate ratio of the orbiting frequency 
to the rotational frequency of the rotor, a ten-second 
count was used until at least four consecutive counts 
agreed within two revolutions. Then, with the vertical 
output from one set of the capacitor probes applied 
to the counter, the frequency of the rotor’s vertical 
motion was similarly determined. Thus the whirl ratio 
was established within an estimated accuracy of 0.2% 
for the speed range investigated. 

The rotor was started in the vertical position. When 
the rotor speed was great enough for self-acting opera- 
tion, the rotor elevation was reduced to the desired 
angle. No effects of system resonances were observed. 

During purely synchronous whirl, there was usually a 
small, nearly circular trace on the oscilloscope. The 
counter spot indicated the position of the journal axis 
when the reference mark on the rotor passed the re- 
flecting light. During predominantly self-excited whirl, 
two spots appeared approximately 180 degrees apart on 
the oscilloscope. The slight deviation from 180 degrees 
was caused by the small synchronous component always 
present. Since the whirl frequency was usually somewhat 
less than half the rotational speed, successive counter 
spots lagged slightly behind the previous spots on the 
oscilloscope, causing the spots to appear to rotate around 
the trace. 

Phase relationships can be determined in several ways. 
The most direct method is to display the capacitor output 
on a time base and compare it with known frequencies. 
The method used here was to supply the electrical signal 
representing the vertical motion of the rotor in one 
bearing to the vertical axis of an oscilloscope, and the 
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Fic. 4 Whirl paths et 4 Agi(1/2)ot for A (ratio of half- 
frequency to synchronous amplitudes) = 0.2, 0.5, 1, 2, 4. 


signal representing the vertical motion in the other bear- 
ing to the horizontal axis. The trace then could be 
analyzed to determine if rotor motion was conical, 
cylindrical, or both. 

Figure 4 illustrates the type of eccentricity ratio trace 
which is seen when purely synchronous components of 
whirl are superimposed on purely self-excited half-fre- 
quency components. The dots shown are for equal in- 
crements of time. Heavy dots, corresponding to counter 
spots, occur once per revolution. With increasing rotor 
speed, the first indication of a developing self-excited 
whirl component is a tendency of the whirl circle to 
break into two connected circles, the enclosed circle 
having a slightly smaller diameter. With increasing 
speed, this component increases relative to the synchron- 
ous component, and the outer trace becomes large com- 
pared to the inner trace. Eventually, the inner trace 
vanishes as the whirl becomes predominantly self-excited. 
As the self-excited whirl frequency decreases below half 
the rotational frequency, more complicated patterns such 
as Fig. 6 of Ref. (4) can occur. 

There is yet another representation of orbital motion 
which is useful when the capacitor signals are effectively 
linear and have the same calibration. In this method, the 
capacitors from the two end bearings are connected in 
parallel (the top capacitor of one bearing is connected 
to the top capacitor of the other bearing, etc.). The re- 
sulting signal measures only the cylindrical mode. The 
conical mode is measured by crisscrossing connections 
(i.e., the top capacitor on one bearing is connected in 
parallel to the bottom capacitor of the other bearing, 
etc.). 

There are numerous possibilities for defining the thresh- 
old above which self-excited whirl occurs. For example, 
it is possible that a small self-excited component with 
magnitude as little as one per cent of the synchronous 
component may occur throughout the predominantly 
synchronous region. Furthermore, there exists a hysteresis 
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region, described more fully later, because of the ten- 
dency of the self-excited component, once established, to 
maintain a large amplitude at speeds below the thresh- 
old necessary to produce this type of whirl. 

This investigation concentrated upon the conditions 
causing the self-excited whir} to exhibit large changes in 
amplitude with changes in speed. As defined here, the 
critical or threshold speed is the rotational speed at 
which, in the absence of external shocks, an increase of 
less than 3 revolutions per second causes the eccentricity 
ratio of the self-excited whirl component to increase 
from a magnitude of less than 0.1 to a magnitude greater 
than 0.2. With bearings having slenderness ratios of 1, 
34, or %4, an increase of about % rps above the threshold 
speed was sufficient to cause such a change in whirl 
amplitude. In general, results were reproducible within 
2 rps, although under some conditions, it was necessary 
to increase the rotor speed toward the threshold very 
slowly in order to obtain reproducible results. The method 
of determining threshold speeds is described later. 

Early in the experimental program, dirt particles 
caused a failure in a test of the rotor with clearance ratio 
yw = 0.268 X 10~* in the bearings with slenderness ratio 
L’ = 1. For this reason, all of the rotor bearings given 
in Table 1 were not necessarily tested. 


Experimental results 
EFFECT OF ORIENTATION ON THE THRESHOLD SPEED 


Threshold speeds differing by as much as 15 rps were 
obtained for equal elevation angles (and therefore equal 
loading) depending upon the quadrant of the test fixture 
angle. It was also possible to vary the threshold speed 
by making minor changes in alignment of the thrust 
bearing. In fact, in the threshold region, it was possible 
to bring the system into and out of self-excited whirl 
simply by changing the alignment of the thrust bearing. 
The threshold speed was independent of thrust bearing 
supply pressures used. 

The influence of orientation on threshold speed was 
probably due to such factors as thrust bearing misalign- 








TABLE 2 
Effect of Orifices on Threshold Speed (rps) 
(W’ = 0.034) 

103 | mA bE = 3/4 ba 3/2 i ==1/4 

Orifice holes closed 
2.350 104 134 155 
1.066 78 85 71 
0.568 84 72 63 

Orifice holes open 
2.350 132 139 155 180 
1.066 139 130 130 116 
0.568 160 145 95 

Percentage of increase obtained by opening orifices 

2.350 33.6 15.7 16.9 
1.066 66.7 53 63.5 
0.568 90.5 101 50.7 





ment, and the combination of relative radial translation 
and imperfections of the journal bearings, and axial 
translation of the rotor. When the data obtained for the 
threshold speed at a given rotor elevation angle from 
each side of the vertical were analyzed, it was noted 
that the average of these values was reproducible within 
2 rps regardless of the thrust bearing conditions. It is this 
average threshold speed which is given in Table 2 and 
used in the figures. 


EFFECT OF BEARING LOAD ON THE THRESHOLD SPEED 


The rotors were well enough balanced that the ampli- 
tudes of the synchronous whirl components of the ec- 
centricity ratio were less than 0.1. When there was no 
measurable self-excited whirl, the position of the journal, 
for any rotor-bearing combination, was therefore deter- 
mined almost entirely by the rotor weight. Since the 
unit loading (load per unit projected area, W’ — W, 
(DLp,), expressed in atmospheres) was always less than 
1/10 atm, the effect of compressibility was comparatively 
slight except at large eccentricity ratios. As a conse- 
quence, these tests, although involving air as a lubricant, 
could be used for confirmation of predictions based on 
the assumption that the lubricating film was incompres- 
sible. Increasing speed caused the eccentricity ratio to 
decrease until a threshold, at which the whirl amplitude 
grew rapidly, was reached. Until this point, the gravity 
loading resulted in an eccentricity ratio large enough so 
that the synchronous whirl paths did not go around the 
bearing center. 


Figures 5 and 6 show the threshold speed, m, vs. the 
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Fic. 5. Effect of unit load on threshold speed for various 
slenderness ratios with orifices open and closed. 
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Fic. 6. Effect of unit load on threshold speed for various 
clearance ratios with orifices open and closed. 


unit loading. Note that in each case there is a nearly 
linear relation between unit load and threshold speed. 
This indicates that self-excited whirl would develop 
only after a threshold eccentricity ratio, which was nearly 
constant for each configuration, had been reached. Recall 
that the average bearing load supported by an incom- 
pressible film can be expressed as a product of the 
bearing number, A = 6u Ur/(c*p,) and a function of 
the eccentricity ratio. Since the bearing number is directly 
proportional to the rotational speed, it is seen that, when 
the film is effectively incompressible, the threshold ec- 
centricity ratio is constant for a particular configuration. 
It is unwise to attempt to apply these results when 
compressibility effects are significant. In fact, it is pos- 
sible that the compressibility of the film is a stabilizing 
factor because the attitude angle tends toward zero as 
compressibility becomes more pronounced. However, for 
a constant load, with both compressible and incompres- 
sible films, as speed is increased, the eccentricity ratio 
continuously decreases and it is likely that a whirl thresh- 
old will be reached. Nevertheless, as will be shown, it 
is possible to avoid self-excited whirl. 


EFFECT OF ORIFICES ON THE THRESHOLD SPEED 


Tests were run with the supply orifices closed and with 
the orifices open to the atmosphere. When the lubricant 
was permitted to flow in or out through the open orifices, 
the load capacity of the bearings was reduced. To sup- 
port the load, with the orifices open, therefore, the ec- 
centricity ratio was greater by as much as a factor 


of two for a given speed. As a consequence, the threshold 
speed was always higher, and in some cases even doubled, 
when the orifices were open. In general, the smaller the 
clearance ratio, the greater the effect of open orifices on 
threshold speed. This is the only characteristic of whirl 
which was observed to be influenced by opening or closing 
the orifices. Table 2 shows comparative data for threshold 
speeds with orifices open and closed at the same unit 
loading. 

Since the orifices have comparatively little effect on 
the squeeze film damping characteristics of the bearing, 
the effect of the open orifices differs from that of reduced 
bearing length. The open orifices have the effect of in- 
creasing the eccentricity of the journal—one well-known 
method of inhibiting whirl. Partial journal bearings and 
multiple lobe bearings, for example, employ the other 
widely used principle of inhibiting self-excited whirl: 
use of an unsymmetrical film. 


EFFECT OF SLENDERNESS RATIO ON THE 
THRESHOLD SPEED 


As can be observed from Figs. 5 and 6, decreasing the 
slenderness ratio tended to increase the critical speed for 
clearance ratios greater than y = 1.066 « 10~°, and to 
decrease the threshold speed for smaller clearance ratios. 
With a unit load of 0.034 atm and orifices closed, chang- 
ing the slenderness ratio from L’ = %4 to L’ = \% in- 
creased the threshold speed 49% for w = 2.350 & 107%, 
and decreased it 25% for y = 0.568 & 10-3, as seen in 
Fig. 7. Increasing the slenderness ratio also tended to 
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Fic. 8. Effect of slenderness ratio on threshold eccentricity 
ratio for various clearance ratios. 


decrease the eccentricity ratio at which self-excited whirl 
occurred for a given clearance ratio, as shown in Fig. 8. 


EFFECT OF CLEARANCE RATIO ON THE 
THRESHOLD SPEED 


The tests indicated that, for any configuration, there 
may be a clearance ratio which will result in the lowest 
threshold speed. This is evident in Fig. 9; for example, 
with L’ = 3%, the lowest threshold speed occurred for 
wy = 1.066  10-%, larger values occurring for y = 
0.568 & 10-8 and 2.350 & 10~-%. These figures indicate 
that the minimum critical speed is highly sensitive to the 
slenderness ratio. In general, at small clearance ratios, the 
effect of decreasing the slenderness ratio was to lower 





























aa Oo Us 44 " 
e Oo LU: V2 
Ti Orifices Open OO Us 44 
c 
S 150f 
2 
” 
a 
2 100+ 4 
WwW 
ce 
r 
L l if i 
506 05 10 15 20 25 
CLEARANCE RATIO, 10°¥=10 C/r 
200 T T T T 
7) aS 
2 Orifices Closed @ U=3/4 
= ea U=\/2 
c aUu:l4 
o!SOr 4 
Ww 
ld 
a 
” 
S1i00F 4 
re) 
Pa 
7p) 
WwW 
ba 
l | ash l 
~ 5065 05 10 15 20 25 


CLEARANCE RATIO, 10°¥=10° C/T 


Fic. 9. Effect of clearance ratio on threshold speed for various 
slenderness ratios with orifices open and closed for W’ = 0.034 
atm. 
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significantly the clearance ratio for the minimum thresh- 
old speed. The shape of the curve in Fig. 9 for L’ = 34 
is similar to that predicted (4) for L’ = 2. 

If the curves for threshold eccentricity ratio versus 
clearance ratio, shown in Fig. 10, are extrapolated to 
¢ = 0 (dotted lines) we see that there appears to exist 
a clearance ratio below which a threshold eccentricity 
ratio does not exist. It can also be seen that increasing 
the slenderness ratio increases the value of the clearance 
ratio below which no threshold eccentricity ratio can 
exist. If these extrapolations are valid, it appears that 
a combination of a sufficiently small clearance ratio and 
a sufficiently large slenderness ratio would result in a 
complete self-acting journal bearing which would not 
exhibit self-excited whirl. 
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Fic. 10. Effect of clearance ratio on threshold eccentricity 
ratio for various slenderness ratios. 


It was observed that the smaller the clearance ratio, 
the smaller the calculated threshold eccentricity ratio. In 
fact, self-excited whirl could be prevented in bearings 
with very small clearance ratios by light loading, so that 
the threshold eccentricity ratio would never be reached. 

A rotor with clearance ratio y = 0.268 « 10~-* was 
operated in bearings with slenderness ratio 1 and orifices 
open at average loads from 0 to 0.022 atm and at speeds 
up to 900 rps with no detectable self-excited whirl. Under 
no-load conditions, a small synchronous-whirl component 
was present with an eccentricity ratio magnitude of about 
0.01 at 300 rps, increasing to 0.05 at 800 rps. At 900 rps, 
some dirt particles caused a failure and prevented fur- 
ther tests with this rotor and bearing. 


EFFECT OF Rotor MAsSs ON THE THRESHOLD SPEED 


An aluminum rotor with y = 2.350 & 10-% and mass 
equal to 18.5% of the steel rotor with the same clearance 
ratio was tested. The results indicated that, at the same 
unit loads, there was no significant difference between 
the threshold speeds of the aluminum and steel rotors. 


EFFECT OF IMBALANCE 


The tests previously described indicated that large- 
amplitude self-excited whirl cannot exist if the magnitude 
of the eccentricity ratio is kept above a certain critical 
level. It seemed possible that the eccentricity ratio could 
be kept above the threshold value by centrifugal loading 
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due to imbalance. This method was tested by adding 
0.00226 in/Ib, unbalance to the rotor with y = 2.350 
10-3 operating in bearings with L’ = 4. The otherwise 
unloaded rotor exhibited self-excited whirl at speeds 
below 32 rps. At this speed, the eccentricity ratio magni- 
tude (0.8) was approximately that of the average thresh- 
old eccentricity ratio previously determined (0.74). 
There was no large-amplitude self-excited whirl above 32 
rps, although the synchronous component grew with in- 
creasing speed. 

This method of tuning a rotor to prevent self-excited 
whirl is likely to be of greatest value for small clearance 
ratios and low eccentricity ratio thresholds. Only a small 
amount of imbalance would be necessary, and the syn- 
chronous whirl due to the imbalance would be acceptable 
for many situations. 


HysTeErREsIS EFFECT 


Large-amplitude self-excited whirl, once established, 
usually does not subside until the rotational speed is 
decreased to a level below the threshold at which such 
whirl first occurred. This tendency of the whirl to per- 
sist below the threshold is called the hysteresis effect. 
Within the hysteresis region it is possible to jar the 
assembly either into or out of large amplitude self- 
excited whirl. A small self-excited whirl component can 
be recognized at from 1 to 10 rps below the hysteresis 
region. The amplitude of this self-excited eccentricity 
ratio component was observed to be from 0.1 to 1 times 
the synchronous component, which was itself always less 
than 0.1. In this sub-hysteresis region, jolts gave rise to 
large amplitude self-excited whirl, which subsided rapidly. 

Figure 11 illustrates the size of the hysteresis region 
as a function of unit load for a particular rotor-bearing 
combination. In all cases, the speed change necessary for 
the self-excited whirl component to grow a specified 
amount appeared to be the same ‘as that required for it 
to fall the same amount although the speeds were dif- 
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ferent. The extent of the hysteresis region may be due 
predominantly to squeeze film (damping) effects. It ap- 
peared that the extent of the hysteresis region decreased 
and the resistance to jolts increased with decreasing 
clearance ratio. Since the squeeze film effect is roughly 
proportional to the inverse cube of the minimum film 
thickness, the damping increases with decreasing clear- 
ance ratio. The damping resulting from decreased clear- 
ance ratio may explain the results achieved with L’ = 4, 
orifices open and a constant load. Under these condi- 
tions, the rotor with y — 2.350 « 10~* could be jolted 
into large amplitude self-excited whirl at speeds as much 
as 20 rps below the threshold, whereas the rotor with 
y = 0.568 & 10-* could not be jarred into sustained 
self-excited whirl at speeds 3 rps below the threshold. 
External vibrations had no noticeable effect on the 
reproducibility of the threshold speed of the rotor-bearing 
combinations tested, except for the combination L’ = %, 
w = 2.350 & 10~%, which was extremely shock-sensitive. 
A light tap on the test fixture was sufficient to produce 
momentary large-amplitude self-excited whirl at speeds 
as much as 200 rps below the threshold. As a result, the 
reproducibility of data for this rotor-bearing combination 
was poor and threshold speeds obtained for the two rotor 
orientations varied as much as 230 rps from the mean 
with about 0.1 atm average loading. This variation de- 
creased with decreased loading to about 5 rps at 0.034 
atm. The eccentricity ratio at which large-amplitude self- 
excited whirl occurred was as high as 0.9 for an average 
loading of 0.03 atm and decreased to 0.8 at an average 
loading of 0.1 atm. It appears that, as the clearance ratio 
increases and the slenderness ratio decreases, the magni- 
tude of the threshold eccentricity ratio approaches 1. 


WHIRL SHAPE AND GROWTH 


The speed change necessary to cause self-excited com- 
ponents to grow rapidly in amplitude was dependent 
upon both slenderness and clearance ratio. For example, 
rotor-bearing combinations with L’ = 1, %, and %, 
and wy = 2.350 K 10-%, 0.568 & 10-* and 1.066 « 10-3 
showed sudden increases in the self-excited component 
with small changes in rotor speed. The amplitude of the 
self-excited component of the eccentricity ratio for such 
combinations changed from nearly 0 to as high as 0.8 as 
the speed was changed from 1 rps below to 1 rps above 
the threshold speed. The change was much more gradual 
with the rotor-bearing combinations in which L’ = 1%, 
and y = 1.066 X 10~-* and 0.568 & 10~°. In these cases, 
increases in rotor speed of as much as 20 rps were re- 
quired to increase the magnitude of the self-excited ec- 
centricity ratio component from a value less than 0.1 
to a value greater than 0.6. 

The large-amplitude self-excited whirl tended to have 
nearly constant amplitude, as shown in Fig. 12, in which 
the traces represent the paths of the rotor axis in the 
two capacitor probe planes. Self-excited whirl paths were, 
however, far from circular in some cases (see, for ex- 
ample, Figs. 1 and 13) which represent self-excited whirl 
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Fic. 12. Superposition of traces of orbiting rotor paths in each 
of the two symmetrical bearings, with y = 1.066 x 10-3, L’ = 1, 
n = 120 rps, W’ = 0.0221 atm. 





paths for the rotor-bearing combinations having L’ = 4, 
and y = 2.350 & 10% and 1.066 * 10~% respectively. 

In general, the self-excited whirl motion involved both 
cylindrical and conical whirl in which the apex of the 
surface generated by the orbiting rotor axis lay outside 
of the bearings, as can be seen in Fig. 12 or 14. Because 
of the phase relationship between orbiting components, 
we found it particularly useful to use the connections de- 
scribed earlier. 

Figure 14 shows some drawings of traces obtained by 
means of such connections. In this figure, (A) shows the 
trace for cylindrical whirl, (B) for conical whirl, (C) for 
combined cylindrical and conical whirl, and (D) the 
trace for whirl in which the frequency of the conical 
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Fic. 13. Trace of self-excited whirl for wy = 1.066 x 10-3, 
W’ = 0.065, m = 140 rps, L’ = 1/4 (orifices closed). 





mode is exactly two times the frequency of the cylindrical 
mode, but the amplitude of the cylindrical mode is twenty 
times greater than that of the conical mode. Figure 14 
(C) was drawn for a 90 degree phase relation between 
cylindrical and conical modes. The inclination of the 
ellipse would be different with different phase angles. 
When the modes are coupled, the component amplitudes 
are functions of time. A lemniscate, as shown in Fig. 14 
(D) was observed to be steady in time for a limited 
speed range for the combination L’ = 34, y = 2.350 X 
10-3. The corresponding motion of the axis in the bear- 
ings was nearly circular. In general, as the rotor speed 
was increased above the threshold, the cylindrical mode 
predominated. The rotor with clearance ratio 0.530 « 
10—* had strongly coupled cylindrical and conical modes, 
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Fic. 14. Eccentricity ratio components and corresponding oscilloscope traces for purely 
cylindrical, purely conical, and combined cylindrical and conical modes of self-excited whirl. 
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and the orbiting changed periodically from one mode to 
the other. The rotor with clearance ratio 1.066 x 10-* 
had weak coupling and some energy exchange between 
modes could be detected. There was no detectable cou- 
pling for the other configurations. 

The thrust bearing had a considerable influence on 
the magnitude of the conical mode. Increasing the thrust 
pressure with the rotor sitting on the thrust bearing de- 
creased the conical component. On the other hand, the 
conical component was increased with increasing pressure 
when the rotor was hung from the thrust bearing. This 
effect may be explained by the fact that, when the rotor 
was hung from the thrust bearing, it was supported by 
the Bernoulli forces, so that the dynamical connection 
between the rotor and the thrust bearing was equivalent 
to a soft spring. When the rotor was supported on top of 
the thrust bearing, the film thickness between the two 
was much smaller and the stiffness greater, so that the 
wobbling due to the conical orbiting was inhibited. 

It appeared that, for the same rotor mass and bearing 
load, smaller clearance ratios permitted the rotor to 
operate at speeds above the whirl threshold. Although 
in no case was whirl carried to eccentricity ratios ex- 
ceeding 0.95, speeds up to ten times the threshold speed 
could be attained when the unit load was less than 0.01 
atm. The rotors with y = 1.066 & 10-* and 0.568 x 10-* 
could be safely spun at speeds up to two times the thresh- 
old speed for W’ = 0.04. It should be emphasized that 
the large-amplitude self-excited whirl is uniformly asymp- 
totically stable to excitations which are too small to cause 
metal-to-metal contact. Large excitations can, however, 
cause whirl of sufficient amplitude to knock the rotor 
into the bearing. The growth of the self-excited com- 
ponent was explosive when both the unit load and the 
clearance ratio were large. In fact, the rotor with y = 
2.350 * 10~% could not be carried beyond the threshold 
speed for unit loads above 0.04 atm. It seems likely that 
the squeeze film effects, which increase as the clearance 
ratio decreases add appreciably to the range of stable 
operation in the presence of large-amplitude self-excited 
whirl. 

WHIRL FREQUENCY 

In all of the cases investigated, the ratio of the self- 
excited whirl component frequency to the synchronous 
component frequency, x, was between 0.486 and 0.500. 
Decreasing the clearance ratio resulted in larger values 
of this whirl ratio. For example, with y = 2.350 & 10-8, 
the whirl ratio was 0.485 < x < 0.490, while with y — 
1.066 & 10-* and wy = 0.568 & 10-3, the whirl ratio 
was 0.495 < x < ¥. Increasing the rotor speed to four 
times the threshold speed had no noticeable effect on 
the whirl ratio of any of the rotors tested. Furthermore, 
the value of the whirl ratio never exceeded 4. 


Summary and conclusions 


Several useful conclusions may be drawn from the 
experimental results reported here; they are, however, 
strictly applicable only to the symmetrical rotor-bearing 


assemblies investigated. It is well known that whirl in 
self-acting gas-lubricated journal bearings can be syn- 
chronous or self-excited, and can involve cylindrical or 
conical modes. This investigation demonstrated that both 
types of whirl, and both modes, can be present simul- 
taneously. It is important to note that both synchronous 
and self-excited whirl are uniformly asymptotically 
stable to excitations which are not large enough to cause 
initial metal-to-metal contact. At speeds above the whirl 
threshold, large eccentricity ratios are required for stable 
operation; below the threshold speed, the stable region 
for well-balanced rotors extends to small eccentricity 
ratios. 

The threshold speed beyond which large-amplitude 
self-excited whirl occurs is a function of eccentricity ratio, 
clearance ratio, slenderness ratio, bearing length or diam- 
eter, mass, moments of inertia, ambient pressure, vis- 
cosity, and other geometrical and system effects. This 
investigation centered upon the effects of slenderness 
ratio and clearance ratio on the threshold speed and upon 
the character of the whirl. Eccentricity ratio effects were 
observed and two rotors with the same clearance ratio, 
but different mass, were compared. 

Three particularly important observations concern 
methods of avoiding large-amplitude self-excited whirl. 
In the first two methods, eccentricity ratios greater than 
the threshold amplitude are provided by drilling holes in 
the bearing midplane to permit breathing to or from the 
atmosphere, and by unbalancing the rotor so that centri- 
fugal force keeps the eccentricity ratio above the thresh- 
old value. Thirdly, sufficiently small clearance ratios 
coupled with sufficiently large slenderness ratios appeared 
to prevent large-amplitude self-excited whirl. 

The experiments reported here confirm some previously 
published observations: (a) There appeared to be a 
clearance ratio, for given unit load and slenderness ratio, 
which gives a minimum m (3, 4). (b) The threshold 
speed varied almost linearly with unit load for each rotor- 
bearing combination. Since the film was in the near in- 
compressible region, this corresponded to a nearly con- 
stant threshold eccentricity ratio (3). (c) The threshold 
eccentricity ratio increased with increasing clearance 
ratio (3). (d) Orifices, open to the atmosphere, influenced 
mn, (3). (e) The growth in amplitude of the self-excited 
whirl component was greater with increasing speed when 
yw and W’ were large (3). (f) A hysteresis zone existed 
(3). (g) The whirl ratio was nearly % (0.485 <x < 4) 
(5). (h) In general, whirl was composed of both syn- 
chronous and self-excited components, each with cylin- 
drical and conical modes separated by phase angles (5). 

The experiments contradicted some previously pub- 
lished results: (a) The absence of large amplitude self- 
excited whirl under no-load conditions depended upon L’ 
and w; previous results predicted large-amplitude self- 
excited whirl at all speeds under no-load conditions (3). 
(b) When W’ was constant, m, depended upon both yw 
and L’. It did not always decrease with increasing L’, as 
previously reported (3). (c) The threshold eccentricity 
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ratio corresponding to the clearance ratio for minimum 
threshold speed was not necessarily the smallest threshold 
eccentricity ratio, as previously reported (4). 

The experiments revealed some hitherto unreported 
results: (a) Large-amplitude self-excited whirl could be 
prevented by (i) unbalancing the rotor, (ii) decreasing 
the clearance ratio, or (iii) operating with a series of 
atmosphere vent holes in the bearings. (b) Self-excited 
whirl existed in which the whirl path did not enclose the 
bearing axis. (c) The speed could safely be taken up to 
ten times the threshold speed for low load conditions and 
appropriate L’ and w. (d) The modes of whirl could be 
coupled or uncoupled. (e) It appeared that the threshold 
eccentricity ratio could be anywhere between O and 1 
depending on y and L’. (f) The clearance ratio at which 
nm, was a minimum was especially sensitive to L’. 


There are several possible explanations for the fact that 
no self-excited whirl occurred in certain configurations. 
It may have been because the increase in the threshold 
speed for rotors with small clearance ratios was greater 
than the speed to which the rotors could be driven. Alter- 
natively, the critical eccentricity ratio may have been 
small enough that the small imbalance caused syn- 
chronous whirl of larger amplitude. Finally, it is possible 
that no self-excited whirl will exist for appropriate com- 
binations of mass, moment of inertia, clearance ratio 
and slenderness ratio. 


The observed increase of the threshold speed with 
small but decreasing clearance ratio and increasing 
slenderness ratio justifies the supposition that operation 
with a predominantly compressible film is less likely to 
result in self-excited whirl than operation with a film 
which is predominantly incompressible. The small clear- 
ance ratio results in large bearing numbers. Further, the 
edges of a self-acting gas bearing behave more nearly 
like an incompressible film, while the interior behaves 
more nearly like a compressible film. Thus the compres- 
sibility effects are comparatively larger in bearings with 
large slenderness ratios. 

The damping due to squeeze film effects is particularly 
important in determining the character of whirl. Un- 
fortunately, squeeze film effects are, in general, highly 
nonlinear. In fact, the gas squeeze film has both damping 
and spring characteristics, the latter dominating as the 
relative normal speed increases (8). 
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Appendix 
Rotor DyNAMICcs 


The equations of motion obtained by lumped-para- 
meter analysis of the translational motion of a perfectly 
balanced journal in a bearing with an incompressible film 
are 


me — mea? + ke + 2Fe = 0, [2] 
mea + 2mea — F(w — 2a) = 0, [3] 
where dots mean differentiation with respect to time; m 


is the rotor mass; a is the orbiting velocity; F = F(L’, 
y, A) is a fluid film force; and & is the film stiffness due, 
for example, to external pressurization. When self-excited 


whirl occurs. with a = w/2 at constant eccentricity, and 


there is no external pressurization, it follows that a — 0. 
A similar analysis for angular motion is possible. These 
results predict a self-excited whirl threshold at zero speed 
for unloaded journals. Since, at very low speeds, gas 
lubricating films are effectively incompressible, this anal- 
ysis is applicable to such gas films. 

Greater precision in establishing the film forces requires 
solution of the Reynolds equation for the unsteady gas 
film, which, in normalized form, may be written, 


(we) +5 (wre) 
—\| H°p — )+ — | HP 
op op oY oY 


= A {((2a — 1) sin 8 + ©’ cos 5|P 


oP P 
+ (1+ € cos 8) xt ¢=)) [4] 
or ofp 





In [4], 6 is the angular variable with respect to a fixed 
reference on the bearing; Y = y/r is the axial coordinate: 
H = h/c = 1 + € cos 4, the film thickness; P = p/p,, 
the pressure in atmospheres; T = wt, the time. The prime 
denotes differentiation with respect to T, and A = 6nw 
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r°/(c*p,) is the bearing number. If the film is incom- 


pressible, and a = w/2, and e = 0 as before, the right- 
hand side of [4] vanishes; and, in the absence of sources 
within the film, no pressure is generated. This is in agree- 
ment with the previous lumped parameter analysis. 

The coupling between cylindrical and conical modes for 
small motions can be approximated by permitting only 
two degrees of freedom of the rotor. The rotor is assumed 
to be supported by two springs representing the film 
stiffness of the two bearings. Let the stiffnesses be k; 
and ke, and their distances /; and J. from a middle plane 
of the rotor. 


The equations of motion are: 
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my + ki (y—h0) +ho(ytlh6)=0, [5] 
16 —l, ki (y—l, 0) + ke (y—b 6) = 0, [6] 


where y is the translation of the center of gravity of the 
rotor with mass m and moment of inertia /, and @ is the 
angle between the rotor and bearing axes. It is evident 
that, for a symmetrical system where /; = /2, ki = ho, 
the equations are uncoupled and thus the cylindrical 
and conical modes are uncoupled. This was essentially 
the case for most of the experiments described in this 
paper. Imbalance out of the plane of symmetry results 
in coupling. The magnitude of imbalance determines the 
magnitude of the cylindrical and conical modes. 
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An Analysis of the Effect of Lubricant Supply Rate on 
the Performance of the 360° Journal Bearing 


By H. J. CONNORS! 


A theoretical study was made to determine the influence of lubricant supply rate on the performance 
of the 360° journal bearing for L/D = 1. The results are presented in chart form to facilitate 


their application to analysis and design. 


Nomenclature 


The following nomenclature was used in this paper. 
Some of the terms are illustrated diagrammatically in 
Fig. 1. 


W = load, lb 
N = speed, rps 
R = journal radius, in. 
D = journal diameter, in. 
L = axial length of bearing, in. 
P = load per unit projected bearing area = W/2RL, 
psi 
\t = viscosity in reyns, lb sec/in.* 
h, = minimum film thickness, in. 
hy = film thickness at position at which film cavi- 
tates, in. 
C = radial clearance, in. 
é = journal displacement or eccentricity, in. 
¢ = e/C = eccentricity ratio, dimensionless 
F = friction force on journal, lb 
f—F/W = coefficient of friction, dimensionless 
U = journal peripheral speed, in./sec 
Q; = flow of lubricant into bearing from external 
source, in.*/sec 
Q = flow of lubricant drawn into load carrying film 
by journal, in.*/sec 
Q, = flow of lubricant out both sides of bearing due 
to hydrodynamic pressure in load carrying film, 
in.?/sec 
Q, = flow of lubricant out both sides of bearing due 
to supply pressure in unloaded film arc, in*/sec 
Qo = flow of lubricant carried over from active arc, 
in.*/sec 
6’ = angular length of active film arc, deg. 
6 = angular length of bearing arc 
a = leading angle, extending from beginning of 
active film arc to the line of action of load, 
deg. 
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¢ = position of min. film thickness, deg. 
6 = angular coordinate, measured in direction of 
rotation, deg. 
6, = angle from line of centers to start of film, meas- 
ured in direction of rotation, deg. 
§»9 = position at which film cavitates, deg. 
p = film pressure, psig 
S = (R/C)*uN/P = bearing characteristics num- 
ber, or Sommerfeld number, dimensionless 
t; = lubricant inlet temperature, °F 
t, = average lubricant temperature within bearing, 
°F 
At, = temperature rise — t, — t;, F°, assuming that 
all the heat generated is effective in raising 
temperature of lubricant 
t,’ = average lubricant temperature within bearing 
At,’ = temperature rise — ¢,’ — t;, F°, assuming that 
heat may be dissipated by conduction as well 
as by hydrodynamic side flow 
c = specific heat of lubricant, BTU/lb °F 
y = weight per unit volume of lubricant, Ib/in.* 
J = mechanical equivalent of heat — 9336 in.- 
lb/BTU 
H = power consumed in friction, hp 
H = power loss dissipated by conduction to bearing 
and shaft, hp 
H, = power loss dissipated convectively by side flow 
from bearing, hp 
i = ratio, Hx /H, dimensionless 


Introduction 


For reasons of mathematical simplicity, almost all of 
the analytical solutions that have appeared in the 
journal bearing literature are based upon assumptions 
which imply that for a given set of operating conditions, 
the lubricant must be fed to the bearing at a specific rate. 
This rate will be referred to as the classical lubricant 
supply rate in the present paper. 

In practice, however, bearings seldom receive lubricant 
at the classical rate, and generally must operate with a 
supply rate either less than or greater than the classical. 

Applications in which the lubricant supply rate may be 
less than classical include those in which wick lubricated 
or ring-oiled bearings are used. Such applications are of 
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particular importance, since a reduced lubricant supply 
generally results in smaller active film arcs, smaller 
minimum film thicknesses, higher peak film pressures and 
higher film temperatures than those encountered with 
the classical lubricant supply. Although a reduced lubri- 
cant supply is in general detrimental with respect to load 
capacity and temperature rise, the lower power loss that 
results may be a definite advantage in some instances. 

Since the rate at which lubricant is supplied can have 
a marked influence on bearing performance, an analytical 
study for obtaining data not included in previous in- 
vestigations was carried out to permit evaluation of that 
influence. 

It was found that by using analytical solutions obtained 
for partial journal bearings, and by analyzing lubricant 
flow conditions, the performance of the 360° journal 
bearing could be determined for various lubricant supply 
rates. The necessary partial bearing solutions were 
obtained by solving he basic lubrication equations 
numerically on a digital computer using the same pro- 
gram and techniques employed by Raimondi and Boyd 
(1). 

The results of the study are presented in charts which 
permit the determination of the film thickness, friction, 
temperature rise of the film, etc. for the 360° journal 
bearing having L/D = 1. 


Assumptions 


Many of the assumptions upon which the present solu- 
tion is based are the same as those in general use (con- 
stant viscosity, etc.) and need not be repeated here. 
There are several important areas, however, in which the 
present analysis differs from previous studies. 


BoUNDARY CONDITIONS 


The classical boundary conditions for the 360° 
journal bearing as used by Cameron and Wood (2), 
Raimondi and Boyd (1) and others (3) are illustrated in 
Fig. 1. It is assumed that the load carrying film begins” 
with p = 0 at 6 = 64 = O and ends with p = 0p/00 = 0 
at some angle 6,9 measured from the load line. In order 
to maintain the above film extent, a specific lubricant 
supply rate is required which will be referred to in this 
paper as the classical rate. For a given load, speed and 
lubricant viscosity, the classical rate is the maximum 





2 It has been suggested (4) that for certain methods of lubricant 
supply, the boundary conditions at the point where the film 
begins might also include conditions on the pressure derivatives as 
well as setting  — O. However, such a procedure greatly com- 
plicates the problem. It is felt that since the pressure gradients 
and pressures are relatively small in the vicinity where the film 
begins, any small error in the pressure distribution at that point 
due to the choice of boundary conditions would result in a much 
smaller relative error at distance points where the pressures are 
large. Since the main contribution to the resultant load comes 
from the high pressure region, the effect of an error in the 
distribution in the low pressure region near the boundary should 
be small. 
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Fic. 1. 360° Bearing operating with classical lubricant supply 











which can be carried into the load supporting film by 
shaft rotation. In practice, the actual rate at which 
lubricant is made available to a bearing may in general 
be less than or greater than the classical rate. If it is less 
than classical, the load carrying film must shrink circum- 
ferentially, as shown in Fig. 2. For the present analysis, 
therefore, the boundary conditions are that the film 
begins with p = 0 at 64, where x > 64 > O and end with 
p = 0p/06 = 0 at some angle 6,9, where 0,0 decreases 
as the flow rate decreases. For the condition 6, > 0 the 
bearing will be said to be supplied with lubricant at a 
reduced rate. 

Since the classical rate is the maximum which can be 
carried into the load supporting film by shaft rotation, if 
lubricant is made available at a greater rate, the excess 
flow, Q,, is assumed to leave as side flow from the un- 
loaded region of the bearing as shown in Fig. 3. In this 
condition the bearing will be said to be flooded. In the 
flooded condition it is assumed that any pressure existing 
in the unloaded region necessary to expel the excess 
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Fic. 2. 360° Bearing operating with reduced lubricant supply 


lubricant from the bearing is small compared to the unit 
loading P and does not influence bearing performance 
directly. 

FLow IN CAVITATED REGIONS 


Beyond 6,0 in the direction of motion, the circumferen- 
tial flow, Qo, remains constant and is determined by 


QO =20—Qs [1] 


where Q is the rate at which lubricant enters the load 
carrying film at 64 and Q, is the hydrodynamic side flow 
that occurs over the load carrying film. The flow Qo will 
be referred to as the carryover flow. Since Qo is constant 
beyond 6,9 and the bearing and journal are diverging, 
continuity requires that the film cavitate and break down 
into a number of filaments, as shown schematically in the 
developed view of Fig. 1, having a net cross sectional area 
such that the rate of lubricant flow is maintained con- 
stant. The space between filaments contains a mixture 
of oil vapor, air and oil droplets. Although the oil flow 
in the cavitated region does not directly influence the 
load carrying capacity, it does add to the frictional drag 
of the bearing and may also influence the operating tem- 
peratures. In the present paper the friction in the cavi- 
tated region is calculated by taking into account that 
the region is not completely filled with oil. This method 
gives somewhat lower friction values than those obtained 
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Fic. 3. 360° Bearing operating in flooded condition 


by Cameron and Wood (2) and Raimondi and Boyd (1) 
who considered the cavitated region to be full of lubri- 
cant. 


INFLUENCE OF CARRYOVER FLOW ON LUBRICANT 
REQUIREMENTS 


In order to maintain a given film extent and configura- 
tion, a certain flow rate Q is required at the start of the 
active arc. This flow can be obtained in two ways: 


1. If one assumes that the carryover flow Qy is in some 
way removed from the bearing, then a lubricant 
flow Q; from an external source must be supplied 
in an amount Q; = Q. 

2. If the carryover flow is permitted to recirculate, 
then the only lubricant required from an external 
source is that needed to make up for the side flow, 
i.e., QO; = Qs. If recirculation occurs and if Q; > Qs 
then flooded operation results. 


In the present analysis the carryover flow is assumed 
to be available for recirculation. It is also assumed that 
the make up lubricant does not contribute to bearing 
friction. This is equivalent to assuming that the make up 
lubricant is added at the point where the load carrying 
film begins. 
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INFLUENCE OF CARRYOVER FLOW ON BEARING OPERATION 
TEMPERATURE 


If it is assumed that all of the heat generated by 
friction is effective in raising the temperature of the 
lubricant as it flows through the bearing, and if there is 
complete mixing of Q;, the lubricant supplied from an 
external source and Qo the heated carryover flow, it may 
be shown (see Appendix C) that the temperature rise can 
be expressed 


Qo [ R\) 
Ives) 1443— axj(—) 














Qi C 
= [2] 
P Q 
Q | RNCL | 


where ¢, is the average film temperature and ¢; is the 
temperature at which lubricant is added from an external 
source. The influence of Q; on film temperature is now ap- 
parent. Equation [2] differs from the relationships 
usually employed. Raimondi and Boyd (1), for example, 
assume that none of the carryover flow, Qo, re-enters the 
active arc, and their result can be obtained by setting 
Qo = 0 in Eq. [2]. This procedure yields the coolest 
possible running temperature for a given operating con- 
dition. However, the same running temperature is ap- 
proached for Q; >> Qo in Eq. [2]. It is felt that the as- 
sumption Q» = 0 is realistic only for flooded conditions. 
Another approach often considered is to assume that 


R 
Jyc(ts — to) f at 
Cc 


= 3 
P Vi o 
RNCL 
Equation [2] reduces to Eq. [3] for Q; = Q, and Eq. 
[3] is correct for the classical and reduced flow cases. 
However, for Q; > Q,, the flooded situation, Eq. [3] 
predicts that ¢, — ¢; approaches zero as Q; becomes very 
large which is not realistic. 

It is felt that Eq. [2] provides a more general relation- 
ship applicable for both the reduced flow and flooded 
conditions. 

Although the above discussion assumes that no heat is 
dissipated from the bearing via conduction to the shaft or 
bearing housing, the influence of conduction can be in- 
corporated in a general manner as is discussed later. 

It should be noted here that, in common with most 
bearing analyses (1), it is assumed that the viscosity 
remains constant as the lubricant passes through the load 
area. The fact that the viscosity actually varies with 
temperature is minimized by taking the viscosity to be 
constant at the value corresponding to the mean tempera- 
ture in the bearing. 





Method of using charts for solving problems 


In this section the use of performance charts for ob- 
taining solutions for the 360° bearing will be illustrated. 


The charts show various performance variables as func- 
tions of the familiar bearing characteristic or Sommerfeld 
No. S where S = (R/C)?(uN/P) and an input flow 
variable which will be defined as Q;/RNCL. The manner 
in which these quantities are presented and used will be 
illustrated by sample problems. 


DETERMINATION OF PERFORMANCE WHEN 
Viscosity 1s GIVEN 


Minimum Film Thickness. Chart 1 shows the minimum 
film thickness variable 4,/C as a function of bearing 
characteristic number and input flow variable. Two 
operating regions may be noted on the chart. Above the 
dotted line, along which the input flow variable is such 
that classical conditions exist, the bearing operates in the 
flooded region. In the region below the dotted line the 
input variable is reduced and the bearing operates with 
lubricant flow at less than the classical or at a reduced 
rate. Similar regions appear on each of the charts. 

As an illustration of the use of Chart 1 (as well as 
the other charts), consider the following problem. 

Problem 1: Calculate the minimum film thickness for 
a 360° journal bearing assuming the following variables 
are given. 


Given: W = 1600 lb 
N = 30 rps 
R= 2 in. 
| ee 
C = 0002 in. 


w= 1 X 10-* reyns 
Q; = 0.298 in.*/sec 


Solution: The bearing pressure per unit projected area 
may be calculated 


W 1600 








P=—— = ——— _ = 100 psi 
ne o» «| 
hence 
R\7? uN 2 . 
2=(S)=(12) 
C P 2x 16-5 
ix Ww? x 
= 0.30 
100 
The input flow variable may also be calculated, 
Vi 0.298 
= = 69.62 
RNCL 2X30X2xX10-*x4 
. ' Oi 
Entering Chart 1 with S = 0.30 and ———— — 0.62 
RNCL 
gives 


af = O56 
from which the minimum film thickness is found to be 
hk, = 0.50 K 2 XK 10-* = 0.0010 in. 


It is seen that the combination of input flow and S 











H. J. ConNors 


t+ 4+ 


+ t+44++ 


+44 


CHART | 1 


1 ' ' 
+ +o ,O+ 5+.9-+.' Ot+++40 
Obo%0 -0°-0° oF 041 Lot 


+ 


+44 


+H 


+44 


L/ =! 


| 
+ 


+ 


++ 


44 
++ 
+4 
++ 


CLASSICAL INPUT 


at 


( dimensionless ) 


Q 
* RCNL 


INPUT FLOW VARIABLE 


° Ol .02 -04 06 08 .10 


BEARING CHARACTERISTIC 


Cuart 1. For determining minimum film thickness variable, 


acteristic number and input flow variable. 





& 


4 6 eS © 2.0 4.0 60 80 IC 


2 
NO., S= (8) f=] (dimensionless) 


c P 


h,,/C, for the 360° journal bearing as a function of bearing char- 











CNL ( dimensionless ) 


Q 


INPUT FLOW VARIABLE, R 


Effect of Lubricant Supply Rate 


CHART 2 
Lf =| 


CLASSICAL INPUT FLOW 





06 .08 .10 2 4 6 8 10 


2 
BEARING CHARACTERISTIC NO. S= (£2) 4X (dimensioniess) 


For determining coefficient of friction variable, f( R/C), for the 360° journal bearing as a function of bearing char- 


number and input flow variable. 








410 


H. J. ConNors 


1 CHART 3 
L/ =] 


CLASSICAL INPUT FLOW 


+ 


( dimensionless ) 


Qj 
NL 


INPUT F RI 
NPU LOW VARIABLE, Re 





C) 01 02 04 06 08 .10 2 4 & #2 10 2.0 40 60 80 10 
\2 
BEARING CHARACTERISTIC NO., S = () EN (dimensionless) 
Cuart 3. For determining temperature rise variable, Jy,At,/P, for the 360° journal bearing as a function of bearing char- 
acteristic number and input flow variable. 
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number are such that the bearing is operating with the 
lubricant being supplied at a reduced rate. If for the 
same S number, Q; had been given as say 1.2, then 
Qi/RNCL would equal 2.5 and operation would be in 
flooded region giving 4,/C — 0.64 and #, = 0.00128 in. 

Coefficient of Friction. The coefficient of friction can be 
calculated from the coefficient of friction variable ob- 
tained from Chart 2 using values for problem 1 


(f)=s 


‘xm 
= 0.0055 


hence 
ig 
f=55X%—=5.5X 
R 


Power Loss. The power which must be supplied to the 
shaft to overcome the viscous friction can be calculated 
from the following equation 


H = 9.52 K 10-* X WRNJf 
Using the data for problem 1 


H = 9.52 X 10-4 X 1600 XK 2 X 30 
x 5.5 X 10-% = 0.503 hp 


Temperature Rise. If it is assumed that all of the heat 
generated by friction is effective in raising the tempera- 
ture of the lubricant as it flows through the bearing, and 
if complete carryover of lubricant occurs, the difference, 
At,, between the mean side flow temperature, ¢,, and the 
lubricant inlet temperature, ¢;, may be calculated from 
the temperature rise variable given in Chart 3. For the 
data of problem 1° 


JycAt, 
= 116 





P 
At, = 110 x (=) = 110 
Jyc 
102 


9336 & 0.030 « 0.40 


== 98.2F° 





Position of Minimum Film Thickness. Chart 4 shows 
the position of minimum film thickness ¢ as measured 
from the load line as a function of bearing characteristic 
number and input flow variable. 

Again entering Chart 4 with S = 0.30 and Q;/RNCL 
— 0.62, ¢ = 35° 

Film Extent. The angular extent of the load carrying 
film, B’, may be determined by finding 6,9 and a from 
Charts 5 and 6, respectively, where a is the angle measure 
from the load line to the position where the active film arc 
begins and 6,0 is angle measured from the load line to 
the position where the active film arc ends or cavitation 
occurs. For the data of the problem 





3 Using y = 0.03, c = 0.40 and J = 9336 in-lb/BTU. 
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Cuart 4. For determining ¢, the position of minimum film 
thickness, for the 360° journal bearing as a function of bearing 
characteristic number and input flow variable. 


650 = 57° and a = 53° 
hence 
B’ = O60 + a = 57° + 53° = 110° 


OBTAINING SOLUTIONS WHEN LUBRICANT AND INLET 
TEMPERATURE ARE SPECIFIED 


Depending on the way in which the data concerning 
the lubricant is stated, two types of problems are possible. 
In one the viscosity is given, while in the other, the 
lubricant and its inlet temperature are given. The former, 
typified by problem 1, is the simpler and is useful for 
study and instructional purposes. The latter is the case 
more usually encountered in practice. Solving this class 
of problems involves finding the point at which film tem- 
perature, as determined from viscous power losses, coin- 
cides with the viscosity-temperature properties of the 
given lubricant. This can be accomplished graphically 
with the aid of a viscosity temperature chart of the type 
shown in Fig. 4. 


In general, the heat generated by viscous shear in a 
bearing is dissipated by two means: (1) Heat is removed 
convectively by the side flow. (2) Heat is conducted out 
via the bearing and shaft and eventually convected and 
radiated from the bearing housing. 


Depending on the operating conditions, the input flow 
rates and the geometric and environmental particulars of 
the application, one or the other of the means of dissipat- 
ing the heat may be of more importance. The case will 
first be treated in which all the heat generated is assumed 
to go into raising the temperature of the lubricant and 
heat conduction is assumed to be negligible. Experimental 
evidence indicates that this situation is approached at 
the higher input flow rates. 
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Cuart 5. For determining the angle of film termination, 659 
for the 360° journal bearing as a function of bearing characteristic 
number and input flow variable. 
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Cuart 6. For determining the angle of film initiation, a, for 
the 360° journal bearing as a function of bearing characteristic 
number and input flow variable. 


CASE (1) Method of Solution Assuming No Heat Dis- 
sipation by Conduction 

When the lubricant and its inlet temperature are 
specified, the solution may be obtained as illustrated in 
problem 2. 

Problem 2: Calculate the minimum film thickness and 
other performance variables for a 360° journal bearing 
given the following: 


W = 1600 lbs 
N = 30\tps 
== 2 mh: 
y= Aan. 

C = 0,005 in. 


Lubricant = SAE 10 oil 
Inlet temp. ¢; = 100 F 
QO; = 0.94 in.?/sec 


Solution: The mean temperature to be used in calculat- 
ing the viscosity is ¢,, where 

t. — t; + At, [4] 

Since ¢, is not known at the outset, a trial viscosity must 

be assumed. To begin the calculation assume a convenient 


value, say, u = 1.5 X 10~® reyns. The S number may be 
calculated 


be ( 2 ) 
S§S= — — —_—_——_——_——_ 
Cc P sx 


1.5 X 10-® « 30 
100 








=O0072 





The input flow variable may be calculated 
oF 0.94 


= == 0.783 
RNCL 2x 30x 5x 10-* xk 4 





Going to Chart 4 with S and Qi/RNCL gives 
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From which* 
= BAe 


The average film temperature is then found from Eq. 
[4] to be 


t, = 100 + 26.8 = 126.8 F 


Plotting the assumed viscosity (1.5 & 10~® reyns) 
as the ordinate 4 and the average film temperature 
(126.8 F) as the abscissa ¢ in Fig. 4 gives point A. Since 
the point falls below rather than on the line for SAE 10, 
it can be seen that the assumed viscosity was too low. 
Repeating the calculation with 1 = 3.0 K 10~® reyns 
gives the point B (u = 3.0 * 10~® reyns, ¢, = 100 
+ 42.5 = 142.5). The intercept between a line® con- 
necting A and B and the line for SAE 10 oil determines 
the operating viscosity 1 = 2.4 & 10~® reyns and the 
operating temperature ¢, — 135.8 F which satisfy the 
conditions of the problem. 

Using 4 = 2.4 & 10~-® reyns for the viscosity gives 
S = 0.115. The minimum film thickness variable can 
then be obtained from Chart 1 to be 4,/C = 0.32 from 
which 

h, = 0.00160 


Proceeding as in problem 1 the following results are 
obtained: 


@ = 32” 
f = 0.0062 
H = 0.568 hp 


For the input flow specified, operation happened to fall 
in the reduced lubricant supply region. Calculations in 
the flooded region are done in exactly the same manner. 


CASE (2) Method of Solution Assuming Heat Dissipated 
by Both Conduction to Bearing and Shaft and 
by Convection to Side Flow 


As noted previously, a portion of the heat generated in 
a journal bearing may be dissipated by conduction 
through the bearing and journal. The ratio of the heat 
conducted, Hx, to the total heat generated, H, will be 
defined as 





A= 
H 


Defining ¢,’ as the side flow temperature prevailing when 
conduction occurs and letting At,’ equal ¢,’ — ¢;, it may 
be written (see Appendix) 


At,’ = (1 —A)At, [5] 


where At,, the temperature rise for zero conduction, may 
be obtained from Chart 3. If one assumes or in some way 
obtains a value for 4, the operating temperature ¢,’ may 
be determined with the aid of Eq. [5] by assuming 





4 Using y = 0.03 and e = 0.40, J = 9336 in-lb/BTU. 
5 A straight line is sufficiently accurate if the points are close 
together. 


various values of viscosity and using the trial and error 
method employed in problem 2. 

For the operating conditions of problem 2, and an 
assumed value of A equal 0.25, the performance character- 
istics are found to be 


t’ = 129:5F 
hy, = 0.00173 in. 
$ = 33° 
f = 0.0069 
H = 0.625 hp 


Discussion 


While a theoretical analysis, such as that given in the 
present paper is helpful in predicting performance char- 
acteristics for a given set of operating conditions, its 
greatest value is felt to be that it permits one to examine 
the effect of changing the various parameters. For ex- 
ample, assume one wished to determine how changing 
the input flow rate would influence the performance of 
the bearing in problem 2. Proceeding as before, but 
for different input flow rates, Q;, gives the results plotted 
in Fig. 5. As may be noted, the film thickness and power 
loss increase with increasing flow while the mean bearing 
temperature rise decreases. It may also be seen that in- 
creasing the lubricant supply rate has the greatest effect 
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in the reduced flow region while increasing the lubricant 
supply rate above the classical amount has a relatively 
smaller influence. For lubricant flows equal to or greater 
than the classical rate, the horizontal dotted line repre- 
sents the limiting value that would exist if the effect of 
the hot carryover flow was completely neutralized. This 
condition is approached as Q; becomes very large, or 
when the hot carryover, Qo, is in some way prevented 
from recirculating through the bearing. Other problems 
of a similar nature can be worked. 
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Appendix: performance of the 360° bearing 
for various lubricant supply rates 

On the assumption that a 360° bearing supplied with 
lubricant at less than the classical rate performs es- 
sentially as a partial bearing, partial bearing solutions 





6 Lee (5) and Wilcock (6) consider the use of partial bearing 
solutions for determining the influence of lubricant supply rate. 
However, they use solutions for centrally loaded partial bearings 
for which the boundary condition 0/06 = 0 at 950 is satisfied 
only at relatively low S numbers. 


were used to derive the performance of a 360° bearing 
for various lubricant supply rates. It was necessary, how- 
ever, to select only those partial bearing solutions that 
would satisfy the boundary conditions at the points where 
the load carrying film begins and ends,® namely: 


(a) p=—Oat64,n>64>0 
op 

(b) p=—=0 at Ono 
06 


The partial bearing solutions were used to treat the 
load carrying portion of the bearing arc and a companion 
analysis of flow and frictional conditions in the cavitated 
region was made to complete the description of operation 
for the remaining portion of the arc. 


Use oF PARTIAL BEARING SOLUTIONS 


Consider the general case of a partial bearing with 
bearing arc 6 as shown in Fig. 6a. In computing the per- 
formance of such a bearing, all the operating character- 
istics become fixed once values are chosen for the ec- 
centricity ratio, ¢, and 64, the angle between the line of 
centers and the leading edge of the bearing. For each 
assumed value of ¢, the extent of the film from the lead- 
ing edge to 0,0, the point where the film cavitates, varies 
with the value assumed for 64. The angle, a, between the 
leading edge and the load line also varies with 64. For 
each ¢ there is some value 6, = 6,4 for which the film 
cavitates exactly at the trailing edge of the bearing as 
shown in Fig. 6b. With this value of 64 there is associated 
a particular angle a. It should be noted that the bearing 
is not necessarily centrally loaded’ under these conditions. 
For each ¢ and its associated 64, there will be a particular 
lubricant flow, Q, required at the leading edge to main- 
tain the film configuration. 

If the same conditions which give the running configu- 
ration shown in Fig. 6b are now applied to a journal 
running in a 360° bearing (see Fig. 6c), and if in addi- 
tion the same amount of flow Q is supplied, it will be 
assumed that this “360°” bearing will operate exactly the 


same in the load carrying region as the partial bearing of 
Fig. 6b. 





7 «/B = .500 for a centrally loaded bearing. 





(0) (b) 


(c) 


Fic. 6. Application of partial bearing operation to the analysis of the 360° bearing with reduced lubricant supply 
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Computer solutions were obtained for partial bearing 
arcs, B, of 30, 45, 60, 90, 120, and 160 degrees and also 
for the 360° bearing with classical lubricant supply.* 
For each bearing arc, computations were made for ec- 
centricity ratios, ¢, of 0.1, 0.2, 0.4, 0.6, 0.8, 0.9, 0.97. 

For each ¢ and £, 64 was determined by computing the 
performance parameters for a series of 6,4’s_ that 
bracketed® 64. Table 1 shows several of the performance 
variables for a typical set of computer data for B = 90°. 
The required angle 64 was determined from the computer 
data in the following manner: For each 6,4, the dimen- 
sionless carryover flow, Qo/RNCL, was calculated by 


Eq. [la] 
Qo Q QO, 
= —- [1a] 
RNCL RNCL RNCL 
where 0/RNCL and Q,/RNCL are known once ¢, {, and 
6, are fixed. 








8 The assumptions used and details of computation are well 
described in reference (7) and will not be repeated here. 

® For values of 6, > 0. cavitation occurs within the bearing 
arc B, hence 6 > f’ where f’ is the angular extent of the active or 
load carrying arc. For values of 6, < te 6B’ = B and p = 0 at 
the trailing edge, however, the boundary condition 0p/00 = 0 is 
no longer satisfied. 


























TABLE 1 
Performance Characteristics for 90 Degree Partial Bearing, 
Lip = 2 
i] 

€ e, n/c a/B s a wi 
0.1 90 -900 -472 4.27 3-01 -130 
0.1 100 -900 -453 5.07 2.97 +106 
0.1 110 -900 -422 6.72 2.93 -078 
0.1 120 -900 -369 10.3 2.90 -052 
0.2 90 -800 -485 1.76 2.87 -256 
0.2 100 -800 -463 2.38 2.97 -208 
0.2 110 -800 -428 2.64 2.72 -152 
0.2 120 -800 -373 3.96 2.66 -102 
0.4 90 -600 517 567 2.54 -493 
0.4 100 -600 -613 2.39 395 
0.4 110 -600 ohhs 753 2.26 - 288 
0.4 120 -600 382 1.07 2.16 -192 
0.6 90 -400 -563 -211 2.15 -702 
0.6 100 -4oo -527 -211 1.94 -552 
0.6 110 -4oo -469 ohh 1.76 -399 
0.6 120 -400 -397 322 1.62 266 
0.8 90 +200 -640 - 0644 1.66 -870 
0.8 100 +200 -592 -0576 1.39 -667 
0.8 110 200 -512 -0629 1.19 «471 
0.8 120 +200 -428 -O741 1.03 314 
0.9 90 -100 -T12 +0249 1.37 -9ho 
0.9 100 -100 -653 -0210 1.08 +700 
0.9 110 -100 -557 .0222 -867 -488 
0.9 120 -100 464 -02h2 -696 +320 
0.97 90 +030 -815 -00599 1.14 -980 
0.97 100 +030 -735 + 00495 854 -712 
0.97 110 -030 -630 -00502 -623 -490 
0.97 120 +030 +525 -00516 -4ko 316 





























Since 0p/00 = O at 6, + 6 for the desired solution, 
the velocity profile must be linear at the trailing edge. The 
carryover flow for a linear velocity profile at the trailing 
edge may be written 

U ho Pa 
Qo = —— [2a] 


Expressed in dimensionless form, Eq. [2a] becomes 


Oo hy 
— = 1— [3a] 
RNCL C 
where Apo, the film thickness at the trailing edge may be 
written 


Wyo =c [1 + € cos (64 + B)] [4a] 
For 64 = 64, the carryover flow given by Eq. [3a] equals 
that given by Eq. |1la]. When the carryover flows as 
given by Eq. [la] and Eq. [3a] were both plotted 
against 64, the point of intersection yielded 6,4 the 
desired angle. Once 64 was determined, the various per- 
formance characteristics were obtained by interpolation. 

TABLE 2 


Performance for Active Film Arcs of 90 Degrees Interpolated 
from Table 1 such that p = 0p/00 = 0 at End of Arc (L/D = 1) 








z Q a, 

€ 6, n/c a/B s faCL fiCL 
0.1 113.2 -900 -409 7.69 2.92 -0695 
0.2 113.0 -800 416 2.99 2.70 +137 
0.4 111.6 -600 437 -790 2.25 +273 
0.6 109.6 -4o0 471 -2he 1.77 -400 
0.8 106.1 +200 545 0599 1.26 “545 
0.9 102.8 -100 626 0212 1.02 -639 
0.97 100.1 -030 +735 + 00495 -850 -T12 





























Table 2 shows the values of 64 for each ¢ and some inter- 
polated performance characteristics for the bearing arc 
So 90". 

Figure 7 illustrates the method used to obtain the 
various performance charts. In Fig. 7 the minimum film 
thickness variable, 4,/C, is plotted against the bearing 
characteristic number, S, giving a curve for each film 
extent #’. Directly below, the input flow variable 
Q;/RNCL = Q,/RNCL is plotted against S for each 
film extent.1° (The values in Table 2 define the curves 
marked 6’ = 90°.) Lines of constant A,/C in the lower 
portion of Fig. 7 can be obtained by the method of 
projection indicated. In this manner Chart 1 may be 





10 In the present analysis the carryover flow is assumed avail- 
able for recirculation, hence for the classical and reduced flow 
conditions the input flow required from the external source equals 
the hydrodynamic side flow. The situation for the flooded condi- 
tions is discussed in part C of the appendix. 
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Fic. 7. Method for developing performance charts 


developed. The charts for the other performance variables 
can be obtained in a similar fashion. 


ANALYSIS OF FRICTION IN CAVITATED REGION 


From the computer solutions the coefficient of friction 
variable, f, (R/C) for the load carrying or active arc was 
obtained. The coefficient of friction variable for the 
entire bearing, f (R/C), may be written 


(Ban(S)+(2) os 


where f, (R/C) is the component due to shearing of lubri- 
cant in the cavitated region. 

In the present analysis it is assumed that Qj, the 
lubricant supplied from an external source to make up 
for that lost due to side flow, does not contribute to 
bearing friction. This is equivalent to assuming that the 
make up lubricant is added at the point where the load 
carrying film begins. The friction in the cavitated region 
is therefore due to shearing of the carryover flow, Qo. 

If it is assumed that the viscosity u in the cavitated 
region is evaluated at ¢,, the mean oil film temperature 
used in calculating the bearing characteristic or S num- 
ber, the coefficient of friction variable for the cavitated 
region may be obtained as follows: The carryover flow 
in the cavitated region may be written 


uhL’ 
Op = ? = aRNAL’ [6a] 





where L’ is the effective lubricant film width, 4 is the 
film thickness at the particular location, and wu is the 
shaft velocity. Dividing each side of Eq. [6a] by RNCL 


gives 

Qo th Lx 

—=>— | — [7a] 
RNCL Cc *<z 


The shear stress at any location may be written 


u 2aRNu 
I [8a] 
h h 
The differential shear area, dA, may be expressed 
dA = RL’dé [9a] 
Hence the differential friction force, dF, becomes 
2nR°NL’h 
dF, = tdA = ————— 40 [10a] 
h 
The film thickness, #4, at any location may be written 
h=C (1+ € cos 6) [11a] 


Substituting L’ from Eq. [7a] and / from Eq. [11a] into 
Eq. [10a] and integrating 


G2 
2R2NLuE =O do 
F, = | : | f [12a] 
c RNCL (1 + € cos 6)? 


A 











Now using the Sommerfeld number defined as 


uN /R\* 
= [13a] 
-*C 
and the coefficient of friction defined as 
iene [14a] 
c= 14a 
W 


Eq. [12a] may be written 


R Qo ra 
(2) =f sc] Sectoae 
c RNCL (1 + € cos @)* 


A 





where 


6, = x+ (690 — ¢) cavitated film begins here 
6. = 3x— (a+ ¢) cavitated film ends here 


R 
Eq. [15a] was integrated in closed form to obtain f, (= ) 


DETERMINATION OF MEAN OPERATING TEMPERATURE 


In general, the heat generated by viscous shear in a 
bearing is dissipated by two means: 





an os m= & «ime 


i 
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(1) By convection to the hydrodynamic side flow Q, 
and, in the case of flooded operation, by side flow, Q., 
from the unloaded region due to an input flow rate, Qi, 
greater than the hydrodynamic side flow Q,. The flow 
Q, may be written 


Q. = (Qo + Qi) —Q 


where Qp is the carryover flow and Q is the flow required 
at the beginning of the load carrying film to maintain the 
film extent. In the flooded case Q is equal to the classical 
lubricant supply rate. 

(2) By conduction via the bearing and shaft. 


Case (a) Analysis Assuming No Heat Dissipated by Con- 
duction 

The following assumptions are made: 

(1) The supply pressure existing in the top half of 
the bearing necessary to maintain the input flow, Qi, is 
small compared to the unit loading and therefore the 
pressure does not influence bearing performance directly. 

(2) There is complete mixing of the inlet oil, Q;, and 
Qo, the heated carryover flow. 

(3) The input flow Q; does not materially increase the 
bearing friction in the cavitated region. 

Consider the bearing of Fig. 3 operating in a flooded 
condition. A heat balance in the vicinity of the line of 
centers gives 


Qiti + Qoto — Ot* — Ot, = 0 [16a] 


Where ¢o is the temperature of Qo, the carryover flow, t* 
is the temperature of the lubricant entering the load 
carrying arc, ¢, is the temperature of the side flow, Q., 
from the unloaded region. By the assumption of complete 
mixing, ¢* equals ¢,. It is further assumed that the 
average film temperature, ¢,, may be written 


to + t* 
‘i= [17a] 
4 





Using Eqs. [16a] and [17a] it can be shown that 


2 (t, — ti) 

to — * = ——_—_——_ [18a] 
Qo 
14. 3. 


t 


Now consider an energy balance on the lubricant film. 
The total power loss, H, in the bearing is 


2nRN fW 
H = ————_ 
550 & 12 
The power absorbed by the hydrodynamic side flow is 
J Qs yc (ts — t*) 
i= 
ps0 X 1z 


[19a] 





[20a] 


where J is the mechanical equivalent of heat, y is the 
weight per unit volume of the lubricant and c is the 
specific heat of the lubricant. 


The power absorbed by the carryover flow is 


J Qo ye (to — t*) 








| 21a] 
390 < 12 
For zero heat conduction 
H =H, + Ho 
It can be shown that 
Jyc (to — t*) sxj(<) 
—————“(—= [22a| 
. ae | peel 
RNCL 2 Q 


Letting At, = ¢, — ¢; and substituting (t9 — ¢*) from 
Eq. [18a] into Eq. [22a] gives 


$ at - 
JycAt, ai 0; [23a] 
' QO. Q 
|” @ JL RNCL | 


Although Eq. [23a] was derived assuming flooded 
operation, it reduces to the correct form for the classical 
and reduced flow cases, where Q; equals Q,. 




















Case (b) Analysis Including Effect of Heat Conduction 
to the Bearing and Shaft 


The three numbered assumptions used in case (a) also 
apply in the present case. Let 


H 


where H;, = power dissipated by conduction. 
Consider an energy balance on the bearing 


H=H,+ 84, + dA, | 25a] 
Substituting Eq. [24a] in Eq. [25a] gives 
H (1 —Ay) = H,+ Ho [26a] 


Letting At, = t, — t;, substituting Eqs. [19a], | 20a], 
[21a] in [26a] and simplifying gives 


: + s 
+2 oni(2)] 
——__ = —| [27a] 
(1—A)P 0. Q 


 ceualinn 
| a JL Ret J 


where Aft, is the temperature rise that would occur for 
zero conduction. Defining ¢,’ as the mean film temperature 
existing when heat is also dissipated by conduction and 
letting At,’ equal (t,’ — ¢;) 


At,’ = (1 —1) At, [28a] 


JycAt, 
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Clearance Considerations in Pivoted Pad 
Journal Bearings 


By J. BOYD" and A. A. RAIMONDI? 


The effect of pad curvature (fitted pads, clearance pads) on load capacity is analyzed. A 
potential form of pad instability (“spragging”) is discussed and means of controlling it shown. 


Nomenclature S = Sommerfeld number = (R/C)? (uN/P), 
dimensionless 

a= angle from pivot to point of tangency of 
pad, deg 

6 = angle from pivot to leading and trailing edge 


W = total load on bearing, Ib 
P = load per unit projected area = W/2RL, psi 
W; = radial load on ith pad, Ib 


P’; = load per unit pad area = W;/BL, psi of pad, deg 

U = peripheral speed, in./sec @ = angle from line of centers of journal and 
N = journal speed, rps bearing to pad pivot, deg 

n = number of pads, dimensionless k = proportion of total circumference occupied 

r;, R = journal radius, in. by pads, dimensionless 

r, — bearing radius, in. At = temperature rise, deg F 

r, = pad radius, in. (At), — temperature rise across most heavily loaded 
C = bearing radial clearance = r, — fj, in. pad, deg F 


i y : Y = weight per unit volume, Ib /in* 
C = pad radial clearance = r, — 7j, in. c = specific heat, BTU/Ib deg F 


e=eccentricity of journal with respect to J = mechanical equivalent of heat = 9336 in 
bearing, in. lb/BTU 

e = eccentricity of journal with respect to pad, 
in. Introduction 


€ = eccentricity ratio of journal with respect to 


: é IN a previous paper (1), the authors presented an analysis 
bearing = e/C, dimensionless 


of the pivoted pad journal bearing which compared its 


€ = eccentricity ratio of journal with respect to performance with that of the plain journal bearing. The 

pad = e/C, dimensionless paper also included an analysis of the manner in which 

B = length of pad in direction of motion, in. performance is influenced by the number of pads, the pad 
L =length of pad or bearing in axial direction, proportions, and the type of loading. The effect of chang- 
i ing the radius of the pad was mentioned but not studied. 

h, = film thickness at pivot position, in. Since pad radius can be varied independently of the 
h, = film thickness at inlet of pad, in. radial clearance of the bearing, wide variations in radius 
hy = film thickness at outlet of pad, in. and clearance are found in practice. The question there- 


fore arises as to how such variations affect performance 
and whether or not an optimum value exists. The authors 
are not aware of any prior efforts to clarify this point, 
which becomes quite important when dealing with low 
viscosity fluids where pad surface profile has been found 
to be highly important (2, 3). 

In addition to analyzing the influence of pad radius on 
performance, the paper calls attention to the phenomena 
of “spragging” which can occur in pivoted pad bearings. 
Spragging usually does not cause difficulty in ordinary 
application of pivoted pad bearings but it is a phe- 


h’ = film thickness at either end of pad in Fig. 12, 
in. 
Ay = minimum film thickness of pad, in. 
hy» = minimum film thickness of most heavily 
loaded pad, in. 
a = film thickness ratio = /,/hz2, dimensionless 
= equivalent crown, in. 
uu = viscosity of lubricant, lb sec/in? 





Contributed to the American Society of Lubrication Engineers 
by the authors. Manuscript received April 2, 1962. 


1 Manager; Lubrication, Wear and Friction Section, Mechanics a which should be taken into account when deal- 
Dept., Westinghouse Research Center, Pittsburgh 35, Pennsylvania. ing with high speeds and low viscosity lubricants. Sprag- 

2 Fellow Engineer, Mechanics Dept., Westinghouse Research ging is shown to be a function of pad radius. Methods of 
Center, Pittsburgh 35, Pennsylvania. controlling spragging are indicated. 
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Concentric Configuration 


of Pads. No Rotation 
(a) 


(b) 


- Divergent Film 


C) 


Idealized Configuration 
of Pads with Rotation 


Possible "Spragged" 
Configuration of One Pad 
(c) 


Fic. 1. Pad configurations for pivoted pad journal bearing 


Effect of pad radius on performance 


If the journal of a pivoted pad bearing which has the 
pad configuration of Fig. la at zero load and zero speed 
is set in motion, it is usually assumed that the various 
pads will each align themselves so that the film between 
each pad and the journal will be convergent as shown in 
Fig. 1b. Under these conditions each pad will adjust it- 
self individually to the particular inclination which is 
dictated by the load on the pad and the speed of the 
journal. Once the bearing is operating with this con- 
figuration, the pads will continue to adjust themselves 
automatically to any changes in speed or load that occur. 

Although the film between each bearing pad and the 
journal behaves in exactly the same manner as some 
equivalent journal bearing, it would be a complicated 
procedure to determine the properties of a pivoted pad 
journal bearing by the mathematical methods usually 
applied to journal bearings. For this reason, the present 


LLLLLLLLLL LLL AAAALL LAMM 





i>, 
> 


a-Flat pad on 
flat runner 
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b-Crowned pad on 
flat runner 
Fic. 2. Pad film shapes 


analysis will use the much simpler method employed in 
the previous paper, which is to treat each pad separately 
using pivoted pad bearing theory. The previous paper, 
however, considered the problem on the basis of a flat 
pad on a flat runner (see Fig. 2a). Because the pads and 
the journal will, in general, be machined to different diam- 
eters (see Fig. 4, below) and because the space between 
any pad and the journal will vary with operating con- 
ditions, a better approximation to actual conditions can 
be made by an analysis based on a crowned pad as shown 
in Fig. 2b. Employing this analysis (see references 2 and 
3), the journal bearing pad of Fig. 3 will be considered to 
be equivalent to the crowned pad of Fig. 2b. It will be 
noticed that the equivalent crown 6 is a function of the 
journal position with respect to the pad as well as the 
pad and journal radii. With the correction for equivalent 








Equiv. Crown 
5 


Fic. 3. Equivalent crown on pivoted pad journal bearing 
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Fic. 4. Radius nomenclature 


crown, it is felt that this approach provides a simple but 
comparatively accurate analysis. 

In order to show the effect of clearance on performance, 
it is convenient to introduce the ratio C/C which will be 


called the pad clearance ratio. By definition, C/C = 
(rp — r;j)/(% — 7;), where rp, r;, and r, are the radii of 
the pad, the journal, and the bearing, respectively (see 
Fig. 4). It is not the intent of the present paper to cover 
the effect of clearance considerations on all the possible 
bearing variables, but rather to indicate the general man- 
ner in which these considerations influence performance. 
This will be done for a 4 pad bearing with centrally- 
pivoted square pads (L/B = 1) and loaded as shown 
in Fig. 5a. 

One can either express performance in terms of: (a) 
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Fic. 5a. Minimum film thickness variable for most heavily 
loaded pad versus bearing characteristic number for pivoted pad 
bearing with four pads, assuming: no film rupture, loading as 
shown. 
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Fic. 5b. Minimum film thickness variable for most heavily 
loaded pad versus bearing characteristic number for pivoted pad 
bearing with four pads, assuming: film rupture, loading as shown. 


the load which can be carried at a given film thickness 
or; (8) the film thickness which exists at a given load 
or at a given value of S (where S = (R/C)? (uN /P) 
and R = radius of the journal). For present purposes, 
the film thickness at the point of closest approach on 
the most heavily loaded pad (written dimensionlessly as 
h,,/C) will be determined as a function of S in the manner 
given in the Appendix. 

Figs. 5a,b show plots of the relation of 4,,/C and S for 


various values of the pad clearance ratio C/C. Fig. 5a is 
plotted for the case when it is assumed that the film does 
not rupture (Type 1 boundary condition in reference 3) 
and Fig. 5b is plotted for the case when it is assumed that 
the film does rupture (Type 2 boundary condition in 
reference 3). The figures also show the corresponding 
minimum film thickness of a plain journal bearing having 
the same clearance C = r, —7r;, and the same length to 
diameter ratio (L/D = 0.590) as the pivoted pad bear- 
ing. 

The effect of pad clearance ratio is immediately ap- 
parent from Figs. 5a,b. It will be noted that the curve 
for C/C = 1, which is the configuration used in the 
previous paper, lies below the curve for the plain journal 
bearing as was previously found to be the case. The 
minimum film thickness is not greatly reduced by in- 
creasing the pad clearance ratio to 2 but falls off rapidly, 
particularly at the lower S numbers, as C/C is increased 
to 4 or 10. 
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Fic. 6. Effect of pad clearance ratio C/C on temperature rise 
across most heavily loaded pad. 


A comparison of Figs. 5a,b show that the assumption 
of whether or not the film ruptures has little effect on 
the load capacity. 

The temperature rise across the most heavily loaded 
pad plotted in dimensionless form for various values of 


C/C is shown in Fig. 6. Here, raising the pad clearance 
ratio C/C has the favorable effect of lowering the tem- 
perature rise, thus mitigating somewhat the loss in load 
capacity. 

The case for a pivoted pad bearing with fitted pads 
(C/C = 0) is not shown in Figs. 5 and 6 because it 
requires solutions for pads with negative crowns which 
were not available. Since the fitted pad has a high ten- 
dency to sprag, as will be discussed subsequently, no 
attempt was made to solve the case for C/C = 0. 


The phenomena of spragging 


As previously mentioned, spragging usually does not 
cause difficulty in ordinary applications. Although pivoted 
pad bearings are widely used in steam turbines, for ex- 
ample, the authors are not aware of any trouble that 
could clearly be attributed to the phenomena. Spragging 
is, however, encountered in the laboratory on lightly 
loaded vertical shafts. There is, therefore, the possibility 
that spragging may be experienced in applications involv- 
ing light loads, high speeds, and low viscosity lubricants. 
The basis for the phenomena can be understood by refer- 
ence to Fig. 1. 

If a pad (usually an unloaded or lightly loaded pad), 
instead of taking the configuration shown in Fig. 1b, 
happens to become tipped so that it either touches or is 
closer to the journal along the edge where lubricant is 
drawn beneath the pad, a completely different situation 
exists (see Fig. 1c). The divergent film thus created 
causes the film pressure between the pad and the journal 
to fall. This sucks the leading edge tighter against the 
journal, thereby aggravating and perpetuating the con- 
dition. 


If the journal is very lightly loaded, the decrease in 
pressure at one pad will change the load on the other 
pads and cause the journal to shift its position in the 
bearing. Sometimes this results in the progressive sprag- 
ging of each pad in succession as the journal migrates 
throughout the clearance space. This is often accom- 
panied by the production of a distinct rattling sound. 
The phenomena of spragging can, therefore, produce a 
type of “instability” in the pivoted pad bearing which is 
normally regarded as highly stable. 


Conditions for the elimination of spragging 


Since the conditions which cause spragging are brought 
about by a divergent film at the inlet to the pad, one 
method of avoiding the condition is to prevent the pad 
from tipping to the divergent position by the installation 
of stops or springs (see Fig. 7). This, of course, neces- 
sitates restricting rotation to one direction. 

An alternate method is to so choose the bearing propor- 
tions that the pads automatically realign themselves if 
for some reason they become tipped in the wrong direc- 
tion. To determine the proper proportions, it will be as- 
sumed that, since spragging is the result of divergence in 
the inlet film, the greatest tendency toward spragging 
will take place where the possibility of divergence is the 
greatest. This occurs at that portion of the bearing which 
is diametrically opposite to the direction in which the 
journal is displaced. Thus, the most lightly loaded pads 
are the ones most likely to sprag. 

The tendency of the pad to be pulled tighter against 
the journal as a result of the divergent film region can 
be offset by ensuring that there is a convergent film region 
ahead of the point of tangency, T (see Fig. 8). It can 
be shown experimentally that, even though the pad is 
initially in contact with the journal, such a convergent 
film region (provided it is of reasonable size) will funnel 
an increasing amount of lubricant beneath the pad until 
the pad tips in the opposite direction. Once tipped in the 
proper direction, it will automatically continue to main- 
tain the correct inclination. 

A convergent region at the inlet to the pad can be 








Fic. 7. Method of avoiding divergent film at inlet by the use 
of stops or springs. 
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Point of Tongency 





Convergent Film 
Region 


Divergent Film 
Region 


Fic. 8. Pad geometry providing convergent film at inlet to 
pad. 











Fic. 9. Methods of ensuring convergent film at inlet to pad for 
low values of pad clearance ratio, C/C. 


obtained in two ways: (a) choosing the various radii and 
clearances in the bearing so that a convergent region is 
established ahead of the point of tangency (as in Fig. 8); 
(6) relieving the leading edge of the pad (as in Fig. 9). 
The value of the pad clearance ratio C/C necessary to 
ensure convergence can be established as follows. It is 
shown in the Appendix that for any given pad clearance 
ratio, the angle, a, between the pivot and the point of 
tangency is given by the following equation (which is 

shown plotted in Fig. 10): 

= Z 
Cc/C = ——— [1] 
1— cosa 

For a given pad angle f the condition necessary to en- 
sure a convergent film at the inlet is that a be less than 6 
(see Fig. 10). Thus if 8 = 40° and if a be taken to be 
some proportion of 6, say a = 0.75 8, the corresponding 
value of a would be 30°. The pad clearance ratio neces- 
sary to satisfy the geometrical relations for the given 
pad would therefore be C/C = 14.85. The high value of 
this ratio (which increases rapidly as B, and therefore a, 


becomes smaller) can either be obtained by making C — 
(r, —rj;) large or making C = (7, —1;) small. 
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Fic. 10. Angular distance from pivot to point of tangency 


for various pad clearance ratios, C/C. 


As the former of these alternatives results in a loss of 
load capacity, as was shown previously, and the latter 
produces a tight bearing with high friction losses, it may 
be desirable to provide the convergence by relieving the 
edges of the pads as shown in Fig. 9. Various possible 
configurations are indicated. 

Since the pad clearance ratio for a fitted pad is zero, 
it is not possible to provide a convergent film ahead of the 
point of tangency and still maintain a finite bearing 
clearance. This fact is borne out by Fig. 10. It therefore 
follows that a fitted pad has a high tendency to sprag. 
This analysis indicates that centrally-pivoted pads should 
not be made fitted. That satisfactory operation with fitted 
pads is possible can be due to: (a) operation where sprag- 
ging is of no consequence; (5) the pads actually become 
crowned by deformations due to load and temperature; 
(c) inadvertent crowning due to peculiarities of the manu- 
facturing technique; (d) variation of viscosity along the 
pad. Thus, particularly for bearings werking in low vis- 
cosity fluids (water, liquid metals, gases, etc.), the present 
analysis indicates that the use of fitted pads for centrally- 
pivoted bearings is suspect. 


Conclusions 


The analysis shows that the load capacity of a pivoted 
pad journal bearing is affected by the pad clearance ratio 
C/C. With a pad clearance ratio of 1 or 2, the film thick- 
ness for a four pad bearing is about 25% less than for 
the equivalent plain journal bearing. As C/C is increased, 
the film thickness, and hence, the load capacity rapidly 
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decreases; however, the temperature rise across the most 
heavily loaded pad is reduced. 

The analysis also shows that the pad clearance ratio 
has an important influence on “spragging,” a phenomena 
which has been observed in the laboratory. Fitted pads 
show a high tendency to sprag. 

Spragging can be controlled by: 


(a) introducing stops or springs to prevent improper 
tipping of the pads; 

(6) choosing a value of the pad clearance ratio which 
permits the pads to automatically realign them- 
selves; 

(c) relieving the leading edge of the pads. 
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Appendix 
RELATION BETWEEN @ AND C/C 


The relation between a and C/C can be established 
with the aid of Fig. 11. In this figure the journal has 
been given its maximum displacement with respect to the 
pad whose pivot is at V. The distance, MN, therefore is 
twice the radial bearing clearance. In Fig. 11, the journal 
with center at O; has been displaced horizontally to the 
left with respect to the bearing center O,, an amount 
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Fic. 11. Geometrical relations for assuming convergent film at 
inlet to pad. 


equal to the radial bearing clearance C. The pad is pic- 
tured tipped so that it touches the journal at the point 
of tangency 7. From the figure: 


FO, = PQ 
and 


: GO, (r,—7;) sina 
sin y = = 
To lp 








Since (7, — rj) is small, (r, — r;)/r, is very small and y 
is very small. Consequently PQ is essentially equal to 
MN. Therefore, 





FO, = MN 
or 
(rp —7rj)(1— cos a) = 2 (r, —7;) 
and 
rp—T; 9 2 
=== ——_ [1] 
ry — Pj Cc 1—cosa 


which is identical to Eq. |1] of the text. 


EXPRESSION FOR EQUIVALENT CROWN AND 
RELATIVE CROWN 


If a journal is given a displacement e from its con- 
centric position in a bearing, the equivalent crown for a 
pad located at a general angle q@, from the direction of the 
displacement can be determined with the aid of Fig. 12. 

A convenient way of doing this is to imagine the pad 
rotated from its normal running position and aligned so 
that the inlet and outlet film thickness are equal. This 
means that the center of the pad O, will then lie on the 
line connecting O; with the pivot point as shown. Using C 
and ¢ for the clearance and the eccentricity of the journal 

















Fic. 12. Geometrical relations for determining equivalent crown 
of pad. 
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with respect to the pad and proceeding in a manner 
familiar from conventional bearing analysis, the film 
thickness /’ at either end of the pad is given by 


h’ = C—ecosh [2] 
and the film thickness at the pivot is 
hp =C—e [3] 
from which the equivalent crown 5 becomes 
5 = h’ —h, =e (1 — cos) [4] 


The distance #, can also be written in terms of C and e, 
the clearance and the eccentricity of the journal with 
respect to the bearing radius. Thus 


h, = C—ecos@ [5] 
Hence, substituting [5] in [3] gives 
C—e=C—ecos@ [6] 
Dividing [4] by [5] gives the relative crown 5//, as 
ny) e (1 —cos B) 
Iy " C—ecos@ 
which upon writing ¢ —=C— (C — e cos @) reduces to 
8  [C/C—(1—Eecos@)] (1—cos) 


~~ [7] 
hy (1 —e cos @) 





where ¢ is the eccentricity ratio of the journal with respect 
to the bearing. This expression permits the relative crown 


to be calculated for any assumed bearing goemetry. The 
relative crown in turn permits calculation of the load 
capacity of the pad as will be seen below. 


CALCULATION OF LOAD CAPACITY AND 
TEMPERATURE RISE 


It has been shown in references 2 and 3 that once the 
ratio 
crown 5 





min. film thickness ia le 


is known, the load variable,* Wj */uwUBL, is deter- 
mined [see for example, in reference 3, Fig. 21].* The 
values of these quantities which were used for the present 
report were taken from Figs. 11 and 21 (3), and are listed 
in Table 1 and plotted in Figs. 13 and 14. It will be noted 
that if 5/4» is equal to or less than 0.5, one gets the same 
values for the various parameters regardless of whether 
or not film rupture is assumed. Above 0.5, the rupture 
assumption makes little difference in the load variable 
but the film ratio @ = h,/h2 becomes much greater as 
5/Ao increases. It appears, however, that a does not go 
to infinity but approaches a finite value. 

Based on the data in the first three columns of Table 
1, the corresponding quantities in the other succeeding 
columns were calculated as follows: 





3 Also, the other performance variables, e.g. (At) ;/P;’. 

4 The subscript 7 has been introduced to distinguish the load on 
an individual pad W,, from the total load on the bearing W. A 
similar interpretation should be given (Af). 


TABLE 1 
Load and Film Shape Parameters for Crowned Pad with Central Pivot, L/B = 1 




















Why?” Wh,” 1 c 
5/hy a nUBPAL b/h, d/h, uwUB2L Jyc(At) ,/P;’ 
Assuming no 0.0 1.00 0 0 0 0 0 
film rupture 0.1 1.30 0.0645 0.0994 0.0946 0.0720 0.0297 
0.5 2.20 0.0780 0.469 0.415 0.113 0.0726 
1.0 2.95 0.0730 0.847 0.752 0.129 0.0875 
2.0 4.00 0.0560 1.398 ey 0.138 0.0945 
3.0 4.95 0.0430 1.831 1.60 0.151 0.0998 
4.0 5.86 0.0340 2.21 1.81 0.166 0.104 
5.0 6.00 0.0260 2.52 1.96 0.168 0.108 
26.554 12.004 0.00334 4.72 2.65 0.331 -= 
Assuming 0 1.00 0 0 0 0 0 
film rupture 0.1 1.30 0.0645 0.0994 0.0946 0.0720 0.0297 
0.5 2.20 0.0780 0.469 0.415 0.113 0.0726 
1.0 2.95 0.0740 0.847 0.752 0.132 0.0875 
2.0 3.65 0.0600 1.330 1.34 0.134 0.0997 
3.0 3.90 0.0460 1.59 1.85 0.121 0.105 
4.0 3.85 0.0390 1.70 2.37 0.112 0.107 
5.0 3.40 0.0330 1.65 2.83 0.103 0.106 





@ From Fig. 11 of reference 3 

» From Fig. 21 of reference 3. 

¢ Calculated from data not reported in reference 3. 
@ Subsequent calculation. 
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Equation [8] is derived by solving Eq. [7] of reference 3 
for 5/hy. The quantity 5//, in Table 1 is calculated from 


ry) d/h» 
—= [9] 


My (=) —d/he 
2 


Equation [9] is derived from Eq. [5] of reference 3 by 
setting x — B/2 which makes 4 = 4h,, and solving the 
resulting expression for 5//p. 

The next-to-last column in Table 1 is obtained from 
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Fic. 13. Load variable and temperature rise variable versus 
relative crown for crowned pad. 
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Fic. 14. Film ratio versus relative crown for crowned pad 


the data in the preceding columns in the following man- 
ner: 
Wh," W iy” is = 
= : [10] 
uUB*L wUBL d/h, 

The last column represents a dimensionless temperature 
rise which assumes that all of the heat caused by friction 
is effective in raising the lubricant temperature.® 

The relative crown 5/h, is shown plotted against a 
modified load variable, W;A,7/uwUB*L in Fig. 15. From 
this curve, the value of W,#,”/uUB*L for each pad of a 
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Fic. 15. Modified load variable and temperature rise variable 
versus relative crown for crowned pad. 


bearing can be determined for the value of 5/4, which 
corresponds to any assumed ¢, the relationship between 
5/h, and ¢ being given by Eq. [7]. 

To be able to sum up the load variables for the in- 
dividual pads of a given bearing, it is necessary to elimi- 
nate 4,, which varies between pads; this can be done by 
using Eq. [5]. Hence the load variable for an individual 
pad can be expressed as 


WiC? 1 Wih,? 
uUB2L (1—ecos@)? wUB*L 


The load variable for the complete bearing WC? 
uUB*L is the vector sum of the load variables (W;C, 
uU BL) of all the pads. It can be written in more familiar 
terms by substituting W = PDL, U = 2xRN and B = 
0.59D.® This gives, 


WC? C?\/P 0.228 
——— = 0.228 x {—](—_} = 
uUBL R?/ \ un Ss 


where S is the Sommerfeld number. 
Rather than plot S$ against the various assumed values 














® Here JycAt FU 
yr 
(0-2) 
2 


where F (friction force), Q (inflow), and Q, (side flow) are 
calculable from such an analysis as given in reference 3, although 
these quantities are not reported therein. 


2xR s 
6 B = ——k; taking n = 4 and k = 0.75 gives B = 0.59D. 
n 
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of €, it is more revealing to plot against 4,,/C, where 
h»/C is the value of 4o/C for the most heavily loaded 
pad; kh», is the point of closest approach between the 
most heavily loaded pad and the journal. The value of 
hy /C is given by 


tn In hy d/h 
—-=---— = (1 — cos g) 
Cc -® € oe 
The relation between /,,/C and S is shown plotted in 
Figs. 5a,b. 
The dimensionless temperature rise across the most 





heavily loaded pad shown in Fig. 6 is calculated for each 
assumed value of ¢ (hence, S) as 


Jyc(At)m  Jyc(At); Pi 
as 





where the values denoted by i are understood to be those 
corresponding to the most heavily loaded pad. The quan- 
tity P;’/P is given by 

P; W;/BL n (WiC?/uUB?L) 





P  W/2RL xk (WC2/WUB?L) 
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Liquid Metal Bearing Performance in Laminar and 
Turbulent Regimes 


By PAUL H. STAHLHUTH! and RICHARD J. TRIPPETT? 


The design and development of a high speed journal bearing test rig is described. Test results are 
presented for water and high temperature liquid potassium lubricated journal bearings. 

The test program included investigations of bearing torque, lubricant flow rate and stability 
limits for bearings operating in the laminar regime, through the transition to turbulent flow and 
in the turbulent flow regime. Torque vs. speed curves were obtained over a range of loads and 
bearing-journal clearance ratios. The test results are compared with predicted laminar bearing 
performance. Good correlation with theory was obtained in the laminar regime as indicated by 
plots of friction parameter vs. Reynolds number at zero load. The transition from laminar flow 
occurred at higher speeds than predicted by Taylor’s criterion under all conditions of load. Recorded 
bearing torques in the nonlaminar regimes were four to forty times as great as predicted by 
laminar theory. The results of the materials compatibility study which supplemented the bearing 


study are summarized. 


Nomenclature 
m> W ; 
A = bearing characteristic number = ———., di- 
2 D? ZN 
mensionless 
C = radial clearance, in. 
Cp = diametral clearance, in. 
Cr = correction factor = M;,/M,;, dimensionless 
D = bearing diameter, in. 
e = eccentricity, theoretical, in. 
g = gravitational constant = 386 in./sec” 
hy = minimum film thickness, in. 
— Mig 
K;=friction parameter = —————— X 6.22 X 
yN? DIL 
in \? sec\* ; 
10°: | — } & | —— }, dimensionless 
ft min 
L = bearing length, in. 
My, = indicated bearing torque, in.-lb 
m — clearance ratio — 1000(2C/D), dimensionless 
M; = journal or true bearing torque, in.-lb 
N = iournal speed, rpm 
Ne = laminar-turbulent critical speed, theoretical, 
rpm 
N.* = laminar-turbulent critical speed, experimental, 
rpm 





Contributed by the ASLE Technical Committee on Bearings 
and Bearing Lubrication and Presented at the Annual Meeting of 
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Missouri, May 1962. 

1 Manager, Mechanical Design Group, Sundstrand Aviation, 
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p; = lubricant supply pressure, psi 
Q = lubricant flow rate, gpm 


R, = Reynolds number, theoretical = 1 V Dho/v, di- 
mensionless 
R, = Reynolds number, theoretical = a VDC /v, di- 
mensionless 
R,.* = Reynolds number, experimental = a NDhAy/v, 
dimensionless 
R.* = Reynolds number, experimental = 2 NDC/v, 
dimensionless 
"Fr 
radial load, lb 


lubricant absolute viscosity, cp (inlet condi- 
tions) 


a = attitude angle measured from load line, deg 
€ = e/c, eccentricity ratio, dimensionless 
y = lubricant density, lb/ft* 


T = temperature, 
W 
Z 


v = lubricant inlet kinematic viscosity = 5.8 Z/y, 
in*/min 
Introduction 


THE performance of high speed journal bearings using 
liquid metal working fluids as lubricants is of great in- 
terest in space power machinery and other closed cycle 
and pump systems. Potassium, rubidium, sodium, NaK, 
mercury, and various molten salts are being considered or 
are being used in various closed loop systems at tempera- 
tures ranging from their melting points to above 1200 F. 
The experimental program reported in this paper has 
determined certain performance factors relating to power 
loss and stability of lightly loaded self-acting or hydro- 
dynamic journal bearings using water and molten potas- 
sium as lubricants. Lubricant film conditions covered the 
range from laminar flow through the critical transition 
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Fic. 1. Liquid metal bearing test mg assembly 


and on into the turbulent regime. The test conditions and 
bearing designs are listed in Table 1. 


Test Ric DESCRIPTION 


The experimental program was accomplished in test 
rigs, which were designed and developed to meet the dif- 
ficult environmental conditions listed in Table 1. A photo- 
graph of an assembled test rig is shown in Fig. 1. A photo- 
graph of the test bearing housing, shaft, and support 
bearings is shown in Fig. 2. A schematic drawing of the 


Lubricant Feed 
Support Bearings ) Line 



















Test Bearing And Housing 
Assembly (L/D=2.0) 


Fic. 2. Test bearing assembly, shaft, support bearings, and 
lubricant feed line. 


test rig is shown in Fig. 3 where the more significant fea- 
tures are illustrated. 

A pneumatic torque sensor was developed for use in the 
high temperature, corrosive environment. It is shown sche- 
matically in Fig. 4. The following features are note- 
worthy: (a) pneumatic torque sensor operates at test rig 
temperatures with torque range from zero to two inch- 
pounds; (b) torque sensor sensitive to less than 0.01 inch- 
pounds of applied torque; (c) torque sensor unaffected by 
changes of load, eccentricity, attitude angle, bearing 
clearance, or temperature. 
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Fic. 3. Liquid metal bearing test rig schematic 
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TABLE 1 
Test Conditions 





Shaft diameter (D) 1.00 inch 

Shaft material 316 stainless steel, chrome 
plated 

Test bearing operation Hydrodynamic 

Test bearing length (L) 2.00 inch 

L/D Ratio 2.0 

Radial clearance (C) 0.003 and 0.0018 inch 


Lubricant feed Single 0.125 inch diameter 
hole opposite load 

Bearing material Aluminum bronze 

Support bearing operation Hydrostatic plus hydrody- 
namic 

Support bearings (two) length 1.300 inch 

L/D Ratio 13 

0.003 and 0.0017 inch 

Two rows of 8 holes each, 
0.015 in. dia 


Aluminum bronze 


Radial clearance 
Lubricant feed 


Bearing material 
Shaft speed (VN) Zero to 24,000 rpm 
Radial load on test bearing (W) Zero to 50 pounds 


Lubricant supply pressure (~,) 30 psi above bearing am- 
bient 
Lubricant description 
Water Temp. (T) 70F 
Absolute 
viscosity (Z) 0.98 cp 
Density (y) 62.4 Ib per ft? 
Potassium Temp. 450 F 600 F 900 F 1200 F 
Absolute 
viscosity 0.275 0.225 0.169 0.141 cp 
Density 49.0 47.0 45.5 43.0 lb per 
ft3 
Test rig internal environment 
Water Temp. 70 F 
Pressure Room pressure 
Atmosphere Air 


450 F 600 F 900 F 1200 F 
0.10 0.10 0.40 4.00 psia 


Saturated K vapor—trace 
of argon 


Potassium Temp. 
Pressure 


Atmosphere 





Liguiw METAL Loop 


The liquid potassium bearing tests were accomplished 
with the bearing test rig installed in the liquid metal loop 
shown schematically in Fig. 5. 


Procedure 


A convenient quantitative design procedure is presented 
in Ref. (1) for journal bearings operating in the laminar 
regime. The techniques of Ref. (1) were used to prepare 
a family of predicted laminar bearing performance curves 
for the design conditions of Table 1. Laminar journal 
torques were calculated as a function of radial load for a 
range of speeds and viscosities. The most significant test 
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Fic. 4. Liquid metal bearing rig torque sensor schematic 


data were the continuous plots of indicated bearing torque 
(Mx) vs. speed (N) for various radial loads (W). In 
order to compare this form of performance data with 
theory during the testing the theoretical laminar journal 
torques were presented in a modified manner. 


(a) The theoretical torque values refer to true journal 
or bearing torque (M;), deriving solely from the fluid film 
viscous shear forces. The measured torques, however, were 
taken from the test bearing assembly and are not true 
journal torques due to the influence of the applied radial 
load and bearing eccentricity. The measured or indicated 
bearing torque is defined as follows: 


My, = M; — We sina [1] 


Bearing eccentricity (e) and attitude angle (a) were 
not measured in this program, thus the experimentally 
measured bearing torque could not be corrected. The 
theoretical journal torques calculated by the method of 
Ref. (1) can, however, be corrected for the load-eccentric- 
ity effect by computing the theoretical eccentricity and 
attitude angles. 


(b) The theoretical performance curves were presented 
as torque vs. load for constant speed while the experi- 
mental data were presented in terms of torque vs. speed 
for constant load. Accordingly, the theoretical curves were 
replotted with speed as the abscissa and load as the 
independent variable. 


The modified theoretical laminar flow bearing perform- 
ance curves were plotted in the same form used to 
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record the test data. Subsequent test data could thus be 
compared directly with theory for correlation. 

The theoretical critical transition speed (Nc) was 
calculated from Eq. [1] derived from Ref. (2). 


26.2 Vv 
(D)"2(Cp)8# 


The theoretical critical Reynolds number R, at zero 
load was calculated from Eq. [2], based on Reference (2). 


[2] 


N Cc — 
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Bearing testing 


Torque vs. load (bellows pressure) calibrations were 
obtained before and after each test run. Hydrostatic gas 
lubrication was used in the support bearings during the 
torque calibration to give an essentially frictionless sup- 
port of the test bearing and shaft. Weights of known 
values were then suspended from an arm on the side of 
the test bearing housing to establish a series of torques. 
The torque sensor output was continuously plotted vs. 
radial load on an X-Y plotter for the series of applied 
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Fic. 5. Liquid metal loop schematic 
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Fic. 6. Experimental bearing torque M, vs. journal speed N water at 70 F, load 0 pounds 


establishing a radial load and then repeatedly varying 
speed from the minimum needed to carry the load to the 
maximum stable speed, or 24,000 rpm. The repeatability 
of the data was quickly verified in this manner and all 
test results are based on multiple runs with both slow 
and fast excursions through the speed range. 

Similar procedures were followed for the potassium 
tests except that sufficient soak time was allowed to 
stabilize the test rig and liquid metal lubricant tempera- 
tures. 

A representative sampling of the test data is shown in 
Figs. 6 through 9. Both laminar and turbulent operations 
are recorded here for a range of loads, speeds, clearances 
and lubricants. The total amount of recorded test data is 
too voluminous to include but is presented in Ref. (3). 

The theoretical bearing torques, calculated for laminar 
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Fic. 7. Experimental bearing torque My vs. journal speed N 
water at 70 F, load 45 pounds. 


operation by the procedures of Ref. (1) were superim- 
posed on the test data sheets as indicated in Figs. 6 
through 9. The use of an X-Y plotter to record the torque 
vs. speed data permitted direct visual comparisons of 
theoretical and experimental results. Boundary lubrica- 
tion, the beginning of hydrodynamic operation, transition 
to turbulent operation and bearing instability can all be 
seen in this type of data presentation. 
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Fic. 8. Experimental bearing torque M,, vs. journal speed NV 
potassium at 450 F, load 20 pounds. 





432 








Paut H. STAHLHUTH AND RICHARD J. TRIPPETT 





fist il | ye 
| Test Bearing Instability ied 
t || 








0.3055 


suds Heesa acest 











Thad tate 
il 
iis 








— 
= 
= 
@ 














0.15= 


Bearing Torque Mg In Lbs 


get dtas tts, th att Ge «008 
| ¥, aft! i 


1 | Load =30 Lbs 








} et 
: ad | 








T + ] a. 
} Patt Potassium At 450 F 
iauees geeee taaal 1a See Eeees Seen eewey CSUES Weees Leese Eee 

| } 

+ 


| 
1 

| | 

} | 
j 





| | 
220.272 Centipoise 





Fic. 9. Experimental bearing torque M,, vs. journal speed N 


potassium at 


I | 








m Viscosity Z=0.2) 


ia seeees 





| ¥ 
Theoretical Curve (Potassiu 

T | }4 ] 
2 4 6 8 10 12 14 16 18 20x10 





Journal Speed N (RPM) 


450 F, load 30 pounds. 





Je 
30} 
.28 
.26 
24 
22 


Bearing Flow (Q) GPM 
© 
| 


Test 















=0.0060 


S; 
o> 
<6 


Test Bearing Lubricont Flow 
Water At 70 F, 30PSIG 
D=1.00 

L=200 

Ch 0.0036 And 0.0060 
One Feed Hole Opposite 
Load (.125 Diameter) 


c D* 0.0036 


vs 
ed? 
» 


JERS ES Se res TR ast TE Se | 








2 4 6 8 10 l2 14 16 I8 20 


Journal Speed N(RPM) 
Fic. 10. Test bearing flow Q vs. journal speed N water at 70 F, 
30 psig. 


28 





.26 


.24 


2 








.20 
= 
a 
© 18 
7 gf. Total Radial Load——> W 
z Cp = 0.0036 
re 
5 Cp = 0.0060 nue 
e 12b 
a oO Support Bearing Lubricant Flow 
3 Water At 70 F, 30 PSIG 
B 08+ 
a D= 1.00 
_ L= 1.30 
“rT CD =0.0035 And 0.0060 
a 4b Two Beorings 
Two Rows Of Eight Feed Holes 
02 (0.015 Dia) Per Bearing 








! | | ! | | | i i 
0 2 4 6 8 1 12 14 6 18 20 
Journal Speed N(RPM) 


Fic. 11. Total flow of two support bearings Q vs. journal 
speed N water at 70 F, 30 psig. 





The lubricant supply pressure (~,) to the support and 
test bearings was maintained at 30 psig above the bearing 
ambient pressure. The effects of load, speed, clearance and 
feed hole variations on the lubricant flow rate under con- 
stant supply pressure conditions are shown in Figs. 10 
and 11. 


Analysis of results 


The following observations were apparent from a 
study of the raw test data: 


(a) During operation in the laminar-hydrodynamic 
regime, the predicted bearing torques corresponded 
closely to the experimental bearing torques. 

(b) The theoretical laminar bearing torques include 
corrections for calculated eccentricity and attitude angle 
effects on measured torque. Thus, since laminar hydro- 
dynamic theory (1) provided an accurate prediction of 
laminar bearing torque, presumably the individual param- 
eters of journal torque, eccentricity and attitude angle 
were accurately determined for the lubricants used, in the 
laminar regime. 


(c) The slope of the indicated bearing torque vs. speed 
curves in the laminar regime was essentially independent 
of load. 


(d) The transition from laminar to turbulent bearing 
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operation was consistently recorded as a rather sharp 
increase in the slope of the torque-speed curves. 

(e) The onset of turbulence at zero load was delayed 
beyond the theoretical Nc values predicted by Ref. (2). 

(f) The onset of turbulence at finite loads up to 50 
pounds occurred at increasingly high speeds with the 
higher values of load. 

(g) The slopes of the indicated bearing torque curves 
in the turbulent regime were essentially identical for all 
tests under all conditions of load, speed, clearance, lubri- 
cant, and viscosity. 

(h) Lubricant flow through the hydrodynamic test 
bearing, under constant supply pressures, was reduced 
with increasing shaft speed, decreasing loads and de- 
creasing bearing clearance. 

(i) Lubricant flow through the hydrostatic support 
bearings under conditions of constant supply pressure 
was essentially independent of bearing clearance and 
radial load. The lubricant flow decreased with increasing 
shaft speeds. 


The above observations served as a guide in an attempt 
to simplify the test data presentation by collecting and 
smoothing the results on a family of curves. The results 
of this simplification are shown in Figs. 12, 13, and 14. 

Both water and potassium test data have been collected 
and presented here. A minimum of data shifting within 
the accuracy limitations was required to present the 
laminar results on a single independent of load. Similarly, 
the parallel nature of the torque curves of the turbulent 
bearings under all design conditions was consistently 
established by the test data. The determination of the 
transition speeds was not as accurately defined as might 
be inferred from the graphs in Figs. 12, 13, and 14. The 
spacing trends and total spread over the load range, how- 
ever, were clearly established in the data. With these 
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comments in mind, the significance of the simplified data 
can be determined. 

Figures 15, 16, and 17 are plots of the dimensionless 
friction parameter vs. Reynolds number, defined by inlet 
viscosity and radial clearance. The smoothed and col- 
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lected test data for the two water and one potassium 
lubricated tests were used to determine K; and R,*. The 
experimental journal torque (/;) of the loaded bearings 
was determined, based on the experimental laminar 
bearing torque (M,) and the correction factor (Cy) 
where Cy is a function of the bearing characteristic num- 
ber (A), from the data for hydrodynamic bearings 
(1). The nonlaminar experimental bearing torques were 
also corrected by the Cy values which were derived from 
laminar theory. Although the validity of this correction 
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is unproven without eccentricity data in the nonlaminar 
regime, the consistent correlation of the friction param- 
eter plots lends confidence to the assumption. 

The water lubricated bearing with 0.0018 inches radial 
clearance remained laminar throughout most of the range 
of tested speeds. Accordingly, the correlation seen in Fig. 
15 establishes confidence in the test technique. This 
bearing entered the transitional regime very smoothly at 
a Reynolds number of approximately 900. The theoretical 
critical Reynolds number was 685. 

Figure 16 represents the results of tests on the water 
lubricated bearing with a radial clearance of 0.003 inches. 
Again, the correlation in the laminar, zero load regime is 
quite good. The transition to nonlaminar operation was 
more abrupt with this bearing clearance. The transition 
again began at a Reynolds number of approximately 900 
with a predicted critical Reynolds number of 532. 

The potassium bearing test results are shown in Fig. 17. 
The bearing radial clearance was again 0.003 inches but 
the lubricant viscosity was 0.30 centipoise or about 30% 
of water viscosity. The data from this test was obtained 
from both the nonlaminar and boundary lubrication 
regimes. The only significant correlation in the laminar 
regime to be seen here is in regard to the critical Reynolds 
number of the extrapolated nonlaminar data. This bear- 
ing theoretically began the transition at a Reynolds 
number of 700 compared to the predicted value of 532 
for this clearance ratio. Higher loads delayed the onset 
of turbulence to even higher Reynolds numbers than 
observed in the identical bearing lubricated with water. 
Although the slope of the bearing torque vs. speed 
curves for this bearing was identical to that on the water 
lubricated tests, the friction parameter K, exhibits a 
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considerably greater deviation in the nonlaminar regime. 
Figure 14 also shows the boundary lubrication limits of 
this test. 


An attempt was made to evaluate the critical and non- 
laminar Reynolds numbers (R,*) for the three tests, 
using theoretical minimum film thicknesses instead of 
radial clearance. The results were inconclusive because 
the accuracy of the film thickness calculations in the non- 
laminar regime has not been established. 


Bearing material 


All dynamic bearing tests were accomplished using an 
aluminum bronze bearing sleeve material, supported in a 
type 316 stainless steel housing. The test journals were 
316 stainless steel, hard chrome plated and ground to a 
surface finish of 4 microinches. The bearing surface finish 
was better than 16 microinches. No corrosive or erosive 
damage was observed in these materials during the 
normal test program. One exception to this occurred 
during a test which was aborted due to oxide contamina- 
tion in the liquid potassium. In this case the bearings were 
severely corroded during the test rig temperature stabili- 
zation procedure. This procedure involved circulating 
600 F potassium for several hours with the shaft station- 
ary. When rotation was started, unusually high starting 
torques were recorded and boundary lubrication existed 
until relatively high speeds were reached. Hydrodynamic 


TABLE 2 
1200 F Materials Compatibility Study Results® 











Working Duration 
Sample fluid (hr) Remarks 

b K, Rb 100 Usable—no significant attack 

c K, Rb 100 Not usable—coating separated 

d K, Rb 100 Usable—no significant attack 

¢ K, Rb 100 Not usable—coating separated 

f K, Rb 100 Usable—no significant attack 

g K, Rb 100 Usable—no significant attack 

b K, Rb 900 Uniform surface attack—scale 

c — -- Not tested 

d K, Rb 900 Coating softened—porous di- 
mensional growth 

€ -- oo Not tested 

f Rb 900 Uniform surface attack—slight 

9 K, Rb 900 Usable—no significant attack 

h K, Rb 900 Crystalline growth on surface- 
etching 

i K, Rb 900 Usable—no significant attack 





@ All samples immersed in liquid at 1200 F with argon cover gas 
in clearance space. Samples and liquid contained in 316 stainless 
capsules. 

» Aluminum bronze SAE 68A. 

¢ Tungsten carbide flame plate on 316 stainless steel. 

4 Tungsten carbide with cobalt binder on Co-Cr-Ni base alloy. 

e Aluminum oxide flame sprayed on Co based alloy. 

f Copper (electrolytic grade). 

9 316 stainless steel. 

% Yellow brass. 

' Co-Cr-Ni base alloy. 


lubrication was then established at higher speeds with 
increasing loads. Although the torques were high (and 
recorded only in the turbulent regime), the torque vs. 
speed slope was identical to that recorded with un- 
damaged bearings. Inspection of the test hardware re- 
vealed that the bearings were severely corroded in static 
flow patterns with radial clearance increases of up to 
100% in many areas. In spite of this severe corrosive at- 
tack, the bearings started under loads of up to 50 pounds 
at 600 F and operated at speeds up to 24,000 rpm with no 
indication of galling, seizing or wear due to rotation. The 
high oxide contamination in the molten potassium was the 
sole contributor to the corrosive attack. 


Static corrosion tests were completed on a range of 
candidate materials. Test temperatures of 1200 F were 
maintained for 100 and 1000 hours on samples im- 
mersed in potassium, rubidium and mercury. Table 2 
summarizes these results. 


Conclusion 


Tests of water and molten potassium lubricated bear- 
ings in the laminar and nonlaminar regimes have been 
compared with theoretical predictions based on laminar 
bearing theory. Conventional hydrodynamic theory (1) 
accurately predicted the bearing performance using the 
above lubricants in the laminar regime. The critical 
transitional speeds predicted by Taylor’s criterion for 
concentric cylinders were significantly exceeded in every 
case. The use of larger clearances and/or lower viscosities 
increased the friction coefficients in the nonlaminar 
regime. 
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DISCUSSION 


Wi1iAM T. Snyper (State University of New York, Long Island 
Center, Oyster Bay, New York): 


The authors are to be commended for achieving results in an 
enormously sophisticated and complicated experimental configura- 
tion using liquid metals. The basic design of the apparatus appears 
to be sound and carefully done. Their technique of correcting the 
theoretical laminar torque for eccentricity in the absence of ex- 
perimentally determined bearing eccentricity appears to be valid. 
The good agreement between the measured and predicted torque 
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in the laminar regime would appear to support the validity of 
the experimental configuration and measurement techniques. 

The test in which severe bearing damage occurred due to oxide 
contamination in the molten potassium was revealing in that 
hydrodynamic lubrication could be established after the bearing 
had been damaged in the warm-up procedure and after operation 
in the boundary lubrication regime during the initiation of 
journal rotation. 

The wide discrepancy between observed critical speeds and 
the critical speed based on Taylor’s criterion for concentric 
cylinders is not surprising since the latter analysis does not con- 
sider a pressure gradient in the circumferential direction. In the 
journal bearing under load extremely large circumferential pres- 
sure gradients are developed, and it is well known that the in- 
fluence of a pressure gradient in stability analyses is generally 
very pronounced. 


E. S. Cain (Air Research, Phoenix, Arizona): 


It is interesting to note that the increase in the critical transition 
speed with load (or eccentricity) observed in this paper tends to 
confirm tests run by Cole! using kerosene and very large annular 
clearances of the order 1/5 of the radius. In Fig. 15.6 of that paper 
we noted that applying Taylor’s criteria at high load (¢ > 0.8) 
results in a critical speed of approximately double that which 
obtains for concentric cylinder (¢ = 0). Figure 13 in the authors’ 
paper (for water) has an experimental transition speed of 9000 
rpm at zero load versus 17,000 rpm at 50 Ib. Figure 17 for potas- 
sium shows a similar trend with load. This phenomenon will be 
very significant in application of liquid metal bearings to space 
systems. 

We notice in Figs. 8 and 9 that with potassium there seems 
to be a situation in which boundary lubrication suddenly shifts 
to turbulent lubrication with increasing speed. We might suggest 





1 Core, S. A., “Experiments on the Flow in Rotating Annular 
Clearances,” Proc. Conf. on Lubrication and Wear, London 
Paper No. 15 (October, 1957). 


here that the use of smaller clearances in combination with light 
loads might have resulted in a clearer definition of the laminar 
operation. The load-carrying capacity of a 1-in. diameter bearing 
with a diameter clearance of 0.006 is extremely small for 450F 
potassium, with the implication that boundary lubrication was 
unavoidable right up to the turbulent point. 

Meanwhile, the measurement of torque in this type of program 
is recognized as being one of the major problems and accordingly, 
the apparent success should be gratifying to the authors. 


AuTHors’ CLOSURE: 


We appreciate the thoughtful comments of the discussors. With 
regard to Mr. Snyder’s comments concerning the apparent delay 
in the onset of nonlaminar operation: it is recognized that the 
presence of a radial load and attendant pressure gradients should 
delay the transition. We noted, however, in all tests at light loads, 
including true zero loads, that a significant delay occurred. A 
typical example of this is seen in the experimental data of Fig. 6 
where the predicted N,, was 6300 while the experimental N,* 
occurred at 8900 rpm. The collected data on the potassium bearing 
test, Fig. 14, shows a less pronounced delay at zero load, although 
the transition at light loads (5 Ib and above) is significant. 

Mr. Cain suggests, correctly, that the use of smaller clearance 
ratios would delay the onset of nonlaminar lubrication. We 
planned, and started, a potassium lubricated test on a similar bear- 
ing where the radial clearance had been reduced from 0.0030 to 
0.0018 in. This test was designed to extend the test range down 
into the laminar regime. An upper speed limitation was expected 
in the form of bearing instability due to the relatively light unit 
loading involved. The test was not completed due to a costly 
failure in the liquid metal supply system. 

The relatively large clearances used throughout the program 
were selected to permit stable operation of the lightly loaded plain 
bearings to 24,000 rpm. Simple cylindrical bearings were used with 
no additional devices such as grooves or lobes to enhance the 
stability characteristics. A better evaluation of the lubricants 
involved could be made without complicating the bearing analysis. 
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